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PREFACE

This second edition represents a major update and revision of
the ASHRAE Air-Conditioning System Design Manuallhe
request that drove this revision affwvas simply to make a success-
ful resource more current. The revision process involved a thorough
editing of all text in the manuahe addition of S| units throughout,
the updating of references, and the editing of many illustrations.
New material dealing with designqaess, indoor air quality, desic-
cant dehumidification, and “green” HVAC&R systems was added.

The editor acknowledges the active assistance of a Project
Monitoring Subcommittee (with Ween Hahn as Chairman) from
ASHRAE Technical Committee 9.Wyhich supervised the revision
of this manual. The editor and romittees are grateful to several
individuals who reviewed all or parts of the draft of this revision
and made valuable suggestionsifoprovements and clarifications
(see list of contributors). Andw Scheidt, University of Oregon,
provided graphic assistance for the editing of many illustrations.

Walter Grondzik, PE, Editor
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CHAPTER 1
INTRODUCTION

1.1 PURPOSE OF THIS MANUAL

This manual was prepared to assist entry-level engineers in the
design of air-conditioning systems. It is also usable—in conjunc-
tion with fundamental HVAC&R resource materials—as a senior-
or graduate-level text for a university course in HVAC system
design. This manual was intendedfill the void between theory
and practice, to bridge the gapween real-world design practices
and the theoretical knowledge aceuirin the typical college course
or textbook. Courses and texts usually concentrate on theoretical
calculations and analytical procedures or they focus upon the
design of components. This maal focuses upon applications.

The manual has two main parts: (1) a narrative description of
design procedures and criteria o1g&d into ten chapters and (2) six
appendices with illustrative exates presented in greater detail.

The user/reader should be familiar with the general concepts of
HVAC&R equipment and possess or have access to the four-volume
ASHRAEHandbookseries and appropriate ASHRAE special publi-
cations to obtain grounding in the fundamentals of HVAC&R sys-
tem design. Information contained in tHandbooksand in special
publications is referenced—but not generally repeated—herein. In
addition to specific references atéroughout the manual, a list of
general references (essentially a bibliography) is presented at the
end of this chapter.

The most difficult task in any design problem is how to begin.
The entry-level professional does m@tve experience from similar
projects to fall back on and is frequently at a loss as to where to
start a design. To assist the readn this task, a step-by-step
sequence of design procedures is outlined for a number of systems.
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Simple rules are given, where applicable, to assist the new designer
in making decisions regardj equipment types and size.

Chapter 2 addresses the difference between analysis and
design. The chapter covers the bassues that are addressed dur-
ing the design phases of a builgiproject and discusses a number
of factors that influence building design, such as codes and eco-
nomic considerations. Human camf and indoor air quality, and
their implications for HVAC&R systems design, are discussed in
Chapter 3. Load calculations are reviewed in Chapter 4. The specif-
ics of load calculation methodwmjies are not presented since they
are thoroughly covered in nunoa&is resources and are typically
conducted via computer programs. HVAC&R system components
and their influence on system design are discussed in Chapter 5.

Chapters 6 through 8 cover the design of all-air, air-and-water,
and all-water systems, respectively. Here, again, a conscious effort
was made not to duplicate material from AHRABHandbook—
HVAC Systems and Equipmeexcept in the interest of continuity.
Chapter 6 is the largest and mdstailed chapter. Its treatment of
the air side of air-conditioning syshs is equally applicable to the
air side of air-and-water systsmthus, such information is not
repeated in Chapter 7. Chapter 9 covers a variety of special
HVAC&R systems. Controls are treated in Chapter 10.

The appendices contain detaildescriptions and design calcu-
lations for a number of actual MZ&R-related building projects.
They serve to illustrate the proegds discussed in the main body
of the manual. The projects in tappendices were chosen to cover
a variety of building applicationand HVAC system types. They
help to give the entering prsdsional a “feel” for the size of
HVAC&R equipment, and they indicate how a designer tackles par-
ticular design problems. Since these examples come from actual
projects, they include values (such as thermal properties, utility
costs, owner preferences) that pegticular to the specific contexts
from which they were drawn. The purpose of the examples is to
show process, not to suggestommended or preferred outcomes.

A few words of advice: do not hesitate to make initial design
assumptions. No matter how far off the specific values of a final
solution they might prove to be,sasnptions enable the designer to
start on a project and to gradlyaterate and improve a proposed
design until a satisfactory solutidras been obtained. Frequently,
more experienced colleagues may be able to assist by giving coun-
sel and the benefit of their experience, but do not hesitate to plunge
ahead on your own. Good luck!
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1.2 HOW BEST TO USE THIS MANUAL

The following suggestions are made to obtain maximum bene-
fit from this manual:

1. Consider the general categai/the building being designed
and read the appropriate chapters inABHRAE Handbook—
HVAC Applicationsand theASHRAE Handbook—HVAC Sys-
tems and Equipmenb determine likely systems to consider
for application to the project.

2. Familiarize yourself with the theory and basic functions of
common HVAC&R equipment. The best sources for this
information are HVAC&R textbooks and t#A&SHRAE Hand-

bookseries.

3. Read the chapters in this mel that address the systems of
interest.

4. Review the example problems in the appropriate appendices of
this manual.

5. Become familiar with state drtocal building codes, ASHRAE
standards and guidelines, anglgable National Fire Protec-
tion Association (NFPA) resources.

Remember that this manual, general, does not repeat infor-
mation contained IMSHRAE Handbooksnd special publications.
You cannot, therefore, rely on thisanual as the only reference for
design work. As you gain experiggy make notes of important con-
cepts and ideas (what workeddawhat did not work) and keep
these notes in a readily accessibleation. This manual is intended
to point the way toward building such a design database.

The best design reference available is the experience of your
colleagues and peers. While an attempt has been made in this man-
ual to incorporate the experiencedssign professionals, no static
written material can replace dynamic face-to-face interaction with
your colleagues. Use every oppoityrio pick their brains, and let
them tell you what dighot work. Often, more is learned from fail-
ures than from successes.

1.3 UNITS

The first edition of this manual was written using I-P (inch-
pound) units as the primary meamment system. In this edition S
(System International) units arecstm in brackets following the I-P
units. Conversions to Sl unitseafsoft approximations” with, for
example, 4 in. being converted as 100 mm (versus the more accu-
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rate conversion to 101.6 mm ose of a true SI commercial size
increment for a given product). See the ASHRAE guide “SI for
HVAC&R” (available at no cost from the ASHRAE Web site,
www.ashrae.org) for detailed infoation on preferred measure-
ment units and conversion factors for HVAC&R design work.

1.4 GENERAL BIBLIOGRAPHY

In addition to specific referencédisted in each of the chapters
of this manual, the following publitions are generally useful to
HVAC&R system designers. They should be available in every
design office. ASHRAE publicains are available from the Ameri-
can Society of Heating, Refrigging and Air-Conditioning Engi-
neers, Inc., 1791 Tullie Circle, NE, Atlanta, GA 30329-2305.
ASHRAE publications are updated on a regular basis (every four
years for handbooks, often mofeequently for standards and
guidelines). The publication datesosin below are current as of the
updating of this manual but will change over time. Consult the
ASHRAE Web site (www.ashrae.org) for information on current
publication dates.

ASHRAE Handbooks
(available on CD or as printed volumes, in I-P or S| units)

ASHRAE. 2003.2003 ASHRAE Handbook—HVAC Applications.
Atlanta: American Society of Heating, Refrigerating and Air-
Conditioning Engineers, Inc.

ASHRAE. 2004.2004 ASHRAE Handb&e-HVAC Systems and
Equipment. Atlanta: American Society of Heating,
Refrigerating and Air-Conditioning Engineers, Inc.

ASHRAE. 2005. 2005 ASHRAE Harmbok—Fundamentals.
Atlanta: American Society of Heating, Refrigerating and Air-
Conditioning Engineers, Inc.

ASHRAE. 2006. 2006 ASHRAE Handbook—Refrigeration.
Atlanta: American Society of Heating, Refrigerating and Air-
Conditioning Engineers, Inc.

ASHRAE Standards and Guidelines

ASHRAE. 1995. ANSI/ASHRAE Standard 100-1995, Energy
Conservation in Existing Buildingétlanta: American Society
of Heating, Refrigerating and Air-Conditioning Engineers, Inc.

ASHRAE. 1996. ASHRAE Guideline 1-1996, The HVAC
Commissioning ProcessAtlanta: American Society of
Heating, Refrigerating and Air-Conditioning Engineers, Inc.
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ASHRAE. 2004a.ANSI/ASHRAE Standar 55-2004, Thermal
Environmental Conditions for Human Occupandtlanta:
American Society of Heating, Refrigerating and Air-
Conditioning Engineers, Inc.

ASHRAE. 2004b ANSI/ASHRAE Standard 62.1-2004, Ventilation
for Acceptable Indoor Air QualityAtlanta: American Society
of Heating, Refrigerating and Air-Conditioning Engineers, Inc.

ASHRAE. 2004cANSI/ASHRAE Standard 62.2-2004, Ventilation
and Acceptable Indoor Air Quality in Low-Rise Residential
Buildings.Atlanta: American Society of Heating, Refrigerating
and Air-Conditioning Engineers, Inc.

ASHRAE. 2004d. ANSI/ASHRAE/IESNA Standard 90.1-2004,
Energy Standard for Buildings Except Low-Rise Residential
Buildings.Atlanta: American Society of Heating, Refrigerating
and Air-Conditioning Engineers, Inc.

ASHRAE. 2004e.ANSI/ASHRAE Standard 90.2-2004, Energy
Efficient Design of Low-Rise Residential Buildingdlanta:
American Society of Heating, Refrigerating and Air-
Conditioning Engineers, Inc.

ASHRAE. 2005aASHRAE Guideline 0aD5, The Commissioning
Process Atlanta: American Society of Heating, Refrigerating
and Air-Conditioning Engineers, Inc.

Other ASHRAE Publications

ASHRAE. 1991. ASHRAE Terminology of HVAC&RAtlanta:
American Society of Heating, Refrigerating and Air-
Conditioning Engineers, Inc.

ASHRAE. 1997.SI for HVAC&R Atlanta: American Society of
Heating, Refrigerating and Air-Conditioning Engineers, Inc.

ASHRAE. 1998. Cooling and Heating Load Calculation
Principles Atlanta: American Society of Heating,
Refrigerating and Air-Conditioning Engineers, Inc.

ASHRAE. 2002 Psychrometric Analysi€CD). Atlanta: American
Society of Heating, Refrigerating and Air-Conditioning
Engineers, Inc.

ASHRAE. 2004f Advanced Energy Design Guide for Small Office
Buildings Atlanta: American Society of Heating, Refrigerating
and Air-Conditioning Engineers, Inc.

ASHRAE. 2005b.ASHRAE Pocket Guide for Air Conditioning,
Heating, Ventilation, Refrigeratiomtlanta: American Society
of Heating, Refrigerating and Air-Conditioning Engineers, Inc.
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ASHRAE. 2005c.Principles of Heating, Ventilating and Air-
Conditioning Atlanta: American Society of Heating,
Refrigerating and Air-Conditioning Engineers, Inc.

ASHRAE. 2006aAdvanced Energy Design Guide for Small Retail
Buildings Atlanta: American Society of Heating, Refrigerating
and Air-Conditioning Engineers, Inc.

ASHRAE. 2006b. ASHRAE GreenGuide: The Design,
Construction, and Operation of Sustainable Buildidgtanta:
ASHRAE and Elsevier/B-H.

NFPA Publications
(updated on a regular basis)

NFPA. 2000NFPA 92A-2000, Recommended Practice for Smoke-
Control Systems Quincy, MA: National Fire Protection
Association.

NFPA. 2002NFPA 90A-2002, Installation of Air Conditioning and
Ventilating SystemsQuincy, MA: National Fire Protection
Association.

NFPA. 2003.NFPA 101-2003, Life Safety Cod®uincy, MA:
National Fire Protection Association.

NFPA. 2005.NFPA 70-2005, National Electrical CodQuincy,
MA: National Fire Protection Association.

Other Resources

Climatic Data:

Climatic Atlas of the United Stated968. U.S. Government
Printing Office, Washington, DC.

Ecodyne Corporation. 198Weather Data HandboolNew York:
McGraw-Hill.

Kjelgaard, M. 2001.Engineering Weather DataNew York:
McGraw-Hill.

USAF. 1988. Engineering Weather DataAFM 88-29. U.S.
Government Printing Office, Washington, DC.

Estimating Guides:

Konkel, J. 1987.Rule-of-Thumb Cost Estimating for Building
Mechanical Systemblew York: McGraw-Hill.

R.S. Means Co02005. Means Mechanical Cost Dat&8th ed
Kingston, MA.
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R.S. Means Co02005. Means Facilities Construction Cost Data,
20th edKingston, MA.

Thomson, J. 20042005 National Plumbing & HVAC Estimator.
Carlsbad, CA: Craftsman Book Company.

General Resources:

BOMA. 2004.Experience Exchange Repofin annual publication
of the Building Owners & Managers Association International,
Washington, DC.

McQuiston, F.C., and J.D. Spitler. 19@oling and Heating Load
Calculation Manual.Atlanta: American Society of Heating,
Refrigerating and Air-Conditioning Engineers, Inc.

SMACNA. 1988.Duct System CalculatoiChantilly, VA: Sheet
Metal and Air Conditioning Contractors’ National Association.

SMACNA. 1990.HVAC Systems-Duct Design,3d ed.Chantilly,
VA: Sheet Metal and Air Conditioning Contractors’ National
Association.

USGBC. 2005. LEED-NC (Leadership in Energy and
Environmental Design—New Construction). U.S. Green
Building Council, Washington, DGLook also for information
regarding other USGBC green building certification
programs.)

A number of equipment manufacturers have developed HVAC
design manuals and/or equipmepplication notes. These are not
specifically listed here, in accordance with ASHRAE’s commer-
cialism policy, but are recommended as sources of practical design
and application advice. A search of manufacturers’ Web sites (for
manualsor educatiof) will usually show what is currently available
(for free or for a fee).

An extensive list of applicableodes and standards, including
contact addresses for promulgating organizations, is provided in a
concluding chapter in each of tASHRAE Handbooks



CHAPTER 2
THE DESIGN PROCESS

2.1 DESIGN PROCESS CONTEXT

There are numerous variationstbe design process, perhaps
as many as there are designers. To try and place the following infor-
mation into a common context, tdesign process structure used in
ASHRAE Guideline 0-2005, The Commissioning Process
(ASHRAE 2005a) will be used. Fpurposes of building commis-
sioning, the acquisition of a building is assumed to flow through
several broad phases: predesigasign, construction, and occu-
pancy and operation. The design phase is often broken into concep-
tual design, schematic desigmdadesign development subphases.
Although the majority of desighours will be spent in the design
development phase, each of these phases plays a critical role in a
successful building project. Eachgste should have input from the
HVAC&R design team. The HVAC&R design team should strive to
provide input during the earBé phases (when HVAC&R design
input has historically been minimal) since these are the most critical
to project success, as they set the stage for all subsequent work.

Design should start with a clear statementi@sign intentin
commissioning terms, the collective project intents form the
Owner’s Project Requirements (OPR) document. Intent is simply a
declaration of the owner’s (and design team’s) needs and wants in
terms of project outcomes. HVAC&R design intents might include
exceptional energy efficiency, acceptable indoor air quality, low
maintenance, high flexibility, and the like. Each design intent must
be paired with alesign criterion which provides a benchmark for
minimum acceptable performance tila to the intent. For exam-
ple, an intent to provide therineomfort might be benchmarked via
a criterion that requires compliance WAINSI/ASHRAE Standard
55-2004, Thermal Environmemt&onditions for Human Occu-
pancy(ASHRAE 2004b), and an intent for energy efficiency might
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be benchmarked with a criterion that requires compliance with
ANSI/ASHRAE/IESNA Standard 90Enhergy Standard for Build-
ings Except Low-Rise Residential Buildings

Design validationinvolves the use of a wide range of esti-
mates, calculations, simulations, and related techniques to confirm
that a chosen design option will in fact meet the appropriate design
criteria. Design validation is ess@l to successful design; other-
wise there is no connection betwegesign intent and design deci-
sions.Pre- andpost-occupancy validationare also important to
ensure that the construction process and ensuing operational proce-
dures have delivered design intent. Such validations are a key
aspect of building commissioning.

2.2 DESIGN VERSUS ANALYSIS

Anyone who has taken a course in mathematics or any of the
physical sciences is familiar withe process of analysis. In a typi-
cal analysis, a set of parameters is given that completely describes a
problem, and the solution (even if difficult to obtain) is unique.
There is only oneorrectsolution to the problem; all other answers
arewrong.

Design problems are inherently different—much different. A
design problem may or may not templetely defined (some of the
parameters may be missing) and there are any number of potentially
acceptable answers. Some solutiamsy be better than others, but
there is no such thing as a singlght answer to a design problem.
There are degrees of quality to design problem solutions. Some
solutions may be better (often in a qualitative or conceptual sense)
than others from a particular viewpoint. For a different context or
client, other solutions may be better. It is important to clearly
understand the difference betwemmalysisand design.If you are
used to looking fothe correct answer to a problem (via analysis),
and are suddenly faced with problems that have several acceptable
answers (via design), how do ydacide which solution to select?
Learn to use your judgment (dne advice of experienced col-
leagues) to weigh the merits ohamber of solutions that seem to
work for a particular design prtgm in order to select the best
among them.

Figures 2-1 and 2-2 illustrate the analysis and design pro-
cesses, respectively. Analysis pgeds in a generally unidirectional
flow from given data to final answer with the aid of certain analyti-
cal tools. Design, however, is d@erative process. Although there
are certain “givens” to start withhey are often not immutable but
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Variables
Known
Relationship
Response
Interpretation | YES I | NO |
- Change Input
Continue and Re-analyze

Figure 2-1. Diagram illustrating analysis.

subject to modification during the design process. For example, an
owner or architect may be confredtwith the energy implications

of excessively large expanses of glass that had been originally spec-
ified and may decide to reduce theea of glazing or change the
glazing properties. The mechania#dsigner may try various sys-
tem components and control stragegbefore finding one that best
suits the particular context andralitions. Thus, design consists of

a continuous back-and-forth preseas the designer selects from a
universe of available systems, components, and control options to
synthesize an optimum solution within the given constraints. This
iterative design procedure incorptes analysis. Analysis is an
important part of any design.

Since the first step in design is to map out the general bound-
aries within which solutions are be found, it may be hard to know
where and how to start because there is no background from which
to make initial assumptions. To overcome this obstacle, make
informed initial assumptions andhprove on them through subse-
quent analysis. To assist you fimaking such initial assumptions,
simple rules are given throughouetbhapters in this manual, and
illustrative examples are provided in the appendices.

2.3 DESIGN PHASES

A new engineer must understand how buildings are designed.
Construction documents (working drawings and specifications)
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Project Intent Intent

Requirements

| Criterion | |Criterion | | Criterionl | Criterion |

Proposed Methods Materials

Refinement Conceptual Conceptual
I Tweaks Tweaks I
Optimization Optimization
| I Analysis Analysis I
Detailing Detailing
Finalization Drawings Drawings
Specifications Specifications

Figure 2-2. Diagram illustrating design.

for a building are developed asemm effort. The architect usually
acts as the prime design professional and project coordinator,
although experienced owners and developers may deal directly
with pre-selected HVAC&R consultants. The architect interfaces
with the owner, directs the architectural staff, and coordinates the
work of outside or in-house mechanical, electrical, and structural
engineers (among other consultants). The negotiated design fees
for the consultants’ work establish an economically viable level of
effort. This fiscal constraint usually seriously limits the amount of
time that can be allocated to studies of alternative systems or
innovative approaches.

The project phases outlinebelow are those adopted by
ASHRAE Guideline 0-2005 andathose generally recognized by
the architecture profession. Maggplicit phases may be defined for
certain projects or under certain contracts.
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2.3.1 Predesign Phase

Before a mechanical engineer can design an HVAC system, a
building program must be created.iFlis usually prepared by the
client or his/her consultants. &lprogram establishes space needs
and develops a project budget. The building program should
include, but need not binited to, the following:

e The client’s objectives and strategies for the initial and
future functional use of the building, whether it be a single-
or multiple-family dwelling or a commercial, industrial, ath-
letic, or other facility.

« A clear description of function($pr each discrete area within
the building.

e« The number, distribution, andsage patterns of permanent
occupants and visitors.

e The type, distribution, and usage patterns of owner-provided
heat-producing equipment.

e The geographic site location, access means, and applicable
building and zoning codes.

e« The proposed building area, iglet, number of stories, and
mechanized circulation requirements.

« The owner’s capital cost and operating cost budgets.

¢ A clear statement of anticipatgmoject schedule and/or time
constraints.

* A clear statement of required or expected project quality.

Although some of this inforntn may not be available before
the mechanical designer starts to work, it must be obtained as soon
as possible to ensure that only those HVAC&R systems that are
compatible with the building program are considered.

While the architect prepares the general building program, the
mechanical engineer has the responsibility of developing a disci-
pline-specific program even thougome of this information may
be provided by the architect or owner. The building program and
use profile provided by the ower or architect and the HVAC&R
systems program developed by tbegineer in response to the
building functional program shaililbe explicitly documented for
future reference. This documentation is termeddhmer’s Project
Requirements (OPR)y ASHRAE Guideline 0-2005, and it pro-
vides the context for all design decisions. All changes made to the
program during the design proces®sdd be recorded so that the
documentation is always up-to-date.
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The information that should mntained in the HVAC&R sys-
tem program includes

e design outdoor dry-bulb and wet-bulb temperatures (absolute
and coincident);

« heating and cooling degree-days/hours;

¢ design wind velocity (and direction) for winter and summer;

e applicable zoning, building, mechanical, fire, and energy
codes; and

e rate structure, capacity, and characteristics of available utilities
and fuels.

Additional information regardig solar radiation availability
and subsurface conditions would be included if use of a solar ther-
mal system or ground-source heat pump was anticipated.

The environmental conditions to be maintained for each build-
ing space should be defined by

e dry-bulb and wet-bulb temperatures during daytime occupied
hours, nighttime occupidiburs, and unoccupied hours;

e ventilation and indoor air quality requirements;

e any special conditions, such lasavy internal equipment loads,
unusual lighting requirements, noise- and-vibration-free areas,
humidity limits, and redundancyftife safety and security; and

e acceptable range of conditions for each of the above.

An understanding of the functional use for each area is essen-
tial to select appropriate HVAC&R systems and suitable control
approaches because the capabilities of proposed systems must be
evaluated and compared to the indoor environmental requirements.
For example, if some rooms @nbuilding require humidity control
while others do not, the HVAC siem must be able to provide
humidification to areas requiring it without detriment to the build-
ing enclosure or other space&some areas may require cooling,
while others need only ventilation beating. This will affect selec-
tion of an appropriate system.

2.3.2 Design Phase

In conventional (business-as-usual) building projects, serious
work on HVAC&R system desigrypically occurs in the later
stages of the design phase. Prigachere energy efficiency and/or
green building design are parttbk intent or building types where
HVAC&R systems are absolutely integral to building design (labo-
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ratories, hospitals, etc.), will see HVAC&R design begin earlier and
play a more integrated role in design decision making.

The design phase is often broken down into three subphases:
conceptual design, schematic design, and design development. The
terms schematic designdesign developmentand construction
documentsre also commonly used to describe design process sub-
phases. The purpose of conceptual/schematic design efforts is to
develop an outline solution to the OPR that captures the owner’s
attention, gets his/her buy-in for further design efforts, and meets
budget. Schematic (or early design development) design efforts
should serve as proof of concept for the earliest design ideas as
elements of the solution are further developed and locked into
place. During later design development/construction documents,
the final drawings and specifications are prepared as all design
decisions are finalized and a complete analysis of system perfor-
mance is undertaken.

The schematic/early design development stage should involve
the preliminary selection and mparison of appropriate HVAC&R
systems. All proposed systems mhbstable to maintain the envi-
ronmental conditions for each spaas defined in the OPR. The
ability to provide adequate thermal zoning is a critical aspect of
such capability. For each system ddesed during this phase, eval-
uate the relative space (and volume) requirements for equipment,
ducts, and piping; fuel and/or electrical use and thermal storage
requirements; initial and life-cycleosts; acoustical requirements
and capabilities; compatibility with the building plan and the struc-
tural system; and the effects on indoor air quality, illumination, and
aesthetics. Also consider energgde compliance and green design
implications (as appropriate).

Early in the design phase, tH&/AC&R designer may be asked
to provide an evaluation of the impact of building envelope design
options (vis-a-vis energy codeompliance and trade-offs and/or
green building intents), heavy lighting loads (ireore than 2 wift
[22 W/n]), and other unusual internal loads (ireqre than 4 W/t
[43 W/mz]) on HVAC system performance and requirements. Ques-
tions should also be expected regarding the optimum location of
major mechanical equipment—considering spatial efficiency, sys-
tem effectiveness, aesthetics, and acoustical criteria. Depending
upon the level of information available, the designer may be asked to
prepare preliminary HVAC system sizing or performance estimates
based upon patterns developgbdough experience or based upon
results from similar, previously digned projects. Some design esti-
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mates that may be useful for aficsit are given in Table 2-1. Addi-

tional values appropriate for thiesign phase can be found in the

ASHRAE Pocket Guide for Air Catidning, Heating, Ventilation,

Refrigeration(ASHRAE 2005c).

If envelope and internal loads are reasonably well defined,
peak load and rough energy caltidns for alternative HVAC sys-
tems may be prepared at this time using appropriate methods for
presentation to the architect amdbwner. Although they are pre-
liminary and will change as the buitd) design proceeds, such pre-
liminary loads are usually deftive enough to compare the
performance of alternative sgsts because these systems will be
sized to meet the same loads. As you gain experience, you will be
able to estimate the likely magnitudethe loads for each area in a
building with a little calculation effort.

Resources useful during thihase of design include design
manuals, textbooks, equipment té¢ure, and data from existing
installations. Frequently, this type of early system evaluation
eliminates all but a few systems that are capable of providing the
environmental requirements amage compatible with the build-
ing structure.

If the client requests it, if artlectural details have been suffi-
ciently developed, and if the mecleal engineer’s fee has been set
at a level to warrant it, compaons between construction (first)
costs and operating (life-cycle) cestnd the performance of differ-
ent HVAC&R systems can be maifegreater detail. Typically, one
system is set as a reference lfase) and other proposed systems
are compared to this base system. Such an analysis would proceed
according to the following steps:

1. Estimate the probable capital costs of each system using unit
area allowances, a rough selection of equipment, sketches of
system layouts, and such tools as:

e Cost-estimating manuals

« Recently completed similar projects (many technical jour-

nals contain case studies that provide such information)

e Local HVAC&R contractors

e Professional cost estimators

« Design office files

e Experienced design engineers.

2. ldentify the energy source sources available and their cost
per a convenient unit of erggr (million Btu, kWh, therm), con-
sidering both present and anticipated costs. Determine local
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Table 2-1. Selected Load and
Airflow Estimates for Schematic Design

General: 450 + 100 f#/ton for cooling loads

[12 + 3 nf/kW]

1.5 cfm/f€ air supply—

exterior spaces
[7.6 L/s per m]

0.75 cfm/ff air supply—

interior spaces (minimum)
[3.8 L/s per M

400 cfm/ton air supply

for all-air systems
[54 L/s per kW]

Offices: 500 f&/ton [13 nf/kW]
based upon:

lights—1.5 W/t [16 W/n?]
fans—0.75 W/ [8 W/nF]
pumps—a0.25 W/ft [2.7 Winf]

miscellaneous electrical—
2.0 Wi [21 W/nT]

occupancy—150 ?lperson
[14 mé/person]

High-Rise 1000 fé/ton for north-facing
Apartment Buildings: apartments [26 Aik\W]
500 ffton [13 nf/kwW] for others
Hospitals: 333 feton based upon
1000 fe/bed
[8.7 MA/kW at 93 nf/bed]
Shopping Centers: average—400 fiton
[10.4 nf/kW]
department stores—2 WAft
[21 W/nd]
specialty stores—5 Wt
[54 Winf]
Hotels: 350 ff/ton [9.1 nf/kW]
Restaurants: 150 ff/ton [3.9 nf/kw]
Central Plants:
Urban districts 380 fiton [9.9 nf/kw]
College campuses 32FMon [8.3 nf/kw]
Commercial centers 475#ton [12.4 nd/kW]

Residential centers 500 ton [13 nf/kwW]
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utility tariffs, energy charges, demand charges, and off-peak
rates, as appropriate.

3. Calculate the number of operating hours and hourly operating
costs for each subsystem of each candidate HVAC system. This
can be done manually or by computer using a simplified energy
analysis method or proprietapyograms offered by equipment
manufacturers and software developers.

4. Using the local utility tariffs, calculate monthly utility costs
and sum them for the year.

5. If required by the owner or design team, perform comparative
life-cycle (or other) cost analyses, as described in Section 2.8.

It is important to note that the seasonal or annual in-use effi-
ciency of equipment is not thersa as the equipment’s full-load
efficiency. Consider efficiency at part-load conditions (the number
of hours at 100%, 90980%, 60% of full load, etc.) when calculat-
ing building energy requirements. As an annual average, cooling
equipment operates at 50% to 85% of capacity; fans and pumps
operate at 60% to 100% of capacity.

In order to determine actual equipment operating profiles, data
on hourly weather variations throumlt the year are required. The
hours of dry-bulb temperature marences in 5°F [2.8°C] incre-
ments (or bins) and coincident monthly average wet-bulb tempera-
tures at many locations can tietained from the Air Forcé/eather
Data Manual(USAF 1988). Bin and degree-hour weather data are
also available from ASHRAE @B5a) and the National Oceanic &
Atmospheric Administration (NOAA; www.noaa.gov/).

Operating costs are very mualunction of the way a building
is operated—how much is the indoor temperature allowed to drop
and for how many unoccupied heun the winter? Will the cooling
system be shut down at nightdaon weekends? Do special areas,
such as computer or process r@pmequire cooling 24 hours year-
round? If such information is h@vailable, educated assumptions
must be used. All systems mustdmalyzed under the same operat-
ing conditions for comparisons to be valid.

At the conclusion of the schmatic design phase, a recommen-
dation regarding HVAC&R system selection is made to the owner/
architect. That recommendation is usually approved if the engi-
neer's reasoning is sound and reflects the client’s objectives. Should
the owner select another approaghossibly because of weighting
factors different from those useg the design team (often, unfortu-
nately, low first cost over life-cycle performance)—that is the
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owner's prerogative. Design asions should be clearly docu-
mented whether they constitute apyal of, or deviation from, the
designer's proposals.

The schematic HVAC design is used to coordinate critical
HVAC&R system requirements with the architectural, structural,
electrical, and fire protection systems, which are also in the sche-
matic design stage, to resolvetgatial conflicts. Close integration
of the mechanical and electrical systems with structure, plan, and
building configuration requires ¢hcooperation of all team mem-
bers—architect, mechanical engineer, electrical engineer, structural
engineer, acoustical consultant, and professionals from other disci-
plines. Such coordination and cawation will extend to the other
design phases.

The requirements of state ochd building or energy codes (see
Section 2.7) must also be consideatthis point because of restric-
tions on the amount of glass, other envelope assembly require-
ments, lighting, HVAC&R system and equipment limitations, and,
in some instances, on the annual building energy budget. If
required, energy budgets are ebtdiled. Some states or jurisdic-
tions require a simplified prescriptive compliance calculation that
can be prepared by hand; whannual energy-budget compliance
calculations are required, however, these must be prepared by com-
puter simulation. It is wise to select a computer program that will
minimize the inputs required for both the load and the energy anal-
yses—while providing acceptable accuracy. Programs are available
that share input betweerdlds and energy programs.

Architectural floor plans and elevations are developed in
greater detail; structural, mechanical, and electrical systems are
designed in compliance with applicable building codes; and draw-
ings in preliminary form are prepared. Heat loss, heat gain, and
ventilation calculations are refined and used to design the air and
water distribution systems and to select equipment. System sizes
and capacities are selected totchadesign and part-load condi-
tions. The designer has the choicesiaiing pipes and ducts manu-
ally or using a variety of computer programs. The main objective,
however, is to develop system layouts for space requirements and
cost estimates. If required by code or owner intent, more detailed
energy studies are undertaken at this time and the accompanying
calculations are performed. Construction details and cost estimates
are refined based upon additional information. After preliminary
drawings, outline specifications, and cost estimates have been
approved by the owner, the project scope and solution are essen-
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tially tied down, and only minacthanges are generally desirable in
the final stage of the design work.

In the late design development/construction document stage,
specific equipment (model numbensd sizes) is selected. Duct and
piping systems are designed and control strategies are finalized.
Final compliance with owner regiaments is verified. The budget
is refined, and some of the earlier contingency costs can be elimi-
nated. It is possible that trade-offs may occur at this stage based
upon performance and costs. For example, a more efficient chiller
or sophisticated control system may be selected if it can be shown
that these changes reduce the cost of the mechanical systems
accordingly or provide a more energy-efficient or “greener” build-
ing—with any higher first costs justified by lower life-cycle costs or
improved building performance.

The documents submitted to thermw at the end of this stage
of design include complete architectural, mechanical, electrical,
and structural drawings; specift@ns; and estimates of construc-
tion cost. After approval by thewner, the documents (including
energy code calculations, if required) are submitted to government
agencies for code review and totractors to obtain firm bids, with
the contract awarded to the lowest responsible bidder or to one who
may be able to best meet otloevner requirements, such as sched-
ule, quality control, or project experience.

At this time, or at the end aonstruction, the owner may ask
for additional computer simulatisrto provide guidance for opti-
mization of systems operations. Such analyses should be per-
formed using the most comprehensive energy simulation
available because the results will influence an owner’'s economic
decision making. Studies of thitype require extensive and
detailed inputs and are costly. Extra services of this type (and/or
last-minute owner-required charg)econstitute additional work
for the HVAC&R design engineer, who should be reimbursed for
such efforts.

2.3.3 Construction Phase

During construction, HVAC&R engineers generally:

e Check shop drawings to verify that equipment, piping, and
other items submitted by manufacturers and contractors have
been selected and will be installed to conform to the project
plans and specifications.
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e Make periodic visits to the building under construction to
observe and maintain a log of the work being installed by the
contractors.

« Provide interpretation of the construction documents when
guestions arise at the project site.

« Witness tests for system performance, such as airflow volume
and temperature, equipment efficiency, control sequence strate-
gies, and indoor air quality, if called for in the professional
agreement and provided for in the fee. These activities may or
may not be part of a formal commissioning process (see
below).

e Ascertain proper workmanship and extent of completion to
ensure that contractor invoices for work completed during each
billing period are correct.

2.3.4 Commissioning

Recently, the process of building commissioning has received
increased attention because of the ever-increasing complexity of
modern building systems. While a simple building can be built by
the contractor and turned over to the owner with only minimum
instructions, this is no longer gsible for large buildings and their
complex systems and numerous subsystems. Just as the US Navy
will not accept a ship without a s&&l, so a savvy building owner
will no longer accept a large building on completion without a
series of tests that demonstrtite performance of the building sys-
tems, preferably over a full ason of weather conditions. New
types of engineers and tectiains—building commissioning spe-
cialists—have evolved. It is their task to verify the proper function-
ing of all building systems and subsystems. This often constitutes
the owner’s acceptance process.

Frequently, the design enginesill need to be present when
the HVAC&R systems are being tested, particularly when a system
does not perform in accordangéth design specifications. The
designer is the person best quatifte troubleshoot such a situation
and to determine where the falidts. Complete design documenta-
tion should be on hand when ath situation arises. Consult
ASHRAE Guideline 0-200%or additional information.

2.3.5 Post-Occupancy Services

Ideally, an engineer should betained for post-occupancy ser-
vices to check energy use, opargtcosts, user reactions, system
performance, and (with other teanembers) “total building perfor-
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mance.” Unfortunately, this evaltian is not usually done, although

it is gaining increasing acceptant®.some cases, the commission-
ing engineer will support buildingperations, familiarize operating
personnel with the system, and assist them in operating it for a
period of one year after buildincompletion. This may include
adjustments and modifications to the HVAC&R systems (usually
involving control subsystems). Whether these tasks are performed
as part of the design packageumder a separately negotiated con-
tract depends upon the indivial project circumstances.

The building owner/operator should be encouraged to realize
that modern large buildings acemplex systems requiring skilled
personnel to operate them. Unless skilled operators are hired to
start, newly hired operators mustto@ined to understand and oper-
ate the HVAC&R systems, and the person best qualified to train
them is the one who designed the system. Videotapes and other
training aids can be used tosess the engineer in this task.

2.4 INTERACTIONS BETWEEN HVAC&R
AND OTHER BUILDING SYSTEMS

HVAC&R systems cannot be designed in a vacuum. Other
building systems, singly and in combination, profoundly affect the
functional performance, physical size, capacity, appearance, operat-
ing efficiency, maintenance, araperating and initial costs of an
HVAC&R system. Thus, they amessential elements in the HVAC
design process. Conversely, the HVAC&R system has an impact on
all other building systems. This msiube taken into account by the
HVAC&R system designer during the design process.

2.4.1 Building Envelope

2.4.1.1 How the Building Envelope Affects an HVAC&R
System.The thermal characteristics of the envelope—opaque walls
and roof, fenestration, and eviétre floor—affect the magnitude and
duration of the building heat losnd cooling load. Orientation,
envelope construction, and shagligreatly influence solar loads.
Cooling load and heat loss dithcinfluence the required capacity
of the primary energy conversion devices (boilers and chillers) and
the size, complexity, and cost of the distribution systems (ducts,
fans, pipes, pumps). The need for perimeter heating is a function of
climate, opaque wall thermal chatagstics, window area and type,
and tightness of the envelope tala to infiltration. High-perfor-
mance envelopes may reduce or eliminate the need for perimeter
heating in many climates.
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A heavy envelope of brick anasonry provides thermal mass;
such mass, by shifting loads, affethe operating cycle of the heat-
ing and cooling equipment. Theegiter the internal building mass,
the less extensive are the indéemperature excursions. The place-
ment of thermal insulation, whethen the exterior or the interior
side of the envelope, affects tieg and cooling load patterns. The
envelope construction and the location of the vapor retarder (if
required) also determine the transfer of moisture between the build-
ing spaces and the outdoorbusg affecting humidification and
dehumidification requirements. The interaction of HVAC system
and envelope relative to moisture flows is especially critical to
building success in hot-humid and cold climates.

A building can be configured to provide solar shading and
wind protection, which will influence heating and cooling loads and
control strategies. By reducing transmission and radiation transfer
at the perimeter, the envelope reduces the influence of climate on
the building interior and thereby affects the designation of thermal
zones. If loads in a building doot vary much with time of day,
solar intensity, and wind velocity and direction, an HVAC system
can be less complex and less costly.

Another effect of the envelope on HVAC&R design is the use
of daylighting to offset electric lighting. Less heat is gained with
well-designed daylighting thanitl electric lighting for the same
illumination levels, so cooling requirements are reduced.

2.4.1.2 How the HVAC&R System Affects a Building
Envelope.The HVAC&R system can affect the appearance of the
building envelope. Outdoor air intake louvers in walls, window air
conditioners, and through-the-wallnits obviously affect the
appearance of a building. This may limit system selection options
where the resulting appearance is not acceptable to the architect
or client.

Cooling towers, usually located dime roof, affect the physical
appearance of a building. Otheftop equipment, such as pack-
aged air conditioners, air-coolembndensers, and air intake and
exhaust hoods/fans, may have a similar effect. Coordination of
intake/exhaust locations and louvers will be required for ventilation
heat recovery systems. Attractive architectural enclosures can
reduce the aesthetic disadvantage of much rooftop equipment.
Under certain conditions, such egumrient can be placed at ground
level and camouflaged by larddging. Locating condenser/com-
pressor units for buildings with multiple split systems can be espe-
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cially challenging. The discinge from cooling towers can be
corrosive, may leave drift residue on automobiles parked nearby,
and may carry bacteria, so diog tower location is of prime
importance. Cooling towers located below condensers are subject to
overflow unless precautions are taken, while towers located above
condensers may experience pumgpproblems upon start-up.

The noise of outdoor HVAC&R equipment can be muffled by
well-designed acoustical screenimg,equipment of higher quality
or slower speed can be selectedquieter operation. Some locali-
ties prohibit the installation of &y, unmuffled equipment. Noise
from emergency generators should be considered; although not
likely to cause complaints wharsed during an emergency, such
equipment must be regularly runchtested. Site requirements for
ground-source heat pumps musioalbe considered when looking at
exterior design issues. Alteriat energy approaches may require
coordination of space and locatitor elements such as solar col-
lectors, hot water storage, or ice/chilled water storage.

2.4.2 HVAC&R Systems and Structure

All HVAC&R equipment requires structural support. The
HVAC&R designer must inform thersictural engineer of the loca-
tion of major items of mechanicaiquipment early in the design
phase. Heavy equipment, suchbadlers, tanks, chillers, compres-
sors, and large air handlers, should preferably be located on the
lowest building level, on a concrete sub-base, and with vibration
isolating bases for rotating equipnbtenhis causes the least amount
of vibration to be transmittedtim the building structure and consti-
tutes the simplest method of structural support for this equipment.
In earthquake-prone areas, physical restraint of HVAC&R equip-
ment may be required. In high-giduildings, it is usually necessary
to install HVAC equipment on interadiate floors as well as on the
roof and/or basement.

Rooftop and intermediate-floor locations for HVAC&R equip-
ment require special structuralpports as well as acoustical and
vibration control measures. In somw&ses, this may suggest against
locating equipment at these ldicas. When buildings are con-
structed with crawlspaces, without basements, or with lightweight
flooring, heavy machinery should be placed next to the building, if
possible, instead of within the building envelope, provided suffi-
cient and appropriate ground area is available.
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2.4.3 HVAC&R and Lighting and Other Electrical Loads

The heat generated by lightingas important internal sensible
load to be considered during the design of an HVAC system. Since
these heat gains are a major air-conditioning load, closely coordi-
nate with the lighting designer tte immediately informed of any
changes to the lighting system design.

The amount of heat from lightcontributing to the air-condi-
tioning load (or reducing space-heating requirements) depends
upon the type of lamp as well as other factors, such as the amount
of thermal mass near the light fixes, air distribution patterns, sup-
ply air volume, type of luminaire, and whether ceilings are exposed
or suspended (formg an air plenum).

Internal heat gains from elgic or gas-fired appliances,
motors, food service, and special equipment are normally sensible
(except for food or steam, which contribute latent heat). Supply air
volume is a function of sensible heat loads only, affecting the size
of fans, coils, ducts, and other equipment. When supply air or
return air troffers are used, the lighting system actually becomes
part of the HVAC system, and air supply temperatures to the room
(as well as supply air and return air distribution) are governed by
luminaire location.

Design rules for lighting loads are given in the “Air-Condition-
ing Cooling Load” chapter in th@SHRAE HandboekFundamen-
tals. For examples of lighting loachlculations, see Appendices B
and C of this manual.

HVAC&R systems exert a substantial influence on the design
of building electrical systems. As a result, communication
between the mechanical and electrical engineers on a project must
be bidirectional. Larger HVAC&R equipment is typically a major
component of overall building electrical load. Selection of appro-
priate distribution voltages will likely be impacted by HVAC&R
equipment requirements. Electrical system peak demand control,
power factor adjustment, and power quality control are all sub-
stantially affected by HVAC&R equipment selections.

2.4.4 Fire and Smoke Control Systems

National Fire Protection Association (NFPA) Standards 90A,
90B, 92A, and 101 (NFPA 20023a002b, 2000, 2003) are nation-
ally recognized model code docunte that govern fire protection
and smoke control requirements. State and local fire codes incorpo-
rate and often modify these NFPA codes. Where such modifications
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exist, their requirements supersede the NFPA documents. An
HVAC system can be used to provide fire-event air supply and
exhaust requirements in lieu ofdieated fire systems. When doing
so, emergency air distribution patterns are likely to vary from day-
to-day climate control requirements. In large buildings, fire zones
are separated by fire walls and doors. Therefore, the air distribution/
exhaust systems must meet the fzoning pattern. Smoke zones
(not necessarily coincident withrdi zones) may also be an issue in
some buildings. In stairwells, corridors, lobbies, or other areas
where positive pressure during emergencies may be required, the
HVAC system may be used to bgiim outdoor air to pressurize the
space. Smoke exhaust and pregstion systems generally require
more airflow than is required for comfort conditioning. If the cli-
mate control system is to fuimmn as a smoke control system, it
must be capable of changing airflow volume and maintaining pres-
sure relationships when usedthre fire protection mode. Use of a
dedicated smoke control systeimplifies comfort system design.
ConsultPrinciples of Smoke ManageméKiote and Milke 2002)

for detailed information.

Other fire coordination issues address specific situations. For
example, standpipes and sprinkler systems located in unheated spaces
may require freeze protection. An emergency power system will be
required to operate smoke control systems during an emergency.

2.5 HVAC SYSTEM SELECTION ISSUES
2.5.1 Equipment Location and Space Requirements

From the mechanical engineer's point of view, equipment loca-
tion is governed by

« space for equipment componentsth adequate room for ser-
vicing, removal, and reinstallation;

« pathways for heat transfer fluids (including distance, complex-
ity, and flexibility) from prime movers (chillers, boilers, fur-
naces) and air-handling equipment to points of use and
terminal locations;

e access to the outdoors for air intakes and air exhaust/relief,
combustion air, and exhausting products of combustion;

e headroom and support for ducts and pipes; and

e acoustical considerations (noisy equipment should not be
located near occupied areaspe&sally acoustically sensitive
areas); appropriate location is the cheapest solution to mechan-
ical noise problems.
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Whenever possible, equipment requiring heavy electric ser-
vice, water, oil, or gas supply ahld be located near the point of
entry into the building of that utility service. Air-handling units and
decentralized air-conditioning sgshs require intake and exhaust/
relief air duct connections; outdoair source locations may dictate
the placement of equipment. Exhalovers should be sufficiently
remote from intake louvers to prevent recirculation of exhaust air
into a building. This complicates design for heat recovery, unless
“runaround” agqueous, glycol, orfrigerant loops are used (see the
“Applied Heat Pump and Heat Reery Systems” chapter in the
ASHRAE Handbook—HVAS8ystems and Equipmégntaboratory
and kitchen exhaust hood systems require makeup air and
code-specified fire protectiongs the “Fire and Smoke Control”
chapter in théASHRAE Handbook—HVAC Applicatipns

In large buildings, and in general for central systems, try to
locate air-handling units relatively close to the areas they serve in
order to reduce distribution duct runs and ductwork and insulation
costs. This will also save moneyavieduced duct friction losses and
fan pressure. Piping from boilers and chillers to air-handling units
is generally less costly than ductikdrom air-handling units to ter-
minal outlets and requires less building space or headroom.

Space for horizontal duct and pipe distribution must be accom-
modated above the ceiling, undertlrough structural members, or
within a raised floor. Vertical shiaffor ducts, pipes, and some con-
trol elements are usually accomnaded within the building core or
defined satellite locations established by the architect. Raised floors
can carry power, communications, and data cabling and can also be
part of the HVAC distribution system.

A raised floor plenum, about 18 in. (460 mm) high, can be
employed as an air supply chahimean underfloor air distribution
system. A ceiling-based return air system is used in conjunction with
the underfloor supply and specially designed floor outlets. Air sup-
plied at floor level need not be eald as air delivered by a ceiling or
high-wall supply, since the suppyr envelopes and cools occupants
before it has picked up other spdt. This approach can shift the
balance of room versus coil loads in a system. See Bauman and Daly
(2003) for further informatioon underfloor air distribution.

Table 2-2 provides preliminamnalues for estimating the space
requirements for HVAC&R equipment.
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Table 2-2. Approximate Space Requirements for
Mechanical and Electrical Equipment

Total mechanical and 4% to 9%
electrical equipment
(in general)
Apartments, schools 5%
Office buildings 7.5% (up to 50% more on lower floors of

high-rise buildings)
Research laboratories  10%
The above totals may be broken down as follows:

Plumbing 10% to 20% of lower-floor gross building
area

Electrical 20% to 30% dbwer-floor gross building
area

Heating and air 60% to 80% of the above 4% to 9%

conditioning

Communications 5% to 10% of the above 4% to 9%

(some buildings may
require much more)
Fan rooms 50 ftper 1000 cfm
[9.8 ? per 1000 L/s] of supply air with a
10 to 20 ft [3 to 6 m] height
Interior shafts (either) 2% to 5% of gross floor area of which:
70% is for HVAC
15% for electrical
15% for plumbing
(or) 1 2 per 1000 cfm [0.19 Aper
1000 L/s] (supply + return + exhaust air)
Air intake/exhaust openings sbuld provide these maximum air
velocities on the net free area:
Outdoor air intake 650 fpm [3.3 m/s] because higher
louvers velocities may entrain water and ice
(depends upon manufacturer)
Exhaust air louvers 1500 fpm [7.6 m/s] to prevent excessive
pressure on walls and frames
Return air and 1500 to 2000 fpm [7.6 to 10.2 m/s] but with
mixed-air plenums  adequate pressure drop (0.25 in. water [62
Pa]) across control dampers and adequate
turbulence to mix outdoor and return air in
air-side economizers (watch noise)

* These values are expressed as a percenfegyess building area unless otherwise noted.
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2.5.2 Access for Maintenance and Repair

Lack of adequate access taigmment is a major contributor to
poor system performance, rangirfrom unsatisfactory comfort
control to poor air quality tequipment breakdown. The following
is a general guide for designing for maintenance and repair:

« Insist on allocation of adeqte building space for HVAC&R
equipment.

« Building dimensions are often not as “precise” as equipment
dimensions; therefore, always add a few inches for safety when
specifying clearances.

« Provide clear space around fans, pumps, chillers, and other
equipment for service access and component removal, in
accordance with manufacturers’ recommendations.

e Provide a clear passageway for the removal and replacement of
equipment.

¢ Include access doors and seevspace between components of
air-handling equipment and for intake louvers and screens.

e Specify adjustable slide-rabases for motors to permit belt
drive replacement and alteration of the desired driven speed
and belt tension.

* Require control components, suah actuators, sensing bulbs,
and instruments, to be accessible and protected from damage.

« Mount pressure gauges and thermometers on vibration-free
supports.

¢ Understand (during design) tbevner’s preferred maintenance
procedure for terminal equipment—repair in place or replace
and then do shop repair?

¢ Avoid locating HVAC equipment with dehumidification coils
above ceilings, especially above occupied spaces. If this cannot
be done, place large water-collecting pans beneath the equip-
ment to intercept the inevitable condensate drain pan overflow
and leakage.

* Provide access by catwalks or interstitial decks for any equip-
ment located above high ceilings (e.g., in an auditorium).

e Specify condensate pans anaids to be corrosion and leak
resistant, properly pitched, and cleanable.

* Provide access for the measurement of airflow and water flow,
temperature, and pressure in major ductwork and piping.

« Provide access for inspection and cleaning of major ductwork,
especially lined ducts and return air ducts.
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¢ Ensure that there is ready assdor routine maintenance tasks,
such as changing air filters.

e Specify accessible service shutoff drain and vent valves for all
water coils and risers.

e Incorporate appropriate chemical treatment equipment for
open- and closed-loop water systems.

2.5.3 Noise and Vibration Control

Noise and vibration from HVAC&R equipment can be reduced
by proper selection of equipment, vibration control, and the interpo-
sition of sound attenuators anditiers. Residual sound may still be
objectionable, however, whem@pment is located near occupied
areas. HVAC&R and architecturalsign decisions must go hand-in-
hand since acoustical control mayolve equipment location, floor
and wall assemblies, and room function. HVAC&R equipment loca-
tions may influence spatial planning—so that areas requiring a low-
noise environment are not located next to major or noisy equipment.
The HVAC engineer should alert other members of the building
design team regarding the location of noisy equipment. On large,
acoustically sensitive buildings (e.gheaters, museums), an acous-
tical consultant should be part of the design team.

Noise and vibration transmission to an occupied space by sys-
tem components will be an important consideration in system selec-
tion and design. Even after a system has been selected, component
selection will significantly affecsystem acoustical performance.
Noise can be transmitted to occupied spaces from central station
equipment along several airborne paths, through air or water flows,
along the walls of ducts or pipes, through the building structure.

If central station pumps or fase used, each of these paths must
be analyzed and the transmissafrsound and vibration reduced to

an acceptable level. Supply air outlets (and other terminal devices)
must be selected to providepappriate acoustical performance.

An initial step in noise control is to establish noise criteria for
all spaces. These criteria should be communicated to the client
early in the design process. Albise-generating sources within the
air-conditioning system must be identified. Then, the effects of
those sources can be controlled by

e equipment selection,

e air and water distribution system design,

e structural/architectural containment,

e dissipative absorption along the sound path, and
< isolation from the occupied space, where feasible.
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These control techniques and information on how to apply
them provided in thA\SHRAE Handbook—Fundamentalsd the
ASHRAE Handbook—HVAC Applicationan usually lead to a
design procedure that can achieve the desired acoustical design
intent and criteria. The acoustical design of systems and the build-
ings they serve is, however, frequently quite complex and is often
the proper province of specialistown as acousticians. This is
especially true for spaces with exacting requirements, such as audi-
toriums, or where noise-generating components must be located
adjacent to occupied areas. Fard other equipment noise emanat-
ing from cooling towers and air kaust or intake points may affect
the ambient noise level of the neighborhood surrounding a building
and require evaluation and/mitigation. Many municipalities have
codes governing equipment noise.

The major paths that govern the sound transmission character-
istics of an all-air distribution system are shown in Figure 2-3. It is
absolutely critical to distinguishetween airborne sound transmis-
sion (where barriers are eas#pplied), duct-borne transmission
(where other mitigation techniquesust be used), and noise gener-
ated by terminal devices. Occagi spaces on the floors directly
above or below a room housing an air-handling unit may also be
affected by equipment noise and vibration. Most acoustical barriers,

Path A: Structure-borne path through floor
Path B: Airborne path through supply air system
Path C: Duct breakout from supply air duct
Path D: Airborne path through return air system
Path E: Airborne path through mechanical equipment room wall

Figure 2-3. Noise propagation paths from HVAC equipment.
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such as floors and ceilings, while themselves potentially effec-
tive, frequently “leak” due to petrations for pipes, electrical con-
duits, and similar items. Structlrcomponents do not constitute
effective sound barriers unless all penetrations are carefully sealed.

Air distribution systems, particularly high-pressure (high
velocity) systems, must be examined during all stages of design and
installation to ensure that theyre quiet systems. The principal
sources of noise in an air system are the fans, the duct distribution
system itself, and terminal deeis. Most fan manufacturers can
readily provide a sound power spetr for a particular fan operat-
ing under a specific set of conditi®. With this information, the
designer can select an acoustit@latment to reduce this sound
energy to an acceptable level. The fan noises most difficult to
remove are those in the lowertawe bands. Thus, sound attenua-
tion in those bands is an impant objective for acoustical treat-
ment of fans with low-frequency characteristics (such as centrifugal
fans). Sounds in the higher octave bands will normally be absorbed
in the duct distribution system, piaularly if the ducts are lined.
For quiet operation, fans should §&lected for maximum static (or
total) efficiency. In variable-air-volume systems, sound pressure
levels should also be checked at minimum system flow condition if
dampers, inlet vanes, or bladigch fan control schemes are used.
In general, large fans at highat pressure conditions produce the
highest noise levels.

Noise and vibration can also generated within and when exit-
ing the distribution system by the movement of air or water. These
problems can be controlled byleeity limitations, appropriate dis-
tribution layout, use of attenuators, and equipment selection. (For
piping design, see Section 5.7y fduct design, see Section 5.8.)
Several noise sources can exist witan air distribution system. In
general, components with higher pressure drops will produce higher
sound levels. Some of the sound-generating elements in ducts
include abrupt transitions, turlauit conditions caused by poor duct
fittings or improper duct taps, pattiaclosed dampers used for bal-
ancing purposes, improperly locatédmpers in duct shafts, sound
traps improperly selected (witinore than 2000 fpm [10 m/s] face
velocity), or installed too close to fans or fittings, sharp bends,
crimping of flexible connectizss, and duct leakage. A pres-
sure-reducing device, damper, oegsure regulator located in a ter-
minal unit may generate noise as the energy expended in pressure
reduction is converted to sounthis is why oversizing of terminal
air devices is undesirable. Large-volume terminals (>2000 cfm
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[950 L/s]) and those with highepressure differentials produce
greater noise levels. Pressure-redgalevices should be installed in
the duct system with sufficietownstream ductwérto absorb the
sound generated by the device. Large terminal units with pres-
sure-reducing devices should rme installed in occupied spaces
without considering acousticaleatment downstream and in the
radiated sound path from the terminal to the room.

Sound can travel through ductwork from one room to another.
For example, an air-conditioning system that serves a series of
music practice rooms will require ductwork with sound baffles
between rooms, lined ducts, or e duct turns to attenuate noise.
Noise control will influence duct configuration, size, and system
static pressure.

The sound produced by roonrrénal equipment cannot be
easily reduced. Control of thiotential problem starts with system
selection and entails careful equipment selection and sizing to
achieve the noise criteria forgiven conditioned space. The more
moving parts in a terminal, the s@r it will be. Air-cooled unitary
terminal equipment is likely to beear the high end of the noise
scale. Water-cooled terminals, including water-source unitary ter-
minals, can be significantly quieter. Air terminal equipment, in
ascending order of noisiness, inauar diffusers, variable-air-vol-
ume boxes, fan-coil units, high-inchibn-ratio terminals, and pack-
aged terminal air conditioners. Continuous terminal noise is usually
less annoying than intermittent or alternating noise. TON&FF
control of terminal refrigeration equipment and air-circulating fans
may produce annoyance even thotigé sound pressure level dur-
ing equipment operation is within acceptable limits.

Terminal equipment, because of its location, provides the few-
est options for acoustical mititien. The solution is essentially in
the selection of the equipment itself. Greater opportunities for noise
control through attenuation (e.gluct lining) and barriers (e.g.,
solid ceilings) are possible when terminal equipment can be located
outside the occupied space (for examplagcing air-mixing boxes
above a ceiling with low-velocity ducts connecting to diffusers). Air
ducts passing through adjacenbmts can be transmission channels
for cross-talk, as can unsealed openings around ducts or pipes.
Cross-talk through such pathsnche controlled through building
design. Occasionally, partitioningilivbe located so as to divide a
room terminal or outlet. This creates a virtually uncontrollable path
for sound transmission between rooms.
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Even inherently noisy terminaljuipment can be engineered to
meet acceptable noise levels for most applications. Different prod-
ucts vary in their acoustical permance. Often such equipment is
not acoustically rated, at leasttran a basis that permits compari-
son with other equipment usingtabg data. When in doubt, con-
sider visiting operating installations or arranging for prototype
testing to ensure that the design objectives can be met.

Vibration from fans, pumps, refrigeration compressors, and
other moving equipment must be kept within tolerable levels. As in
the case of sound, degrees disfaction vary depending upon the
function of an occupied space. Extraordinary precautions must be
taken to protect sensitive areas, such as those housing electron
microscopes or research animal colonies.

Vibration from imbalanced forces produced by a fan wheel and
drive, unless suitably isolated, will pass undiminished into the
structure and be transmitted to occupied spaces, where less stiff
building members (centerpoints of structural spans, windowpanes,
a chandelier in a ballroom) mayspond with noticeable secondary
vibrations. TheASHRAE Handbook—HVAC Applicatiot@ntains
valuable guidance regardingetisolation of moving equipment.

Every member of the building design team must contribute
toward achieving a satisfactory acoustical (including sound and
vibration) environment. It is up to the HVAC&R design engineer to
alert the other parties to their role in this endeavor relative to
HVAC&R equipment.

2.5.4 Central Versus Local Systems

Central HVAC systems generally include centralized source
equipment (chillers, boilers, cliag towers, and perhaps air-han-
dling units) and decentralized or distributed zone equipment. Local
systems include window air coitidners, packaged heat pumps,
and unitary or water-cooled packaged units without central source
equipment. Centralized equipment requires a few large spaces,
while decentralized equipment requires smaller spaces per equip-
ment unit but more of them.

Central boiler and chiller plants use industrial or large com-
mercial-grade equipment. Suchrdar equipment is usually more
efficient than smaller local equipment units. Major maintenance can
be done in one location, away framncupied areas. The integration
of heat recovery from one system to another is facilitated. Central
plant equipment can be sited ame or more locations within a
building, with hot water or steam and chilled water distributed from
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the central equipment room to air-handling units, fan-coils, or other
devices throughout the building. éentral system provides better
opportunities for vibration and n@sontrol since the major equip-
ment need not be located in oan@ccupied areas. Zone control is
provided by terminal units, VAV or mixing boxes, control valves, or
dampers, depending upon system design.

Local systems can provide room or zone control without any
central equipment, but this amaich may be noisier, present more
equipment service problems, andeirfiere with occupant activities
in the spaces. Local (stand-alone) equipment is generally of lower
quality, has a more limited useful life, and, in the case of room air
conditioners and other unitary equipment, is often deficient in
humidification and outdoor air control capabilities. In some cases, it
may be difficult or impossible to provide outdoor air for ventilation
to stand-alone units because tlzeg located remote from an out-
door air source.

Local cooling units require eithair- or water-cooled condens-
ers. They can be readily movéem one location to another if
changes in building use require it. It is often simpler to relocate
stand-alone units than to modify extensive duct and piping systems.
Stand-alone units, however, may have a great impact on the build-
ing facade via numerous louvers connecting the condenser elements
to the ambient air heat sink. \&theless, local systems are com-
monly used with a number of building types where fully indepen-
dent control, low cost, and limited distribution networks are
desirable and access to outdoor air is not a problem.

A closed-loop water-to-air la¢ pump system (see Chapter 7)
involves individual refrigeration compressors, wherein heat is trans-
ferred from units in the cooling ade to the water loop, making the
heat available to units that méag operating in the heating mode.
While the coefficient of perforrmce (COP) of an individual heat
pump may not be as high as tbhatentral equipment, a closed-loop
heat pump system can be morécadnt as a system on a seasonal
basis. These systems often reqairsupplemental boiler to supply
heat when heating demand exceeds coincidental heat rejection from
units in the cooling mode, and aating tower to reject heat when
most units are in cooling mode. A ground-source heat pump system
(Chapter 9) takes this interconnected looping concept a step further.

2.6 COMPUTERS AND HVAC&R DESIGN

Low-cost personal computers have significantly changed the
way practicing engineers design HVAC&R systems. Computers are
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routinely used for load calculations, energy simulations, duct and
pipe sizing, cost estimates, and the preparation of construction
drawings, as well as for office accounting and word processing of
correspondence, reports, and sfieations. Facility with computer-
aided drafting software is becorgim prerequisite for many entry-
level engineering positions. Familiarity with simulation packages is
usually a plus when applying fentry or more advanced positions.

The most common (virtually universal) use of computers in
most design offices is for the production of drawings and specifi-
cations. In most offices, software programs are also routinely used
to calculate design heating and cooling loads. Such programs are
an important analysis tool and, for maximum utility, must have
the capacity to handle a large number of thermal zones. Other
multiparameter calculations, su@s the sizing of ductwork and
piping networks and the analysis of sprinkler loops, can also be
handled by specialized software. Unfortunately, computer pro-
grams are less commonly used for “what-if” analyses, that is, to
help make complex design decisions. Many HVAC systems are
selected based upon the past eigee of the designer and the
lowest first cost, not upon detailed energy studies combined with
life-cycle cost analyses of alternative systems. This is not an
acceptable practice for high-performance buildings.

2.7 CODES AND STANDARDS

All building design efforts are subject to codes—including the
design of HVAC&R systems. Codes are laws or ordinances or other
types of regulations that specify government-mandated minimum
requirements for certain aspects of the design and construction of
buildings. All states in the United States and all Canadian provinces
have building codes. Many large US municipalities have promul-
gated local building codes, which are generally stricter than (or dif-
fer in some respect from) th&tate codes over which they take
precedence. Many US state dadal building codes follow one of
the historic model codes issued by the Building Officials and Code
Administrators International (BOCA), International Conference of
Building Officials (ICBO), or the Southern Building Code Con-
gress International (SBCC). Theodel code picture has changed
recently with the promulgation d@ghe International Building Code
series of model codes, which icallaborative effort of the afore-
mentioned code bodies (ICC). State and local building codes affect
HVAC&R design in several ways. They may, for example, specify
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minimum efficiencies for equipment, minimum ventilation rates,
and various measures for fire and smoke control.

It is becoming increasingly common for clients to require
green building certification for salted projects, which will require
the design team to address tbeS. Green Building Council’s
(USGBC) Leadership in Engy and Environmental Design
(LEED ) Green Building Rating System Federal government
buildings are not subject to stade local codes, but the designer
must follow applicable regulationssued by the General Services
Administration (often referred wimply as GSA) or the responsible
federal department or agency. If state or local codes do not provide
appropriate guidance, use ASHRAJE other suitable standards or
guidelines to establish good design practice benchmark. Consult
the “Codes and Standards” chapter in the back of each volume of
the ASHRAE Handbook.

Codes and standards pertaintogenergy conservation are of
special importance to HVAC&R design. Foremost among these
are ANSI/ASHRAE/IESNA Standard 90.1, Energy Standard for
Buildings Except Low-Rise Residential BuildngNSI/ASHRAE
Standard 90.2, Energy-Efficient Design of Low-Rise Residential
Buildings andANSI/ASHRAE/IESNA Standard 100, Energy Con-
servation in Existing Buildingsand various state and model
energy codes. Standard 9@vas first issued in 1975 and has been
revised numerous times during the ensuing 30 years. In its current
form (Standard 90.1-2007), the standard presents two different
compliance approaches for building design. Underpttescrip-
tive approach, a designer follows a clearly defined methodology
using explicitly stated performance targets for mechanical equip-
ment, lighting, and building envelope assemblies. If a designer
wants more flexibility to employnnovative design strategies or
make trade-offs between systems and strategiesrbry cost
budgetapproach is available. Using this option, a designer simu-
lates the energy performance of a proposed building design and
compares it to the performance of a comparable building meeting
the requirements of the prescriptive method. Actual energy costs
or utility rates in force at the location of the proposed building
must be used in the calculationsthe annual energy cost of the
proposed building design is no greater than that of the building as
designed by the prescriptive approach, the building is deemed to
comply with the standard. The performance approach allows for
greater design flexibility; this, however, requires much more
design and analysis effort than the prescriptive method. Consult-
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ing fees should support the level of effort required to implement
the performance approach to compliance.

Although originally written as a standard for good design and
not as a legal document, Standard 9@l parts of it) has been
incorporated by reference into the building codes of virtually all
states in the United States. Since the standard is often updated
more frequently than state adopting legislation, verify for each
project whether a particular state energy code refers to the latest
version of Standard 90.1 or to an earlier version. As with building
codes in general, several states (notably California and Florida)
have developed their own energy codes that differ to some extent
from Standard 90.1 in terms of requirements and compliance.
These codes take precedence over Standard 90.1 in those states.
Likewise, Canadian building and energy codes will generally
apply in the Canadian provinces.

Standard 90.2 was developed to provide energy-efficient
design requirements for mossidential buildings. Standard 90.2
provides similar compliance optisras Standard 90.1, as well as
providing for an intermediate “trade-off” approach. This standard
has not been as widely adoptedstandard 90.1, however, so the
mechanical designer will likely encounter tHaternational
Energy Conservation Cod¢lCC) or its predecessomodel
Energy Codein residential work. Standard 100 provides energy
efficiency guidance for design woinvolving existing buildings.

An interesting recent trend has bemmattempt to design to bet-
ter-than-minimum energy standards (often to obtain green build-
ing certification). See thédvanced Energy Design Guide for
Small Office BuildinggASHRAE 2004a) for guidance in this
aspect of design.

Other codes of major importance to an HVAC designer are the
national fire codes—especialNFPA 90A, Installation of Air Con-
ditioning and Ventilation SystemandNFPA 92A, Recommended
Practice for Smoke-Control Systentisis good practice to follow
the provisions of these modeld®s when local requirements are
less stringent or do not exisANSI/ASHRAE Standard 55-2004,
Thermal Environmental Conditions for Human Occupareyd
ANSI/ASHRAE Standard 62.1-2Q0Ventilation for Acceptable
Indoor Air Quality (ASHRAE 2007a), provide minimum accept-
able design criteria for comforhd indoor air quality and should be
consulted for every projecANSI/ASHRAE Standard 62.2-2007,
Ventilation and Acceptable Indoor Air Quality in Low-Rise Resi-
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dential Buildings(ASHRAE 2007b), deals with indoor air quality
in residential buildings.

2.8 ECONOMIC CONSIDERATIONS
2.8.1 Overview

No practical engineering design can be independent of econom-
ics. The type of economic analysis to be used, however, strongly
depends upon the criteria of the client, which must be ascertained
before the HYAC&R engineer begins an economic analysis.

The developer of a speculative building is primarily concerned
with first cost, and concern witbperating costs may vary from
minor to none. On the other it an institutional client who
expects to own and occupy a building over its entire useful life is
frequently willing to accept additial first costs if these result in
operating cost savings. On many projects, the United States govern-
ment requires a life-cycle cost aysik (covering capital, operating,
and maintenance costs and includihg effects of interest and cost
escalation). Industrial or commercial clients may want to know the
rate of return on investment (termed RQONIST Handbook 135,
Life-Cycle Costing Manual for the Federal Energy Management
Program is a good resource for thasics of life-cycle costing.

In addition to determining thdient’s preferred method of anal-
ysis, it is critical to ascertain ttodient’s usual or preferred financial
assumptions, such as projected rates of inflation, discount rates, fuel
cost escalation rates, and simitiata. Using the methods and data
generally assumed by the clidot financial projections makes an
economic analysis more applicalbled avoids subsequent criticisms
and objections relative to such necessary assumptions.

Regardless of the method of financial analysis used, annual
costs for each air-conditioning system under consideration must
be determined. Items that should d@nsidered are listed in the
“Owning and Operating Costs” chapter in tASHRAE Hand-
book—HVAC Applicationg-or a realistic analysis, the costs of
maintenance and repairs, which may be difficult to obtain, should
be included in the economic analysis—especially if they are
expected to differ substantially between alternative systems or
equipment. Frequently, manufacturers either do not have such
information or are reluctant to divulge it. Potential sources for this
type of information include opators of equipment similar or
identical to that being designed, operators of other buildings occu-
pied by the client, and publicatis of the Building Owners and
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Managers Association (BOMA). The Hartford Steam Boiler
Inspection and Insurance Company has also collected much useful
data related to equipment failure.

2.8.2 Economic Indicators

Simple Payback Periodlhis indicator is sometimes used to
determine whether a particular #@itzhal first cost is warranted by
projected savings in operating costbe first year's annual savings
are divided into the additional first cost to obtain the simple pay-
back period (in years) to regp the estimated investment. While
the method is very straightforward, it ignores the time value of
money (interest or discount rate). It should be used only for periods
not exceeding three to five years. It can be modified by discounting
savings occurring in future years (see below).

Discounted Cash FlowRevenues (or savings) and costs are
calculated separately for each year over the assumed lifetime of a
building, piece of equipment, or strategy. They are then discounted
and summed to a specified year, usually either the first or the last
year of the analysis period. Thiéscount factor takes into account
the time value of money. If all cosise referred to the first year, the
discount factor for theth year is 1/(1 )", wherei is the discount
rate in decimal form (a 6% rateould be 0.06). If costs are referred
to the last year, the discount factor for title year is (1 )™,
wheren is the number of years over which the analysis extends.

Net Present Value (NPVThe NPV is the difference between
the present value of revenues and the present value of costs. It is the
sum of all annual discounted cash flows referred to the first year of
the analysis. The higher the NPV the more desirable a project, sub-
ject to the initial cash limitations of the investor.

Life-Cycle Cost(LCC). This is the discounted cash flow,
including first cost, operating costs, maintenance costs, and any sal-
vage value, usually referenced to the last year of the analysis.
Life-cycle costing is required on many federal government projects.

Profitability Index. The profitability index is defined as the
ratio of the net benefit to the netstolt can be expressed as (NPV +
C)/C, whereC is the total initial investment. This index normalizes
the total benefits to a single unit imlvested capital. It is a useful
concept for making choices among different projects when the
amount of available capital for investment is limited.

Internal Rate of Return (IRRYhe IRR is the discount rate
that makes the NPV equal to zeltds obtained by iterative calcu-
lations once the cash flow stream has been identified. Because the
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IRR is a percentage, it is intuitively easy to communicate to a
broad variety of clients. An investor may have a “hurdle rate,”
which is the minimum acceptable rate of return for a project. If
the IRR is higher than that, the project will be undertaken; if it is
not, the investor will balk.

After-Tax AnalysisAn after-tax analysis includes the effects of
taxes, particularly income taxes, on the financial aspects of the
project. These have to be calculated for each year before discount-
ing, as illustrated in the “Owninand Operating Costs” chapter in
the ASHRAE Handbook—HVA&pplications

Levelized CostThis method is generally used only by public
utilities, since their rates are dwsed upon an allowable return on
investment. It does not usually apply to private sector analyses.

Economic analyses may be pmrhed either in current (nomi-
nal) dollars or in constant dollars (where the effects of inflation are
removed). Constant dollar analyses are generally easier to use and,
for that reason, are often prefedl. Many economists also believe
that they yield a more accurate picture of the financial viability of a
project. However, since certain tax items, such as depreciation, are
always given in current dollars,taf-tax financial analyses must be
conducted in current dollars.

In private investment analysis, the discount rate is generally
based upon the investor’s cost of italpor required rate of return.
This rate may be increased to account for technological uncertain-
ties or perceived risks. In public investment analysis, the discount
rate should be at least equal to the cost of borrowing money on the
part of the government agency plus an amount representing the
public’'s lost opportunity cost (by the purchasers of the govern-
ment bonds).

2.8.3 Rentable Area

The rentable area of a tenamisapied building is the basis for
determining income potential. Full-service leases, including utility
costs, are based upon this parteneThe rentable area may be
defined in the lease, sometimesreference to a standard, such as
that of BOMA. Strangely, many leases fail to define the term, and it
becomes defined by the established practice in an individual build-
ing by default. Significant disparity can occur among buildings in
the same region. For an office building, the definition will vary
somewhat depending upon whethdtoar is leased to single or to
multiple tenants. For single tenantise rentable area is often mea-
sured from the inside surface of the exterior walls less any areas
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connecting with and serving other floors, such as stairs, elevator
shafts, ducts, and pipe shaftsil@orooms, mechanical equipment
rooms serving the floor, janitorial closets, electrical closets, and
column spaces are included in the rentable area. For multiple ten-
ants on one floor, the term udlyaexcludes public corridors, lob-
bies, toilet rooms, mechanical equipment rooms, etc.

2.8.4 Space Utilization

The ratio of net rentable space to gross building area (spatial
efficiency) is an important indicator of the profitability of a build-
ing. Building construction costare related to the gross area,
whereas income potential relateghe rentable area. The ratio usu-
ally ranges from 90% to 75%—and tends to be higher for larger
buildings. This ratio can be significant in the economic evaluation
of air-conditioning alternatives. The air-conditioned area—which
relates most closely to mechanical equipment initial and operating
costs—may be similar to the single-tenant rentable area defined
previously. Construction costs, including mechanical costs, how-
ever, are reported on the basis of gross building area. Therefore, if
such cost information is to be ad for budgeting of initial cost,
gross area should be used to tgemtotal construction cost model.
On the other hand, operating costay be more realistically based
upon rentable area.

To some degree, a building's air-conditioning system can influ-
ence the ratio of rentable area to gross area. While equipment
located on the floor under windows may occupy otherwise usable
space, this space is almost alwagsluded in the rentable area.
Thus, no reduction in incomes@ts from the use of underwindow
units. If air-conditioning equipmend serve each floor is located in
a mechanical equipment room on that floor, such space may also be
included in the net rentable ar€zompare this concept to a central
system serving an entire buildifrpm a rooftop penthouse through
supply and return duct shaftways. Due to the method by which rent-
able area is defined, the pentkewand the shaftway space may be
considered non-revenue-produgi Thus, paradoxically, even
though more total building areand perceptually more valuable
space may be used by locating equipment on the tenant floor than
by putting it in a rooftop penthous@ad using duct risers, the decen-
tralized arrangement could resiritmore revenue and a better net
return for the construction cost investment.
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2.8.5 Public Utility Tariffs (Rate Schedules)

The design engineer must be fhan with the details of the tar-
iffs of the local electric utility (ad the gas utility if gas service is
contemplated for the building). This is necessary for a detailed
analysis of operating costs, aitcenables the designer to look for
ways to take advantage of the utiligte structure to decrease these
costs. Sometimes advantageous rates can be negotiated with the
local utility if special conditions exist (such as off-peak loading
resulting from thermal storage or an agreement to shed loads during
times of peak demand).

Most utility tariffs for nonresidntial buildings consist of eus-
tomer chargea demand chargeand anenergy chargeFew resi-
dential tariffs include demand alges, primarily because of the
relatively high cost of demand meters. The customer charge is a flat
monthly “service” charge. The ergy charge is an overall con-
sumption charge per kilowatt-hogor Btu or cubic foot of gas)
used. It may be a flat chargeadecreasing block charge in which
the cost per unit of energy decreases as monthly use increases or an
increasing block charge in which the opposite occurs. Some tariffs
make the energy charge a functiamong other variables, of the
monthly demand.

The demand charge is basagon the highest monthly draw
that a customer makes on the utility network (electric kKW or gas
Btu/h), usually measured at 1& 30-minute intervals. Some utili-
ties calculate their monthly charges on a billing demand that is
never less than a certain fraction of the highest demand during the
previous 12 months (called a ratchet clause). Thus, a high air-condi-
tioning demand during a partieuly hot summer day may raise
utility costs for a customer for antée year. It is thus beneficial to
investigate methods of avoiding simultaneous operation of high-
demand equipment, if that is feasible. Thermal storage (see Section
9.2) and control strategies (see Section 9.3 and Chapter 10) are
methods of accomplishing this; they may also contribute to a reduc-
tion in time-of-use charges.

Time-of-use chargesn which demand and/or energy rates
depend upon the time of day during which they are made, have
become more prevalent. Somglities have even introduced them
for their residential customer&enerally, rates are higher during
periods of heavy use (on-peak, daytime) and lower during periods
of light use (off-peak, nighttime)Some utilities reduce or waive
their demand charges duringf-peak periods. These periods may
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be nights, weekends, or even emBeasons of low demand, such as
the summer months for gas uséus, time-of-use or other charges
may differ from summer to winter.
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CHAPTER 3
OccuPANT COMFORT AND HEALTH

3.1 CONTEXT

One of the first steps in designing an air-conditioning system
is to establish comfort and healthteria for the various spaces in
the building. These criteria support the established design intent
and should become part of the Owner’s Project Requirements
document. Such criteria should include space temperature and
humidity, air speed surrounding occupants, mean radiant tempera-
ture (MRT), indoor air quality requirements, and sound and vibra-
tion levels. The selection of ampriate design criteria will be
influenced by a number of conditions: the ages and activities of
the occupants, the occupant density, and the contaminants likely
to be present in the spaces. The physical character of the space
can have some bearing on occupant comfort. For example, surface
temperatures of walls and floors can affect thermal comfort and
influence the design space temperature. Assumptions regarding
occupant clothing will influence comfort criteria.

The designer must also consiceconomic parameters. A bal-
ance frequently must be sought between optimum environmental
conditions and system performance capabilities on the one hand
and first and life-cycle cost targets on the other. There are usually
numerous equipment and system sohs to any given intent/crite-
ria set. Also, carefully considére construction and operating com-
plexity of the system concept®esign objectives will have but a
slim chance of being realizedfl system design features reach
beyond the capabilities or understiéng of operating and mainte-
nance staff (assuming there is swsthff). This point cannot be
overemphasized and deserves serious discussion with both client
and contractor at an early stage.

47
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3.2 THERMAL COMFORT
3.2.1 Thermal Environmental Conditions

Satisfaction with the thermatnvironment is based upon a
complex subjective response to several interacting variables. The
design, construction, and use of @ecupied space, as well as the
design, construction, and opgoa of its HVAC systems, will
determine the extent of satisfimet with the thermal environment.
Not all individuals perceive a given thermal environment with the
same degree of acceptability. The perception of comfort relates to
an individual's physical conditiorhodily heat exchange with the
surroundings, and physiologicalatacteristics. The heat exchange
between an individual and his/her surroundings is influenced by

e dry-bulb air temperature,

« relative humidity (RH),

e thermal radiation (solar and mean radiant),

e air movement,

e extent of clothing,

e activity level, and

« direct contact with surfaces not at body temperature.

While ideal thermal conditions are difficult to define for any
one individual in a particular g&tg due to personal preferences,
Standard 55 (see below) specif@mditions likely to be thermally
acceptable to at least 80% of #dult occupants in a space. A more
complete explanation of the limits of these conditions, factors affect-
ing comfort, and methods for thaletermination and measurement
can be found in Standard 55 andhie “Physiological Principles for
Comfort and Health” chapter in th 8SSHRAE Handbook—Funda-
mentals It is important to remember that thermal comfort is more
than just a response to temperature.

3.2.2 Temperature and Humidity

The design space temperature and humidity for both heating
and cooling seasons should be loase Standard 55 for most appli-
cations. The standard establishes a comfort zone (Figure 3-1) for
people in winter and summer clothing engaged in primarily seden-
tary activities (1.2 met). If a designer selects values from the center
of the comfort envelopes, tempanas of 77°F [25.0°C] for sum-
mer and 72°F [22.2°C] for winter are the likely choices, with RH
values of 45% and 50%, respectively. With respect to energy effi-
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ciency, the use of design values that are within, but on the fringes
of, the ASHRAE comfort zone makes sense. At the fringes, careful
attention must be paid to the &dts of the other comfort variables
lest discomfort result from draft or MRT.

As the comfort chart (Figure 3-1) indicates, RH does not have a
significant bearing on thermal comfan most situations as long as
the space dry-bulb temperature is within the comfort range. RH,
though, does affect odor perceptibility and respiratory health.
Because of these consideratiod8% to 50% RH is a preferred
design range. Maintaining humidity within this range during winter,
however, is complicated by (1) energy use considerations, (2) the
risk of condensation on windows and window frames during cold
weather, (3) the risk of condensation within the exterior building
envelope, and (4) the need to provide and maintain humidifying
equipment within the air-conditiomg system. The economic value
of winter humidity control foroccupant well-being is not always
appreciated by designers. Significantly reduced absenteeism among
children, office workers, and army recruits as a result of winter
humidification has been reporté@reen 1979, 1982). Where win-
ter humidification is provided focomfort, a minimum RH of 30%
is generally acceptable. This valmmay need to be reduced during
extremely cold outdoor conditions—below 0°F [-17.8°C].

If a higher humidity is acceptable under summer conditions,
considerable energy savingsan be realized, as shown in
Figure 3-2. To determine an approximate value of the energy used
for dehumidification at a constan8°F [25.6°C] dry-bulb tempera-
ture, enter the annual wet-bulb degree-hours above 66°F [18.9°C] at
the bottom left, intersect this value with a chosen indoor RH, then
draw a vertical line to the weekhours of cooling system operation
and read the energy used on theargpft scale. Repeating this pro-
cedure for a different value of Ryields the energy savings obtain-
able by raising RH. Be cautious, however, about choosing
excessively high humidities. Computer rooms (particularly their
printers), photocopy rooms, and drafting rooms/studios are exam-
ples of spaces where RH in excess of 50%—-55% is undesirable or
unacceptable. To prevent the growth of mold and mildew, RH
should be maintained below 60%.

Air speed and MRT are environmental variables that will affect
thermal comfort and can be used to enhance comfort potential
while reducing energy use. See &at 3.4 for further discussion of
air motion. MRT can be thought of as the weighted average surface
temperature of the surroundinddRT varies as surface tempera-
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Figure 3-2. Summer energy requirements for dehumidification (Dubin
and Long 1978).

tures change, varies from location to location within a space, and
affects heat transfer to/from occupants via radiation. Although
MRT conditions usually result from architectural decisions (such as
glazing type or wall/roof R-values), MRT can drastically impact
occupant comfort and must be considered during the design of
HVAC systems.
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3.2.3 Zoning Considerations

Even when appropriate design conditions (primarily tempera-
tures) are selected, they are aghble only through the actions of
appropriate space control instrumentation and then only within
variations determined by the cowitband of that instrumentation
(see Chapter 10). Furthermore, theer the control zone (and the
distance from occupant to contra)l@nd the more diverse the ther-
mal load characteristics within the zone, the more the selected
parameters affecting occupant comfort will vary.

The obvious desirability of indidual occupant control of ther-
mal conditions is usually compromised by the physical arrange-
ment of a space, the mobility tife occupants, the inherent system
capabilities, and the high cost of providing a temperature control
zone for each person. The degmfecompromise is an important
design concern. A single zone (one thermostat to control space tem-
perature) throughout a commercialilding is not appropriate and
will guarantee low occupant satisfaction. This is especially true if
the building is compartmented, as in an office building.

Each compartmented space (room) can become a control zone
if provided with a thermostat (@ther control device) and a means
of regulation to produce the propeeating and/or cooling capacity
to maintain the desired room ratditions. If separate systems pro-
vide heating and cooling (such as overhead air system for cool-
ing and perimeter fin-tube radiation for heating), one of the
following control methods may be used:

e Coordinated thermostat control of both heating and cooling
systems.

¢ Independent space temperature controls for each system,
although this method risks conitffighting” and energy waste
if the heating setpoint is ¢iiher than the cooling setpoint.

e Local zone control of one system while control of the other
system is grouped to serve several zones with common load
characteristics—such as all zones sharing the same exposure.

The last alternative is often used in office buildings. For exam-
ple, supply air terminals may be provided for each office module,
but the perimeter heating system for an entire building (or for sepa-
rate exposures of a building) may be controlled from a common
point. Attempting to both coohnd heat a number of perimeter
rooms with different solar exposures and potentially diverse thermal
characteristics from a single coritdevice is not recommended.
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Whenever possible, rooms that require the same environmental
conditions should be grouped in a single zone. This simplifies the
system design and makes it less costly to install and operate. On the
other hand, interior and perimetgraces should almost always be
on separate systems or controines because of the disparity of
their thermal loads. Rapid cycling of space temperature—as can
occur withoN/oFF control—is yet another system and control con-
sideration that can affect occupant comfort.

Decisions regarding zoningqeirements and the related cost
implications must be resolvethrough the collaboration of the
design team, the owners, and, if feasible, the prospective tenants.
Appropriate zoning is critical to occupant comfort and HVAC sys-
tem success. In addition to definitige size of temperature control
zones, the degree of control dediteas considerable impact on the
selection of the air-conditioning system.

3.3 INDOOR AIR QUALITY

Acceptable indoor air quality idefined by Standard 62.1 as
“air in which there are no known contaminants at harmful concen-
trations... and with which a subst&@l majority (80% or more) of
the people exposed do not express dissatisfaction.” ASHRAE
addresses indoor air quality bdtfrough Standard 62.1 (nonresi-
dential) and Standard 62.2 (igential). These standards focus
upon ventilation but also deal with filtration. They do not expressly
consider reduction of pollutants at the source.

The termventilationis often used to refer specifically to out-
door air introduced into a conditied space, not to the total amount
of air supplied to the space. The definition of ventilation from Stan-
dard 62.1, however, is “the process of supplying air to or removing
air from a space for the purpose of controlling air contamination
levels, humidity, or temperature within the space.” This word must
be used with caution.

When a quantity of ventilation air is specified, it typically
refers to the outdoor air portion only—except in special cases
defined in Standard 62.1. The total amount of air supplied to a par-
ticular space is generally dete@ned by the cooling load require-
ments of the space, subject tlee minimum ventilation airflow
specified in applicable codes or standards for that type of space.

3.3.1 Ventilation Techniques

The purpose of ventilation for indoair quality is to introduce
contaminant-free air into an occegispace at ateand in a man-
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ner sufficient to dilute or remowntaminants generated within the
space to a satisfactory degree relative to occupant comfort and
health. Buildings are usually viélated by supplying filtered out-
door air through the HVAC system. Different HVAC systems pos-
sess different capabilities to meet ventilation requirements.

Natural airflow through open windows or through infiltration is
the ventilation method of choice for many residences and other
small buildings. Such airflow is variable, however, and (to a large
measure) hard to quantify andntrol. Cooling (and indoor air
quality) systems designed to utdinatural ventilation are common
in Europe, but they are rare iretiUnited States. Mechanical venti-
lation dominates design in the United States.

Local and general exhaust systems usually complement a ven-
tilation system by containing and removing selected contaminants
at the source, as is the case with a bathroom exhaust. It is common
practice to supply sufficient outdoor air through an air-conditioning
system to make up for air th& exhausted plus an additional
amount of air to provide building pressurization to offset infiltra-
tion. Energy considerations generalyggest that the ventilation air
supply not be increased above the amount needed for dilution of
contaminants, except to balaredaust airflow and provide nomi-
nal pressurization. Large-scale infiltration is more effectively lim-
ited by ensuring reasonable tightness of the building envelope.

Ventilation is not the only means of limiting contaminant lev-
els, and it should not be considdra cure-all. Filtration, for exam-
ple, is discussed in Section 3.35urce control, where practicable,
is most effective. Building materials, such as carpet and wall cover-
ings, should be selected for low emission of volatile organic com-
pounds. Physical containment or segregation of emission sources
may be appropriate. Indeed, control of some sources may be
beyond the capabilities of even a well-designed ventilation system.
The objectives and capabilities af proposed ventilation system
should be understood by all who are concerned with the construc-
tion and operation of the building.

3.3.2 Indoor Air Contaminants

To better understand the methods for controlling indoor air
contamination, the designer shouladerstand the general nature of
such contaminants. Indoor air contaminants can be solids, liquids,
or gases (vapors). Some can biants or odiferous, thus affecting
occupant comfort. The same contaminants at higher concentrations,
as well as others of which cgpants may be unaware, can pose
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health risks. People vary in their sensitivity to contaminants.
Minute concentrations of certain fungi and other impurities can
cause serious discomfort and impairment in sensitive individuals
while not affecting most occupantStandards for vapors specify a
quantity of pollutant per unit voloe of air, in parts per million
(ppm). Standards for particlestef specify the mass concentration
of particles expressed in micrograms per cubic meter §gFhe
standards typically include all particle sizes—the total suspended
particulate concentration (TSP). Large particles are filtered by the
nasal passages and generally cause no adverse physiological
response unless they are allergenic or pathogenic. Smaller, respira-
ble suspended particles (RSP) ianportant because they can lodge
in the lungs. Respirable patts range in size up to 5 um.
Particles of specific interest include:
« Respirable particulates as a group
e Tobacco smoke (solid and liquid droplets), which also contains
many gases (note that Stand&2l1 explicitly assumes that
there is no environmental tobacco smoke in establishing typical
ventilation rates)
e Asbestos fibers
e Allergens (pollen, fungi, mold spores, and insect feces and
parts)
e Pathogens (bacteria and viruses), which are almost always con-
tained in or on other particulate matter
Gasses/vapors of interest include:
e Carbon dioxide (C9Q

e Carbon monoxide (CO)

« Radon (decay productsdmme attached to solids)

¢ Formaldehyde (HCHO)

e Other volatile organic compounds (VOCs)—comprising a wide
range of specific compounds

Some contaminants, such as sulfur dioxide)S@re brought

in along with outdoor air via mechanical ventilation or infiltration.
Other contaminants found in outdoor air, such as nitrogen oxides
and carbon monoxide, may have indoor sources as well. Most
indoor pollutants, however, emanate from inside sources. People
are sources of CO biomatter, and other contaminants character-
ized as “body odors.” Peopldstivities (cleaning, cooking, gluing,
refinishing furniture, photocgpng, etc.) also cause pollution.
Building materials and finishes can “outgas” or “offgas” pollutants.
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Furnishings, business machines, and appliances (particularly
unvented or poorly vented wood- and fossil-fuel-burning heaters
and stoves) can be contaminauturces. The soil surrounding a
building can be a source of radand/or pesticides that enter the
building through cracks, drains, diffusion. Standard 62.1 speci-
fies maximum concentration levels of common indoor contami-
nants. It also sets forth acceptablality parameters for outdoor air
used for building ventilation. If the outdoor air source exceeds the
allowable contaminant parameters, it must be cleaned or purified
prior to introduction into occupied spaces.

Heating, ventilating, and air-conditioning systems, plumbing
systems, and poor construction or maintenance practices can pro-
duce “environmental niches” where pathogenic or allergenic organ-
isms can collect and multiply to théxe introduced into the air. An
additional complicating factor in the buildup of contaminants is the
variation in dilution rates and efféveness of the ventilation deliv-
ery systems often found in buitdjs. Contaminant concentrations
vary spatially as well as over tan These variations add further
nonuniformity to pollutant concentrations.

3.3.3 Determination of Ventilation Rate

Standard 62.provides the designer with a means of determin-
ing ventilation rates needed to &sle acceptable indoor air quality.
The standard offers the designeotprocedures for determining the
required ventilation rate—the m#lation rate procedure and the
indoor air quality procedure.

The ventilation rate procedure provides prescriptive rates, usu-
ally on the basis of cfm [L/s] adutdoor air per occupant and unit
area of floor, for an array of plications. Unless unusual pollutants
are present, these rates are inezhtb produce acceptable indoor
air quality. The basis for the cgpancy ventilation rates is an
underlying minimum outdoor airflow per occupant as a means of
controlling CG, to a concentration of 1000 ppm. Although ger
seis not a contaminant of concern at this low concentration, it is an
easily measurable surrogate fither contaminants, such as body
odors. The indoor air quality proage offers an analytical alterna-
tive, allowing the designer to gimine the ventilation rate based
upon knowledge of the contaminarbeing generated within the
space and the capability of thentilation air supply to limit them
to acceptable levels.

While Standard 6Zontains guidelines concerning maximum
concentrations of some polluts, “threshold limit values” for
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industrial applications and otheollutants are published by the
American Conference of Governmental Industrial Hygienists
(ACGIH 1992. Frequently, local building and occupational codes
prescribe threshold limit values and ventilation rates. When they are
more stringent than current ASHRAE and ACGIH recommenda-
tions, they must be followed unless waived by the governing
authority; when they are less stringent, the ASHRAE (or ACGIH)
guidelines are recommended sittbey generally represent a more
recent consensus of expert opimion the subject and may carry
legal weight.

3.3.4 Air Cleaning

The selection of air filters, gaor vapor removers, or other
methods of air contaminant reduction influences the quality of the
ventilation air supply, the dilution pability of the total air supplied
to the occupied space, the concentration of room air contaminants,
and the resultant occupant healtid comfort. Filtration above 50%
efficiency according to the ASHRAE dust-spot determination
(ASHRAE 1992) (equivalent to 10 MERV) must frequently be
installed if the particulate limits established by ACGIH and Stan-
dard 62.1for ventilation air are to be rheFilters with efficiencies
above 80% dust spot (13 MERV) can be effective in removing a sig-
nificant portion of respirable particulate contaminants. Dust spot
ratings have historically been ustdclassify filters; minimum effi-
ciency reporting value (MERV) ratings are replacing dust spot rat-
ings (ASHRAE 1999).

When high-efficiency air filterare installed in an air-handling
unit, the total supply airflow Hgs control particulate concentra-
tions within a space. Consequentyl-air constant-volume systems
(and, to a lesser extent, variabldwme systems), if equipped with
such filters, can produce respiraplticulate concentrations in the
building environment that are lower than those achievable by sys-
tems in which the supply airflow rate is solely limited to the ventila-
tion rate (typical of air-and-water systems).

Certain applications demand removal of gaseous contaminants
present in the outdoor air or produced within the conditioned space.
Harmful gases and vapors can be removed by adsorption or oxi-
dization. Activated carbon is ehadsorptive material most com-
monly used in HVAC systems. Potassium permanganate
impregnated into the carbon or amraina base is used to oxidize
certain chemicals for which carbon has limited effectiveness.
Before being incorporated into a design solution, efficacy limita-
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tions, bed depth requirements, and maintenance procedures should
be thoughtfully evaluated in light of the need for such a system.

Air washers (see Section 5.2.3) are also effective in reducing
SO, and other acid-forming gases. But such scrubbers need contin-
uous maintenance to keep the recirculated water from becoming
highly corrosive and the reservoir a breeding ground for biological
contaminants. Rare-book roomsdawmaluable artifact display or
storage areas in museums and archival depositories are candidates
for gas removal provisions, but the operations and maintenance
staff should understand that calemaintenance is required for
effective performance. Notwithstanding such gas removal provi-
sions, the ventilation rate in these types of spaces should be main-
tained at no less than 15ncf[7.1 L/s] per person (except as
otherwise permitted by Standard 62.1) to limit the carbon dioxide
concentration.

3.4 ROOM AIR DISTRIBUTION
3.4.1 Predicting Thermal Comfort

Standardb5 is based upon the presumption (explicitly stated
in early versions of the standard) that “there is no minimum air
movement that is necessary for thermal comfort,” although this is
contrary to the experience of many building operators (see Section
3.4.2). The standard further prescribes a maximum rate of air
movement (air speed) of 30 fpm [0.15 m/s] for winter and 50 fpm
[0.25 m/s] for summer. Those values essentially agree with the
data found in the “Space Air Diffusion “chapter in th& HRAE
Handbook—Fundamentals

That chapter of thélandbookdescribes different methods of
room air distribution. It also prests a space air distribution perfor-
mance index (ADPI), which perits prediction of the comfort
potential that can be achieved with a given supply air distribution
design. The higher the index, the more uniform the conditions of
comfort as determined by tempaure variation from a control
value and air velocities at various locations in the occupied zone.
Using the guidance of that chaptaigesigner can develop air distri-
bution layouts that are likely to maintain a high probability of ther-
mal comfort. Note that the ADPI concept is based upon research
using a space (or control) temperature of 76°F [24.4°C]. Therefore,
ADPI predictions apply only if the average space temperature is
close to that value. For instance, if a room is maintained at 68°F
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[20.0°C], it is likely to be coridered uncomfortably cool even
though the ADPI is quite high.

3.4.2 Minimum Air Motion

Low air velocity affects the ability of a conventional HVAC
system to maintain uniformity démperature throughout the occu-
pied zone and to dilute contaraints generated within that zone.
Occupant comfort has been reportedsuffer as a consequence of
low total supply airflow in a space, even when the space tempera-
ture is well inside the comfort envelope. Because of this, many
designers have adopted a minimum total supply airflow benchmark
of 0.6 to 0.8 cfm/ft [3 to 4 L/s per n°'|] for office applications.
These values are based upon Hraia system with conventional
supply outlets. They can be reduced when outlets with high induc-
tion ratios are employed, since these outlets increase the average
room air motion.

Minimum room air circulation is particularly important in the
case of VAV systems when the conditioned air supply may be
greatly reduced in response to retilons in the sensible cooling
load. VAV systems should generaliyaintain a minimum supply of
0.35 cfm/ff [1.78 L/s nf] in occupied spaces, even when space
cooling loads are low. Fan-powertiminals can be used to main-
tain higher circulation rates dugrimes when space cooling loads
allow minimal conditioned air delery. Fan-powered terminals can
be used to maintain a minimum circulation rate.

When using outlets with horizontal discharge patterns, con-
sider the following points:

1. An outlet with a relatively lo throw coefficient will produce a
smaller absolute change in tiwraalues with variation in vol-
ume and, thus, tend to minimize changes in air motion within
an occupied space due to changes in air supply.

2. Choose outlets for relativemall quantities of air. This will
make absolute values of throw vary least with variations in out-
let flow rate. If the applicatiorequires modular outlet arrange-
ments for occupancy flexibility, the number of outlets does not
need to be increased.

3. All outlets have a toleranceftinrow and pressure drop that per-
mits their use without concerior small volume reductions.
Not all diffuser types, however, have desirable characteristics
for large volume reductions. To obtain maximum leeway for
airflow reduction, select diffusers for full volume at full capac-
ity and maximum permissible outlet velocity.
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In cold-air systems, air is pplied at low temperatures, e.g.,
less than 50°F [10°C], to reduce both capital and operating costs
compared to systems using conventional supply air temperatures
(see Section 9.3.8). Here again, sglecare in selecting supply air
terminals is necessary to ensaequate air circulation and avoid
occupant exposure to cold airstreams.

Another cause of occupant complaints, not always coincident
with uncomfortable space temperature, is shoulder-high partition-
ing. In such layouts, occupantsay spend long periods sitting
inside a box that is fully enclosed except at the top. The ventilation
effectiveness of an otherwise excellent space air distribution system
can be defeated by such partitiogni A solution that will yield ade-
guate air motion in the occupied zoftliee box) to some extent rests
with the design of the partitiomj system. Nonetheless, prime
responsibility for the environmental conditions within such cubicles
rests with the HVAC designer. Mdaining a good rate of air circu-
lation within the overall space witle a partially mitigating factor.

Air distribution in some specifioccupancies, such as theaters,
hospital operating rooms, labtwaies with exhaust hoods, and
cleanrooms, requires special anakysf both the air supply and the
return or exhaust distribution systems.

Air-and-water systems inherently supply less air to the occu-
pied space than all-air systen@eneral air circulation is enhanced
by the terminal unit if it is a fageil (or induction) unit. Radiant
panel systems do not substantiabntribute to air circulation.

3.4.3 Jet Stream Air Distribution

Some all-air systems incorporate air jets that sweep over the
occupant’s workstation. Flow and direction are manually adjustable
to provide individual control. Thigefined form of spot cooling has
the advantages of reduced cooling load and reduced total airflow.
This application, however, is not common in buildings in North
America.

3.4.4 Return Air

Except in unusual circumstancesturn air finds its way back
to the air-handling unit. As a rulthe provisions made for return air
do not materially influence occupiacomfort. An exception is the
placement of return air grilles doclose to supply air terminals,
which may short-circuit space air distribution. Conversely, locating
a return air inlet over concentrathdat sources (such as high-watt-
age equipment) can help prevéetat buildup around such sources.
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Recommended face velocities at ratair inlets are given in the
“Duct Design” chapter in thASHRAE HandboekFundamentals

3.5 NOISE AND VIBRATION

Air conditioning was once known as the “unseen servant.” To
offer occupants a complete rangf comfort, it must be the
“unheard servant” as well. This is true except in those cases where
air-conditioning “noise” is discreetly blended to produce a pleas-
antly balanced background soulestel over the audible frequency
range, which then becomes alegme mask for disagreeable or
distracting noises.

An initial step in HVAC system design is to establish space
noise criteria. These criteria shdlbe communicated to the client
for approval early in the design process. All noise-generating
sources within the air-conditionirgystem must be identified, and
their sound power output musé controlled or mitigated. Methods
for accomplishing this argescribed in Section 2.5.3.

3.6 REFERENCES

ACGIH. 2001.Documentation of th&hreshold Limit Values and
Biological Exposure Indices’th ed. American Conference of
Governmental Industrial Hygienists, Cincinnati, OH.

ASHRAE. 1992 ANSI/ASHRAE Standard 52.1-1992, Gravimetric
and Dust Spot Procedures for Testing Air Cleaning Devices
Used in General Ventilation for Removing Particulate Matter
Atlanta: American Society dfleating, Refrigerating and Air-
Conditioning Engineers, Inc.

ASHRAE. 2004. ANSI/ASHRAE Standard 55-2004, Thermal
Environmental Conditions for Human Occupan®tlanta:
American Society of Heating, Refrigerating and Air-
Conditioning Engineers, Inc.

ASHRAE. 2005. 2005 ASHRAE Handbook—Fundamentals.
Atlanta: American Society dfleating, Refrigerating and Air-
Conditioning Engineers, Inc.

ASHRAE. 2007aANSI/ASHRAE Standard 52.2-2007, Method of
Testing General Ventilation Air-Cleaning Devices for Removal
Efficiency by Particle SizeAtlanta: American Society of
Heating, Refrigerating and Air-Conditioning Engineers, Inc.

ASHRAE. 2007b ANSI/ASHRAE Standard 62.1-2007, Ventilation
for Acceptable Indoor Air QualityAtlanta: American Society
of Heating, Refrigerating and Air-Conditioning Engineers, Inc.



62 OCCUPANT COMFORT AND HEALTH

ASHRAE. 2007c ANSI/ASHRAE Standard 62.2-2007, Ventilation
and Acceptable Indoor Air Quality in Low-Rise Residential
Buildings Atlanta: American Society of Heating, Refrigerating
and Air-Conditioning Engineers, Inc.

ASHRAE. 2007d. ANSI/ASHRAE/IESNA Standard 90.1-2007,
Energy Standard for Buildirgy Except Low-Rise Residential
Buildings Atlanta: American Society of Heating, Refrigerating
and Air-Conditioning Engineers, Inc.

Dubin, F.S., and C.G. Long, Jr. 1978nergy Conservation
Standards for Building Desig Construction and Operation
p. 164 New York: McGraw Hill.

Green, G.H. 1979. The effect midoor relative humidity on colds.
ASHRAETransaction85(1).

Green, G.H. 1982. The positive camegative effects of building
humidification.ASHRAE Transactior$3(1):1049-61.



CHAPTER 4
LOAD CALCULATIONS

4.1 CONTEXT

The accurate calculation of heating and cooling loads is essen-
tial to provide a sound bridge tiieen fundamental building design
decisions and an operating builg. If loads are substantially
underestimated, occupants and assill likely be hot or cold. If
loads are substantially overestimated, equipment will be oversized
(usually wasting money, reducing efficiency, increasing energy con-
sumption, and often imperiling coort). Accurate load calcula-
tions are an important part of tdesign process. This importance is
underscored by the constant evolution of load calculation method-
ologies—which has steadily madetbcalculations more complex,
less intuitive, and more dependent upon computers.

It is imperative that a beginning HVAC&R engineer have a good
grasp of the fundamentals of load calculation concepts. Total reliance
upon computer software for load analysis is not wise. The adage
“garbage in, garbage out” appliesfeetly well to load calculations.

Equipment and systems are sibeun “design” loads, which are
calculated using statistically significant weather conditions that
reflect a building location’s climat A design heating load represents
heat loss from a building under a series of generally agreed upon
assumptions. A design cooling load represents heat flow into a build-
ing via the building envelope anain internal sources, again under a
commonly accepted set of assumptions. The teyat gainis gener-
ally used to describe undifferentiated heat flow into a building or
space. The terroooling loadis used to describe that portion of heat
gain that will affect air (as oppad¢o building material and content)
temperature at a given point in timniEhe vast majority of air-condi-
tioning systems respond directly cooling loads through thermo-
static control (and only indirectly to heat gains).

63



64 LOAD CALCULATIONS

Loads are sensible (affecting s&mperature) or latent (affect-
ing relative humidity) or a combétion of sensible and latent.
Loads may be external (passitigough the building envelope) or
internal (originating within thebuilding envelope). Space loads
affect a particular portion of a building at some point in time; equip-
ment loads are those seen lyuipment at some point in time.
Equipment loads for central comments may not equal the sum of
design space loads due to diversity (noncoincidence) of loads, such
as between east-facing and west-facing rooms.

Sensible and latent heating and cooling loads arise from heat
transfer through the opaque building envelope; solar heat gain
through windows and skylights; infiltration through openings in the
building envelope; internal heat gains due to lighting, people, and
equipment in the conditioned spagcasd outdoor airflow for venti-
lation and building pressurization. These loads are described in
detail in several chapters in tRe&SHRAE Handbook—Fundamen-
tals. Typically, design heating loazhlculations do not include heat
gains to the space, since peak losses typically occur during the night
(unoccupied hours for most noniaential buildings). When appro-
priate, heating credit may be taken for a portion of lighting, occu-
pancy, and equipment gains—but not for solar gains (passive-solar-
heated buildings are an exception to this general rule).

Development of a comprehensive building energy analysis
requires the HVAC&R designer to consider the many loads, other
than just the design load, that octiwroughout a typical year in the
life of a building. This type ofnalysis requires year-long hourly
weather data (rather than just destonditions) and substantial com-
putation to calculate loads at off-peak conditions and the resulting
response of equipment to such loads. Although there are some man-
ual methods that allow an approximation, accurate energy analyses
require fairly sophisticated computer simulation capabilities. There
are numerous software programs that can provide such analyses, but
these are often specialized programs with steep learning curves.

4.2 DEFINITIONS

The following terms are commoniysed to describe aspects of
heating and cooling loads.

block load:the diversified load that is used to size the HVAC&R
systems. It is based upon the consideration that not all perimeter
zones in a building peak at thergatime. It is the maximum load
that equipment (an air handler, chiller, pump, fan) actually sees. It is
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sometimes called thefrigeration loadand is less than the sum of
the peak loads.

coincident load:a load that occurs at the same time as another load,
such as a latent load that is codamt with a sensible load or a solar
load that occurs at the sariimme as an occupancy load.

design load:a load that represents the highest reasonable heating or
cooling load likely to be experienced by a building (or zone) based
upon statistically significant climatidata. Design load is not the
highest load that may or can occur, but, rather, the highest load it is
reasonable to design for consider first cost of equipment and
energy-efficient operations.

diversified load:the portion of the sum of the peak loads that is
coincident. Load diversity accounts for the fact that the peak loads
in different building zones often do not occur simultaneously.
Therefore, the actual building pe&dad is generally smaller than
the undiversified sum of the zopeak loads. In a similar context,
this term is also used to deibe loads resulting from equipment/
appliances that do not operate at full load at all times. Accurate
cooling load estimates must reasonably account for such diversified
operation patterns—particularly inages (such as kitchens or labs)
where equipment loads are @specially important concern.

dynamic load:a load that varies in intensity over time; it is usually
incremented in small time stesich as seconds or minutes.

instantaneous loada load thabccurs during a defined time step/
period, usually one hour.

peak load:the largest load occurring amspace, a zone, or an entire
building. In the building load context, it is the maximum simulta-
neous or coincident load.

4.3 OUTDOOR AND INDOOR DESIGN CONDITIONS

Before performing heating and cooling load calculations, the
designer must establish appropgiautdoor and indoor design con-
ditions. Outdoor conditions cabe obtained from the “Climatic
Design Information” chapter in thASHRAE Handbook—Funda-
mentals(and an accompanying CIDesign conditions specified by
Standard 90.1 are the 99.6% andJ&ues for heating and cooling,
respectively. For special projeais spaces where precise control of
indoor temperature and humidity required, other design values
may be more appropriate.
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Indoor design conditions are governed either by thermal com-
fort conditions or by special requirements for materials or processes
housed in a space. In most buildings, such as offices and residences,
thermal comfort is the only requirement, and small fluctuations in
both temperature and humidityithin the comfort zone are not
objectionable, as suggested in Figure 3-1. In other occupancies,
however, more precise control of temperature and humidity may be
required; refer to the appropriate chapter in A#&HRAE Hand-
book—HVAC Applicationfor recommendations. Standard 55 pro-
vides guidance on appropriatentér and summer indoor design
conditions. State or local energyodes and particular owner
requirements may also affect thgtablishment of criteria for indoor
design conditions.

4.4 EXTERNAL LOADS

External loads are highly variable, both by season and by time
of day. They cause significant changes in the heating and cooling
requirements over time, not only the perimeter building spaces,
but for the total building heating/cooling plant.

4.4.1 Conduction through the Building Envelope

Most new buildings are well insulated, and conduction loads
through opaque wall and roofeshents are generally small com-
pared to those through windows and skylights. Improved glazing
products, however, are steadily enhancing the performance of trans-
parent and translucent envelopemponents. Useful performance
data for fenestration products aeadily available, much now certi-
fied by independent third-party organizations.

4.4.2 Solar Heat Gain through Glazing

Solar radiation often represents a major cooling load and is
highly variable with time and orientation. Careful analysis of heat
gains through windows, skylights, and glazed doors is imperative.
Facade self-shadowing, adjacent building shadowing, and reflec-
tions from the ground, water, snow, and parking areas must be con-
sidered in the loads analysis. Spaavith extensively glazed areas
must be analyzed for occupantntiort relative to radiant condi-
tions. Supply air for cooling musnter such spaces in a manner
that will offset the potential for warm glass surfaces or otherwise
provide adequate cooling to offset mean radiant temperature
effects. Exterior or interior shading devices to keep direct solar
radiation from falling on occupamtshould be considered. Close
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coordination between the architect and HVAC engineer is critical in
buildings with extensive glazing.

4.4.3 Ventilation Load

The outdoor air ventilation load does not have a direct impact
on the conditioned space (except when provided via open win-
dows), but it does impose a load on the HVAC&R equipment.
Outdoor air is normally introduced through the HVAC system and
adds a load (sensible and latent) to the heating and cooling coils,
thus affecting their sizing andlsetion. The amount of ventilation
depends upon the occupancy and function of each space. Refer to
Standards 62.1 and 62.2 for reconmuied ventilation rates; see
also the requirements of the local building, mechanical, and
energy codes.

4.4 .4 Infiltration Load

Most commercial and institutional buildings have inoperable
windows and are pressurized by the HVAC system to reduce the
infiltration (unintended flow) of outdoor air. It is generally assumed
that a pressurized building prevenmtfiltration, although infiltration
will often occur in the lower thirdf a building taller than 80 ft
[25 m] with an operating HVAC system and can occur throughout a
building when the HVAC system is shut off. The design heating load
(including infiltration) often occurs the early morning hours (2:00
to 3:00 a.m.) when buildings an®t occupied or pressurized. Gen-
eral building infiltration for largebuildings can be calculated by the
crack method. In entrance lobbieggtermine the infiltration rate
based upon door-opening rates and pressure differentials due to
wind, temperature, and stack effect. See the “Infiltration and Ventila-
tion” chapter in theASHRAE Handbook—Fundamentéds details
on estimating infiltration. In cold climates, infiltration loads can be
substantial. In hot, humid climatesensible infiltration loads are
lower in magnitude, but latent ittfiation loads can be substantial.

4.5 INTERNAL LOADS

While external loads can be heat gains or heat losses, internal
loads are always heat gains.

4.5.1 Heat Gains from Occupants,
Lighting, and Equipment

Heat gains from people are activity related: athletes in a gym-
nasium release eight times the amount of heat released by a seated
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audience (see the “Physiological Principles, Comfort, and Health”
chapter and the “Air-Conditionin@€ooling Load” chapter in the
ASHRAE HandboekFundamentals The number of people in a
space may be estimated from seaiints, owner estimates, data in
ASHRAE publications, and the dggiengineer’s experience. Judg-
ment will always be required; for example, how many people might
be crowded around the dice tables in a gambling casino?

Heat gains from lights, people, and equipment (e.g., comput-
ers, copy machines, and procesglipment) must be determined.
lllumination level and lamp/fixture type are usually determined by
the electrical engineer. The HVAC&R engineer must determine the
amount of heat gain (and its distribution among space and equip-
ment loads) for each space. Foaewple, the radiant and convective
heat losses from lighting fixtureaust be quantified to determine
how much heat can be captured by or near the fixture for return to
the air-handling unit and how muchadded to the space load to be
handled by the room supply air.

Heat gains from equipment in offices can be estimated from
allowances expressed on a per sqdi@oé (square meter) basis, but
in other occupancies, estimatingedle gains is more complex. For
example, in central computer rooms, research laboratories, and pro-
cessing plants, the heat released from equipment creates most of the
cooling load. In a complex laborayoor manufacturing facility, it is
important to understand the operation of each piece of equipment,
its connected load, sensible and latent heat release to the space, and
the length of its operating cycle. For example, an electric oven will
use maximum power only duringast-up periods; once it reaches
its set temperature, it will use only whatever power is required to
make up for heat lost to its suamdings. Therefore, the heat gain to
the space is the heat loss frone thven, not the connected load or
the power required during start-up. If several pieces of equipment
are located in one zone, the desigmest determine the diversity of
use (i.e.how many units will be operating at the same time). With
assistance from the client andeogting personnel (or from experi-
ence), the designer can developchedule of use to estimate the
maximum heat gain likely to impact the zone. Miscellaneous loads
in special occupancies should not be ignored, such as space cooling
benefits from open freezers inarkets or heat and humidity gains
from indoor swimming pools and water features.

4.5.2 Heat Gains from Fans and Pumps

Supply and return air fans add heat to their circulated airstreams,
with the magnitude of heat depending upon static pressure and fan/
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motor efficiencies. If the motor is located in the airstream along with
the fan, the heat released due to motor inefficiency must be included
in the load calculations. This is the quantifyin Figure 6-1 (Chap-
ter 6). If the motor is outside thestream, then the inefficiency load
heats the space containing the motor. In either case, the motor heat
must be included in the cooling load calculations.

In I-P units:

fan bhp = (0.000157) (cfm)P) / (efficiency) (4-1)

where

bhp = brake horsepower
cfm = airflow rate

TP = total pressure, in. wg

t = (heat input, Btuh) / (1.1) (cfm) (4-2)

(fan bhp) (2545 Btu/hp) / (1.1) (cfm)

(0.000157) (cfm)TP) (2545) / (1.1) (cfm) (efficiency)
= (0.000157) (2545)TP) / (1.1) (efficiency)
= (0.363) TP) / (efficiency)

where

efficiency = (motor efficiency) (fan efficiency) (drive efficiency)
In Sl units:
fan kW = (0.000997) (L/s)TP) / (efficiency) (4-3)

where
L/s = airflow rate
TP = total pressure, kPa

t = (heat input) / (1.2) (L/s) (4-4)

= (fan W) / (1.2) (L/s)

= (0.000997) (L/S)TP) / (1.2) (L/s) (efficiency)
= (0.000997) TP) / (1.2) (efficiency)

= (0.000831) TP) / (efficiency)

where
efficiency = (motor efficiency) (fan efficiency) (drive efficiency)

This heat gain is approximatedgual to 0.7°F per inch of water
static pressure [1.6°C per kPa]. When the motor is mounted outside
the airstream, only the fan efficign affects airstream heat gain,
which is approximately 10%—15%ss than fan and motor gain.
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The only portion of fan energydhis not converted to a rise
in air temperature is the velocity pressure, which is the energy
required to increase the air velocity at the fan. The heat of fric-
tion related to the gradual pressure drop in a duct system causes
no temperature rise along the dietcause this heat is equal to
and nullified by the expansion cawod effect of the static air
pressure reduction.

If the supply fan blows air through the cooling coil, all fan
energy heat (except that from velocity pressure) is absorbed in the
coil and does not affect the supply air load to the zones. With a draw-
through coil arrangement, however, the supply air capacity must be
increased (or the supply air temperature lowered) to make up for the
fan heat gain that occurs downstream of the cooling coil. In either
arrangement, the fan heat incremighe equipment cooling load.

In all-water and air-and-water systems, the heat added by the
water circulating pumps must becinded in the chilled-water load;
this can be assumed to be approximately 1.5% of the building load,
or can be calculated as follows:

heat added in Btu/h = (pum) (2545 Btu/hp) ... per hour (4-5)
[heat added in W = pump W]
t °F = (Btu/h) / (500) (gpm) (4-6)

[ t°C=(W)/(4177) (L/s)]
where
gpm = gallons per minute flow rate/él = liters per second flow rate)

4.5.3 Duct Losses

The “Duct Design” chapter in thaSHRAE Handbook—Fun-
damentals describes methods for calculating ductwork losses,
which are generally equal to 3% of total system air volume. Greater
leakage may occur, however, acould affect the design calcula-
tions (see the quantityyin Figure 6-1, Chapter 6). It is customary
to specify leakage testing for high-pressure duct systems but not for
low-pressure systems. Leakageuintaped low-pressure duct sys-
tems can run from 10% to 20% of total air volume. Low-pressure
connections to some diffusers can leak as much as 35% of terminal
air volume unless taped and sealBdict leakage does not affect
overall system loads unless it occurs within unconditioned spaces,
but it always affects supply air quantities and can affect system con-
trollability if excessive. Leakag through zone control dampers
affects supply air quantities for multi-zone and dual-duct systems,
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as explained in Chapter 6. Suitable rules for duct design are given in
Section 5.8.

4.6 CALCULATION METHODS

Numerous heating and coolingalb calculation procedures are
available to the designer. Most the procedures are based upon
ASHRAE research and publications, with simplifications and
adjustments sometimes incorpaat for specific applications.
Loads for small envelope-load-dominated buildings are often man-
ually calculated using a single dgsiday peak hour with the addi-
tion of a safety factor when seteng equipment. Loads for large,
multizoned buildings are almost universally calculated using com-
puter programs.

HVAC&R designers should not accept the results of computer
calculations without review and analysis. Until the 1960s, all
HVAC load calculations werperformed manually. A good under-
standing of building behavior was gained through repeated itera-
tions of manual calculations. @mputers have greatly shortened
calculation time, permit the use ofore complex analytical tech-
niques, and help to structure load analyses. Nevertheless, it is
important to review and understand load calculation methods
before relying upon computer agsés. This involves understand-
ing the variables that go into loadlculations, the effects of such
variables on loads, and the interactions between variables. Design-
ers should carefully review ogouter program documentation to
determine which calculation procedures are used. It is valuable to
compare computer results with approximate manual calculations
and to conduct sample load validations to confirm that the program
being used delivers what it claims. Software vendors do not accept
responsibility for the correctness adlculations or the use of a par-
ticular program—such responsity lies in the hands of the
HVAC&R designer.

It is hard to generalize abocomputer load and energy analy-
sis software as there are so many variations available. Simpler pro-
grams tend to use automated implementations of manual
methodologies and a limited set of weather data. More complex
programs use calculation methoaoigies that are not amenable to
manual solution and a full 8768nnual hours of weather data.
Energy simulations typically address envelope, equipment, and sys-
tem performance parameters athebir interactions. Be sure to
understand exactly what load/ege software that is being pro-
posed for use does—and how it does it. For a sense of the range of



72 LOAD CALCULATIONS

software that is currently available, see Bwglding Energy Soft-
ware Tools Directoryf{DOE 2005).

The largest cooling loads in most commercial/institutional
buildings are due to solar radat through glazing and internal
loads. In many special-purposeildings (factories, shopping malls,
etc.), internal loads predominateputs affecting these key loads
must therefore be developed with care. They include window and
skylight sizes, properties of glagj assemblies, interior and exterior
shading devices, lighting loads and controls, sensible and latent
loads due to people and equipmemd various operating schedules.
Some loads programs completely ignore exterior facade shadowing,
most simulate overhangs and sfies, but only a few account for
shadowing from adjacent buildings. Bear in mind that connected
electrical loads are not hourly denshloads, most individual equip-
ment does not operate at full load during a building’s operating
hours, and multiple equipmeitéms often exhibit diversity.

4.7 COMPUTER INPUTS AND OUTPUTS

The accuracy of computer program output depends upon the
user’s inputs and the program’s calculation procedures. The inputs
include not only the typical ardbctural parameters of surface
areas and building material amgsembly properties and indoor
design conditions but also ventitan airflow requirements, internal
loads, and their schedules of use.

4.7.1 Computer Inputs

All computer programs require input to perform the neces-
sary calculations; some inputye mandatory, others may be
optional. If a user does not provide data for optional inputs,
built-in program default values are generally used. The designer
must understand and accept the appropriateness of the default val-
ues or override them by the input of more appropriate values.
Most load programs require user inputs of the basic properties of
construction types. When a proposed construction is not defined
in the “Air-Conditioning Cooling Load” chapter in th8SHRAE
Handbook—Fundamentalg¢or another publication), you may
need to use data from a similar type of construction or develop the
required input data by hand or by computer. For this purpose, you
may use component properties listed in the “Thermal and Vapor
Transmission Data” chapter in tR&SHRAE Handbook—Funda-
mentalsor in other publications. Typically, the thermal properties
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of most assemblies (except prefab components) must be calcu-
lated from fundamental material properties.

Most load programs allow input of internal loads on a unit
floor area basis. If the load isespfied on a unit area basis, the pro-
gram will use the zone area to adlte the load. Be sure to enter
building-specific use schedules for people, lighting, and equipment
so that appropriate load diversity is included in the HVAC system
and central plant calculations. Remiger that design use schedules
are not the same as average use schedules. Design schedules are
used to determine peak coolingtts in each space, while average
schedules are used for energy akdtions. If actual use schedules
are not available, they must be estimated. One approach is to
assume a constant load profile and add an experience-derived diver-
sity factor to the system and the central plant load calculations.
Energy calculations, unlike load calculations, are significantly
affected by equipment control schedules.

Many programs use the air changethod to calculate infiltra-
tion loads. Given the number of air changes per hour as input, the
program multiplies this value by the input zone area and height. In
specifying zone height, distingh between the floor-to-ceiling
height and the building’s floor-to-floor height. The zone height
must correspond to the air change rate for the same height. Most
programs allow the user to specify the ventilation load in cubic feet
per minute (cfm) [liters per secortd/s)], cfm per square foot [L/s
per square meter], or cfm per person [L/s per person]. You may also
usually input the zone exhaust in cfm. Load programs typically
compare the ventilation rate with the exhaust rate and select the
larger of the two as the outdoor air requirement.

Select the HVAC system and zones that will be served by that
system. For each system, input the maximum and minimum supply
air temperatures or the cfm [L/s]be supplied to each zone. If sup-
ply air temperatures are inputjost programs will determine the
zone cfm [L/s] based upon the cakt@ld zone sensible heat. After
the supply and outdoor air quantities have been determined, most
programs will also calculate tHian heat and perform the necessary
psychrometric analyses.

4.7.2 Computer Outputs

All comprehensive computer load programs provide a sum-
mary of peak sensible and latent cooling loads and sensible heating
loads for each thermal zone. Tbeoling load should be itemized
by roof conduction, wall condtion, floor conduction, glass con-
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duction, glass solar transmission, people, lights, equipment, and
infiltration. The time and date weim the peak cooling loads occur
are usually given, and some prograais indicate the outdoor con-
ditions at the time of the peakad. Most programs also provide
psychrometric data for each HVAC system, including state points
for room air dry-bulb temperature and humidity, outdoor and sup-
ply airflow rates, outdoor and mideair dry- and wet-bulb tempera-
tures, and cooling coil enterirand leaving conditions. These data
are necessary for the final sdlea of heating and cooling coils.

Do not assume that computer output is correct simply
because it is given to decimal-place accuracy. There is usually
substantial room for input errors, and there can also be glitches in
the computer program itself. Output should be studied in detail to
determine its correctness, and any inconsistencies must be
resolved. It is important to chedome of the outputs with hand
calculations and review summary results (such as BRNYftM?]
and cfm/f€ [L/s m?]) for reasonableness. Apply a common sense
test to results. Investigate all anomalies to determine if they repre-
sent errors or simply quirks in building response. Also, realize
that additional psychrometric ampals is required to establish a
final HVAC system design in most situations.

4.7.3 Computer Programs

Design-day heating and cooling loads are required to (1) deter-
mine peak hour sensible and latbeat loads in each thermal zone,
(2) establish supply air quantitie) select cooling and heating
coils, and (4) obtain building diversified loads (also caldack
loads for sizing of equipment. To determine the zone peak loads,
perform calculations for each hour thie year to be sure that each
thermal zone is exposed to theegtest impact due to the weather
(temperature, humidity, solar) and internal loads (people, lights,
equipment). Coincident zone loads add up to the diversified load
imposed upon the centradéting and cooling equipment.

Most design offices routinely use personal-computer-based
programs that calculate design-desating and cooling loads. Such
programs are an important productitool and, to be viable, must
have the capacity to handle a large number of thermal zones. Other
multiparameter calculations, such as the sizing of duct and piping
networks and the analysis of sprinkler loops, can also be handled by
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available computer programs. On the other hand, comprehensive
energy calculation programs are used primarily for energy code
compliance and, in most officeare only infrequently used for

comparative energy studies.

Remember that internal load schedules for peak-load calcula-
tions are not the same as thosedus annual energy simulations.
Energy calculations require average use schedules, while peak-load
calculations require design loathedules to be certain that the
HVAC&R system will meet all th design-day space loads. A typi-
cal office building load schedule is shown in Table 4-1.

Table 4-1. Typical Office Building Load Profile
(Percent of Peak)

Hour Lights Receptacles Occupancy

1 5 0 0

2 5 0 0

3 5 0 0
4 5 0 0

5 5 0 0

6 5 0 0

7 10 0 0

8 Q0 55 100
9 Q0 55 100
10 95 50 100
11 95 55 80
12 95 90 40
13 80 60 80
14 80 80 100
15 90 70 100
16 90 75 100
17 95 30 30
18 80 30 10
19 70 50 10
20 60 5 10
21 40 0 0
22 30 0 0
23 20 0 0
24 20 0 0
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4.8 EFFECTS OF ALTITUDE

Standard psychrometric charts and performance data published
by manufacturers generally assuraquipment operation at sea
level. When a project is located at a significantly higher altitude,
allowances must be made. Factors by which the usual (sea level)
data must be multiplied when operating at higher altitudes are sum-
marized in Table 4-2. For itemsot listed, consult appropriate
sources, such as tliengineering Guide for Altitude Effecf€ar-
rier) or contact equipment manufacturers.

Table 4-2. Altitude Correction Factors

Item Altitude, ft [m]
2500 5000 7500 10,000
[762] [1525] [2285] [3050]

Compressors 1.0 1.0 1.0 1.0
Condensers, air-cooled 0.95 0.90 0.85 0.80
Condensers, evaporative 1.00 1.01 1.02 1.03
Condensing units, 0.98 0.97 0.95 0.93
air-cooled

Chillers 1.0 1.0 1.0 1.0
Induction room terminals 0.93 0.86 0.80 0.74

(chilled water)
Fan-coil units

Total capacity 0.97 0.95 0.93 0.91
(SHR' = 0.40 — 0.95)
Sensible capacity 0.92 0.85 0.78 0.71
(SHR =0.40 — 0.95)
Total capacity 0.93 0.86 0.79 0.73

(SHR = 0.95 — 1.00)

Packaged air-conditioning
units, air-cooled condenser

Total capacity 0.98 0.96 0.94 0.92
(SHR' = 40 — 0.95)

Sensible capacity 0.92 0.85 0.78 0.71
(SHR = 0.40 — 0.95)

Total capacity 0.96 0.82 0.88 0.84

(SHR = 0.95 — 1.00)

* Table excerpted by permission frdimgineering Guide foAltitude EffectqCarrier)
Tt SHR = sensible heat ratio = (sdsieiheat) / (sensibl+ latent heat)
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CHAPTER 5
COMPONENTS

5.1 CONTEXT

The components of an air-conditioning system fall into four
broad categories: source, distribution, delivery, and control ele-
ments. Source components provide primary heating and cooling
effect and include chillers, boilers, cooling towers, and similar
equipment. Distribution componentransport heating or cooling
effect from the source(s) to tkpaces that require conditioning and
include ductwork, fans, piping, and pumps. Delivery components
introduce heating or cooling effect into conditioned spaces and
include diffusers, baseboard radia, fan-coil units, and a range of
other “terminal” devices. Control components regulate the opera-
tion of equipment and systems for comfort, process, safety, and
energy efficiency. In central systems these components may be
spread throughout a building. lacal systems these components
are all packaged into a relatively small container.

The many components of aionditioning systems are pre-
sented in depth in several chapters in A#&HRAE Handbook—
HVAC Systems and Equipmenhat resource should be a primary
reference because this design manual covers only a few items of
particular importance to HVAC&Rsystem design. This chapter
provides an overview of key components; subsequent chapters dis-
cuss the arrangements of components that constitute various
HVAC&R system configurations.

5.2 COOLING SOURCE EQUIPMENT
5.2.1 Vapor-Compression Refrigeration

The most commonly used source of building cooling is the
vapor-compression refrigeratidhermodynamic cycle. For small
capacities, reciprocating, rotargr scroll compressors are used;

79
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medium-sized units frequently employ screw compressors; large
units use centrifugal compressoReciprocating compressors for
air-conditioning applications consume approximately 1 kW/ton
[0.3 kW/kW], while centrifugal units can consume as little as
0.52 kW/ton [0.16 kW/kW].

A vapor-compression system for building cooling usually con-
sists of one or more components taiher directly cool air (termed
“DX” for direct expansionor cool water (using ehiller). Cooled
air from a DX system is condtedl to conditioned spaces; chilled
water from a chiller is conductad cooling coils where it subse-
quently cools air. Each refrigeration device includes a refrigerant
compressor driven by a prime moygisually an electric motor).
The compressor takes its suctioarfr a heat exchanger (the evapo-
rator) and discharges refrigerant into a second heat exchanger (the
condenser). Condensed (liquitgfrigerant passes from the con-
denser to the evaporator througkhrottling valve, thus providing a
closed refrigerant circuit.

A refrigeration system works amst thermal lift, the differ-
ence between the condensing tenapure and the evaporating tem-
perature. Typical chiller condenser water temperatures are 85°F
[29.4°C] supply and 95°F [35.G] return. Typical chilled-water
temperatures are 44°F [6.7°Glipply and 56°F [13.3°C] return.
Raising the chilled-water tempewa¢ 1°F [0.6°C] can reduce the
energy used for refrigerationy approximately 1.75%. Changing
the temperature range (difference between supply and return) of
either the condenser-water loay the chilled-water loop will
impact the flow requirements for those systems—with reduced
pumping horsepower for higher temperature ranges. The advan-
tages of using ultralow chilled-water temperatures are discussed in
Section 9.3.8.

Split systemare DX systems in which the evaporator and con-
denser are separated and placed at different locations. (As a rule,
the compressor is located n¢lae condenser.) The upper practical
limit for total distance between éhevaporator and condenser is
300 ft [90 m], but the only truénhit is based upon careful design of
the interconnecting refrigerant piping. The compressor discharge
line should be sized for a gaslagty of no less than 1000 fpm
[5 m/s] under minimum load with upwagas flow and no less than
500 fpm [2.5 m/s] with horizoat flow. The maximum recom-
mended flow velocity under full loaid 4000 fpm [20 m/s] because
higher velocities generally cause excessive pressure drop and noise.
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Packaged (predesigned) split systems are typically restricted to sub-
stantially shorter separation distances.

The upper limit for vertical lift (difference in elevation) is
60 ft [18 m]. When the net lift is no more than 8 ft [2.4 m], no
U-traps are required to ensure return of oil to the compressor (Fig-
ure 5-1). However, in these cases, the pipe must pitch away from
the compressor at least 0.5 in. for every 10 ft [4.2 mm per m] of
horizontal run. Suction and hot gas risers that exceed 8 ft [2.4 m]
of net lift require a trap at thease of the riser and an additional
trap at each 25 ft [7.6 m] interval of net lift (Figure 5-2). If the
compressor is installed below the condenser, the hot gas discharge
must have double risers to capture the oil in a Pdraplift it to
the condenser for eventual return to the compressor. In this case,
always use an oil separator directly after the compressor discharge
valve and an inverted P-trap entering the condenser with a liquid
shutoff valve leaving the condenser. A P-trap consists of three
line-size elbows arranged to trap oil in two of the elbows before
the horizontal run. A smaller diameter bypass permits gas to con-
tinue flowing until sufficient pressure is built up to propel the
trapped oil upward to the condenser.

It is wise to include a recedv between the condenser and the
evaporator. This is a horizontal tank that allows separation of refrig-
erant gas and liquid; the receiver serves as a reservoir for the refrig-
erant and accommodates changes in inventory in the refrigerant
loop under different operating conditions. Alternatively, it may be
possible to hold refrigerant in the condenser.

NET RISE
81t [2.4 m]
OR LESS

NET RISE
81t [2.4m]
OR LESS

Figure 5-1. Refrigerant line arrangement for low lift.
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CONDENSER

NET RISE
8t [2.4m]
OR LESS

Figure 5-2. Refrigerant line arrangement for high lift.

Receivers, when used, should be designed to store the entire
refrigerant charge (to handle winter shutdown or when high-side
components are removed for repair). This avoids the need to vent
refrigerant, an unacceptable practice because of its expense and
harmful effect on the ozone layé&teceivers should be sized to be
no more than 80% full, allowing 20% for expansion.

Thelnternational Building Cod¢lCC 2003) specifies minimum
ventilation requirements for dilution of lost refrigerant in a compres-
sor room. The code also prescribes proper sizing for mechanical
room exhaust fans and limitations on the auxiliary equipment that
may be installed in a mechanicabm. Follow local codes if they are
more restrictive than model codes. “Break-glass stations” must be
provided at each exit door, to dttre exhaust fan and shut down the
refrigeration equipment in case of an emergency. Be sure to provide
for sufficient makeup air, which need not be conditioned.

Refrigerants R-11, R-12, R-113, R-114, and R-115 have histor-
ically been used in building pfications, depending upon system
capacity. These refrigerants, however, are being phased out of use
(and are no longer manufactuiedhe United States) in accordance
with the Montreal Protocol. Thisternational treaty, signed in 1987
and ratified since then by mostdustrial nations, including the
United States and Canada, aims to reduce the use of chlorofluoro-
carbons (CFCs) in order to protegbe ozone layer of the strato-
sphere. Note that ozone protection is not identical to concerns about
global warming, although both isssi involve the release of gases
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into the atmosphere. Alternativefnigerants include R-22 for small
or medium-sized systems, R3.2o0 replace R-11, and R-134a to
replace R-12. Refrigerant propertaa® seen as an element of green
design, and alternative refrigeramt®e promoted as such by equip-
ment manufacturers.

5.2.2 Absorption Refrigeration

The absorption refrigeration cycle is primarily employed in large
capacity applications where a motive force other than electricity (such
as steam or suitable waste procesg)he readily available. Often the
initial costs of an absorption versus a vapor-compression refrigeration
system are within 15% to 20% of each other, the compression cycle
being less expensive (except where subsidies or incentives for absorp-
tion systems are available). The coefficient of performance (COP) of
an absorption-refrigeration system will be less than that of a vapor-
compression system—COPs for absorption systems are typically less
than 1.0. Due to the greater hegjection of absorption systems (gen-
erally 31,000 Btu/ton [2.6 kW/kW]) compared to compression sys-
tems (15,000 Btu/ton or less [1.25 kW/KW]), cooling towers,
condenser-water pumps, and other auxiliaries must be larger and are
therefore more expensive for absorption systems than for compression
systems.

Absorption machines can be direct-fired (when a heat source is
directly applied to the machine) ardirect-fired by steam or hot
water generated by gas or oilncbustion or another process (such
as solar energy or waste heat). Absorption machines also require a
few electric auxiliaries. An economic comparison of refrigeration
systems depends greatly upon relative energy costs. Since most
air-conditioning ton-hours occur in the summer months and gas
utilities may have more economical rates during summer, absorp-
tion chillers may be economically attractive under those conditions
(although recent energy demands have broken down many tradi-
tional usage and economic pat®rnAbsorption machines do not
use any CFCs, which has seen th@omoted as a green alternative
to mechanical refrigeration. Absdign chillers can also be quieter
than vapor-compression machireexl produce less vibration.

5.2.3 Evaporative Cooling

The use of evaporative coolers to provide direct active cooling
has decreased since the 1950s, wdreremphasis on low first cost
overwhelmed consideration of operating or life-cycle costs and
tended to relegate evaporative coolers to niche markets. This situa-
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tion persists today. Depending upmbuilding’s operating hours and
location, however, evaporative cooling can be applied effectively
from both a cost and performancequective. This is certainly true

in the southwestern United States, where low outdoor wet-bulb tem-
peratures are prevalent, in other locations where wet-bulb tempera-
tures are below 55°F to 60°F [12.8°C to 15.6°C] for a substantial
number of hours, or when a buildirggto be air conditioned at night
and there is a fairly wide diurnal temperature swing.

Direct evaporative cooling geires 100% outdoor air and
exhaust capability; therefore, tlwwst of equipment space, filter
capacity, air delivery, etc., must be weighed against the energy sav-
ings of evaporative cooling versus refrigeration cooling. Indirect
evaporative cooling broadens thephgation range of this psychro-
metric process into climate zones and occupancies where direct
evaporative cooling is not a viable system choice.

Two general types of evaporative cooling equipment are avail-
able: spray-type air washers andtted-media-type coolers. These
options are discussed below.

5.2.3.1 Spray-Type Air WashersSpray-type air washers are
versatile in that they can useilidd water from a refrigeration sys-
tem when the outdoor air wet-bukmperature is high, but they can
also provide cooling without chillewater when the outdoor air is
suitable for conventional evaporative cooling.

Two types of spray air washers are available. One type is the
“full open” spray washer. It is generally either 7 or 11 ft [2.1 or
3.4 m] long in the direction of diow, depending upon whether it
has one or more spray banks. passes through the device at about
500 fpm [2.5 m/s] and passesdbgh a spray of water. The direct
contact of air with the water droplets provides an efficient heat
exchange. Depending upon air \eitg and spray density (gpnft
[L/s m?]), the adiabatic efficiency (the ratio of actual dry-bulb
depression to the difference between entering air dry-bulb and
spray water temperature) can be as high as 98%.

Another type of air washer is the “short-coil” washer. It con-
sists of a conventional extended finned coil bank placed in a cas-
ing with a deep water pan and an opposing spray bank. The short-
coil washer has a much lower spray density than the spray washer
and only requires 4 ft [1.2 m] of length in the direction of airflow.
When the outdoor air wet-bulb temperature is not conducive to
evaporative cooling, chilled-water coils provide cooling. When
the outdoor air wet-bulb temperature is sufficiently low, the
chilled-water coils are shut off and a spray of water cascading
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over the extended coil fins provides the cooling effect. The closed
circuit chilled-water loop of thehort-coil washer requires less
chilled-water pumping energy than a full-open device. Because of
lower spray capacity than the full-open approach, however, it has
an adiabatic efficiency of only 50%, thereby requiring more hours
of active refrigeration operation.

Water reservoirs require constant maintenance to prevent cor-
rosion and the buildup of bacteria and fungi that would otherwise
be dispersed into the airstream during the evaporative cooling pro-
cess. When this is not doner arashers can become a potential
source of biological contaminants and a cause of poor indoor air
quality and/or sick building syndrome.

5.2.3.2Wetted-Media-Type Coolers.Because wetted-media
coolers use nonrefrigerated water, they are adaptable to air-condi-
tioning systems only in those climate zones where very low ambi-
ent wet-bulb temperatures prevail year-round. In a climate such as
that of Phoenix, Arizona, a duair-conditioning system may be
indicated under certain conditions—wetted media for ten months
of the year and compression refrigeration during the two-month
humid season. The extremely low operating cost of the wetted-
media evaporative cooler often justifies the higher initial invest-
ment for two systems.

The systems described thus far diect evaporative coolers
because water is injected into the primary (supply) airstream, which
is cooled adiabatically. lindirect evaporative coolerssecondary
air (outdoor air or exhaust air) on one side of a heat exchanger is
cooled evaporatively. The primary (supply) air is on the other side
of the heat exchanger and is indirectly cooled through the heat
exchanger walls; thus, no moistuie added to the primary air,
although it is sensibly cooled. &Heaving dry-bulb temperature of
the primary air can be no lower than the entering wet-bulb tempera-
ture of the secondary air. An imdct evaporative cooler used as a
precooler is illustrated in Figure 5-3. Other examples are given in
the “Evaporative Air Cooling” chapter in thesSHRAE Handbook—
HVAC Systems and Equipmefibat chapter also covers technolog-
ical improvements to the evapive cooling process, which
broaden the scope of application through the use of two-stage (and
even three-stage) indirect/direct evaporative cooling.

5.2.4 Desiccant Systems

Desiccant systems dry air by exposure to desiccants. A desic-
cant is diquid or solid that has a high affinity for water—a hygro-
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Figure 5-3. Indirect evaporative cooler used as a precooler.

scopic substance. Desiccants agererated (dried after absorbing
water) by heating. Such systems, used where latent loads are a seri-
ous design issue, are discussed in Section 9.1.

5.2.5 Prime Movers

Induction electric motors atée predominant prime mover for
refrigeration compressors. Whdpzal electric utility rates incor-
porate a penalty for low power fact the addition of capacitors or
the use of synchronous electric tois to improve power factor may
be cost-effective.

Where natural gas is relativetyheap (seasonally or throughout
the year), a combination of gas-steam-turbine-driven centrifugal
compression and absorption refrigéon is sometimes used, partic-
ularly for large buildings. This scheme is referred to pgygyback
systemin which steam is generated @nboiler and first sent to a
back-pressure turbine, which dev a centrifugal compressor. The
exhaust from the steam turbine becomes the thermal input to an
absorption chiller. When a gasrbine drives the compressor, its
exhaust gases generate steam for the absorption unit in a heat recov-
ery boiler. As a general rule, teeam-turbine-driven compressor is
selected to have one-half the capacity of the absorption unit.

Example 5.1. For a total air-conditioning load of 900 tons
[3165 kW], select a 300 ton [1055 kW] centrifugal chiller driven by a
back-pressure turbine with a steam rate of 36 Ib/hp [21.9 kg/kW];
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couple this with a single-effect, low-pressure, 600 ton [2110 kW]
absorption chiller having a steam raiel8 Ib/ton [2.4 kg/kW]. The
result is 900 tons [3165 kW] of capacity using 10,800 Ib [4900 kg] of
steam per hour or 12 Ib/ton [1.6 kg/kW]. This compares with 18 Ib/
ton [2.4 kg/kW] for a single-effect absorption system.

Where district steam is available in the summer at low cost,
steam-driven turbines are sometimes used as prime movers for large
centrifugal chillers. Here again,alselection of steam versus elec-
tric drive depends primarily upaothe relative utility costs, and a
careful analysis should be made to determine the relative merits of
the prime mover options. On rare occasions and for very large
buildings, gas turbines have been used as prime movers for centrif-
ugal compressors, either with or without waste heat boilers.

There is increasing interest in the use of combined heat and
power (CHP) systems (also calledgeneration systemshat pro-
duce electricity on site and proeich consistent source of “waste”
heat that can be used as a prime mover medium. See, for example, a
discussion of CHP systems for commercial buildings in the
ASHRAE Journa{Zogg et al. 2005).

5.2.6 Variable-Speed Drives

The use of variable-speed (variable-frequency) drives for com-
pressors, air handlers, and pwsnpas become common because
they are readily available at reasble cost and can provide energy
savings in many system types. These drives are solid-state devices
that were, at one time, add-ons to constant speed drive equipment.
They are now frequently part of the factory-supplied equipment for
air handlers, pumps, and compressors. Variable-speed drives save
energy whenever electric motorarat less than full power. Since
most HVAC&R equipment rarely runs at full capacity, substantial
energy savings are available with these drives. Typical centrifugal
compressor performance curves under prerotation vane control and
under variable-speed control are shown in Figures 5-4 and 5-5,
respectively. Power demands fains under different methods of
capacity control are compared in Figure 5-6. Another advantage of
variable-speed drives is that they provide high power factors,
thereby eliminating the need toogpide power factor correction for
connected motors.

Comparing two methods of farapacity control—inlet vane
and variable-speed—the following issues arise. When reducing
flow rate from full capacity, inlet vanes are initially efficient, but, as
they progressively close, the reduction in flow rate is attributable
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Figure 5-4. Constant-speed compressor performance under prerota-
tion vane control. (Courtesy of Heating/Piping/Air Conditioning 1984.)
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Figure 5-5. Variable-speed compressor performance. (Courtesy of
Heating/Piping/Air Conditioning 1984.)

more to throttling than to imparting initial spin to the air entering
the impeller. Inlet vanes also impose about a 10% horsepower pen-
alty because they obstruct the fan inlet. Variable-speed control
maintains a high efficiency ovéhne entire operating range and is

therefore more energy conserving (Figure 5-6).
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Figure 5-6. Fan power versus volume characteristics for different con-
trol methods. (Courtesy of Heating/Piping/Air Conditioning 1984.)

Variable-speed controls for centrifugal pumps have characteris-
tics similar to those shown in Figure 5-6. The system implications
of variable-speed pumping aresdiissed in Section 8.8. Additional
information is contained in the “Compressors,” “Condensers,” and
“Motors, Motor Controls, and Variable-Speed Drives” chapters in
the ASHRAE Handbook—HVA8ystems and Equipment.

Like all solid-state devices, variable-speed drives are sensitive to
differences in phase loads. Therefore, ensure that the phase differ-
ences are no greater than 10% on circuits incorporating such devices.

5.3 HEATING SOURCE EQUIPMENT
5.3.1 Boilers

Four principal types of boilers are commercially available to
designers of heating plants for large buildings:

Type Fuel
Sectional cast iron Qil, gas, or dual fuel
Water tube Oil, gas, or dual fuel
Fire tube Qil, gas, or dual fuel

Electric resistance Electricity
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Oll, gas, and electricity are the energy sources most commonly
used in new buildings. On rare occasions, coal, wood chips or hog
fuel, biomass, or solid waste are used.

The principal reasons for selecting central boilers for heating
are (1) to provide a plant at are@nient central location that can
distribute a secondary heating medium (hot water or steam)
throughout a building or a multibuilding complex, (2) to take
advantage of the diversity of individual zone loads, and (3) to cen-
tralize maintenance. The choicefoél should be made on the basis
of life-cycle cost, not on first cost alone. If the budget permits, in
areas where the gas utility providefirm and interruptible gas rate,
consider dual-fuel burners (oil/prapaor gas) when selecting com-
bustion boilers. Under normal conditions, the boilers would operate
on cheaper interruptible gas. Where utility curtails this supply
during periods of high demand,ettoperator would switch to the
standby fuel (oil or propane). If recommending dual-fuel burners,
inform the owner/operator of thmportance of using the alternate
fuel occasionally each season to ensure fuel system readiness.

The following issues should beonsidered when selecting a
boiler type. Consider a sectionakt#&on boiler if unskilled opera-
tors are anticipated. Cast irorlégst susceptible to oxidation due to
poor water treatment. Its principal operational concern is thermal
shock. If heavy oil is the principéuel, consider a fire tube boiler
because it is easier to clear thbes of soot (by rodding them),
whereas a water tube boiler requise®t blowers in the exhaust gas
stream. Use of these devices, however, is restricted by many com-
munities. In choosing fuel buers, consider pressure-atomizing
burners up to 500,000 Btu/h [145 kW]. Above this capacity, investi-
gate air-atomizing, flame retéon burners, which become favor-
able at 1 million Btu/h [295 kW] and above.

If electric boilers are considered, make a selection based upon
more than just low first cost. Electric resistance boilers vary in
cost, depending upon the power density of elements and the con-
trol steps; 50 W/irf.is preferable to 100 W/ifi[32 kW/mn? vs.

64 kW/mm’-], and a large number of control steps is also desirable.
Modular boilers are often a reasonable choice in large installations.
Care needs to be taken to match the boiler voltage to the available
building system voltage, as actual output capacity is dependent
upon operating voltage.

If a boiler plant is the heabarce for a closed-loop heat pump
system, heat pump selection and water-loop temperature controls
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are important. Excessive temperatures in the water loop can cause
operational problems with closed-loop heat pumps.

5.3.2 Furnaces

The purpose of a furnace is taaltly heat air for space condi-
tioning. Furnaces are seldom selected as the heat source for large
buildings. They are often used, however, in small office buildings,
residences, and industrial plants (in modular form).

5.3.3 Electric Resistance Heating

Electric resistance may providiee heat source for a boiler or
furnace, as discussed above. Eleg&gistance heating is also often
used in conjunction with local derminal heating systems. The
benefit of this particular appltion is the flexibility it offers in
locating small units (baseboard centors, unit heaters, or terminal
duct heaters) in or near individugpaces as a means of zone con-
trol. In the case of in-duct heaseflow sensors should be provided
to disconnect the heater elementenbver airflow stops in order to
avoid a fire hazard.

Care must be exercised in s#ieg electric heaters (such as
baseboard radiators) because thaye a fixed output based upon
their wattage. By comparison, hot water radiator output can be var-
ied by changing operating watdemperature or flow rate to
increase capacity as necessargéal with local load conditions.

While, at first glance, electric resistance heating may not
appear to be economical, a careful examination of local electric
utility rates can determine whethéhis impression is justified.
Many utilities have offered incentivee all-electric buildings and
rebates for thermal storage (Section 9.2) are frequently available.
Since electric resistance heating is often the lowest-first-cost alter-
native, this option deserves a dateeconomic analysis. A guide to
electric utility tariffs is given in Section 2.8.5.

5.3.4 Electric Heat Pumps

Heat pumps transfer heat extracted from one medium (air,
water) to another medium via the vapor-compression refrigeration
cycle. Options include air-source, water-source, ground-source, and
heat reclaim systems. Ground-smiheat pumps are increasingly
being used in green buildingseedause of their high efficiency.
Another potential heat source for heat pumps is building exhaust air
after it has first been utilized in a heat exchanger coupled with out-
door air intakes.
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In large buildings, the perimeter-flmor area ratio is relatively
small compared to that in smdluildings. Consequently, internal
gains attributable to lights, comfgrs, occupants, and other heat
sources are high compared tartsmission losses. During unoccu-
pied periods, the building electrical capacity normally relegated to
serving lighting and plug loads @vailable for perimeter heating by
heat pumps supplemented with electric resistance heat.

Heat pumps need not meet 100% of the heating requirements
of a building. Frequently, it is more practical to select only those
areas easily served with hgaimps and to provide supplemental
loop or point-of-use heat from atiher medium (electric resistance,
gas) for areas such as entrancgtibeles, etc. These and other heat
pump uses are described in the “Applied Heat Pump and Heat
Recovery Systems” chapter in tASHRABHandbook—HVAGys-
tems and EquipmentfPackaged terminal air conditioners, often
employed for cooling core areas of large buildings, and
water-source heat pumps, usedclosed loops (see Chapter 7 of
this manual), are described in the safamdbookvolume.

5.4 HEAT TRANSFER EQUIPMENT
5.4.1 Condensers and Evaporators

These types of heat exchangars described in more detail in
the “Condensers” chapter in tAe&SHRAEHandbook—HVAGYys-
tems and EquipmenOnly a few of the most important consider-
ations relating to system design are mentioned here.

Shell-and-tube condensers are thost prevalent type in large
building air-conditioning applid@ns. These are generally avail-
able in one, two, three, or foyasses on the water-tube side,
depending upon the flow of condsr water versus pressure drop.
Frequently, a designer can chotséween two-pass and three-pass
or three-pass and four-pass wiittle difference in condenser per-
formance and, by doing so, carlest a water piping arrangement
most suitable to the equipment room layout. Remember that large
buildings generally require larghameter condenser-water pipes,
which are both expensive and occupharge volume of space. As a
first cut, design heat exchangers with a 3°F to 5°F [1.7°C to 2.8°C]
approach temperature. Shell-andbe condensers require periodic
cleaning of the inside of the tubé maintain performance. There-
fore, on large condensers, comsignarine-type water boxes. They
permit removal of condenser hedds tube cleaning without dis-
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mantling the condenser-water piping. Integral mechanical cleaning
systems are also an option.

In most urban atmospheresndenser water circulated through
open cooling towers can cause rapid scale buildup on condenser
tubes. It is inconvenient to shut down cooling systems for mainte-
nance during the summer months, tybie scale buildup peaks in late
summer just when full capacity is needed. Consequently, consider
specifying centrifugal chilling systeswith a fouling factor of 0.001
rather than the typical commercial factor of 0.0005 because a 0.0005
fouling factor can be built up during the first weeks of the cooling
season. Chemical water treatment systems can also be specified.

Most manufacturers of centrifugal or absorption chillers offer
more than one condenser sifrie to competition, manufacturers
are inclined to focus on lowest firsost in their initial product offer.
Such equipment proposals often umi#® a condenser that is margin-
ally acceptable. A condenser wiilmited condenser surface is apt
not to meet the equipment full-load capacity rating, which most
likely will be needed at théime the condenser tubes are most
fouled. Large shell-and-tube condensers are manufactured using
extruded finned tubes with neatlye same ratio of primary (tube)
and secondary (fin) surface. As a general rule, provide at ledst 6 ft
of total external surface (primary plus secondary) per ton [0.216 m
per kW] of full-load rating for conservative sizing of a condenser.
Added condenser surface will yaividends in two ways: longer
tube-cleaning intervals (tube clengiis labor intensive and there-
fore expensive) and lower condensing temperatures with associated
reduced energy use. Life-cyct®sting must be considered when
specifying the size of evaporator and condenser surfaces.

In direct expansion systems,tigsate about 1/15 hp per ton
[0.014 kW/kW] of refrigeration fothe condenser fan. Raising the
evaporator temperature 1°F [0.6°C] decreases energy use by
approximately 1.75%. Lowering the condensing temperature 1°F
[0.6°C] produces approximatetyne-half of this saving.

Absorption systems are more sensitive to condenser tube foul-
ing than compression systemsnd the designer should either
devote extra care to design for eatsaning or allow for large foul-
ing factors during analysis of equipment performance. Many sys-
tems can be retrofitted with onéirtube-cleaning equipment for low
fouling factors. Some manufactus offer such devices, which
maintain a low fouling factor through the entire operating period.
Sidestream sand filters have also performed well in cleaning con-
denser water.
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5.4.2 Double-Bundle Heat Exchangers

Double-bundle condensers &g option for large heat pump
and heat recovery systems. k& name implies, two water tube
bundles are contained in a single shell. High-pressure refrigerant
vapor discharged into the condenser shell from the compressor sur-
rounds—and is in contact with-eth tube bundles. The condens-
ing temperature is based upon thanber of active tubes. When a
double-bundle condenser providest water (100 to 110°F [37.8 to
43.3°C]) for low-density fin-type baseboard (or unit) heaters or for
hot water reheat coils, the water is circulated through the winter
bundle of the condenser where it makp the heat rejected from the
condenser (see Figure 5-7). When the evaporator-compressor por-
tion of the system is called upon to provide more cooling than can
be absorbed by the hot watembile, the summer bundle is acti-
vated by circulating cooling tower water, which permits the rejec-
tion of the excess heat through the cooling tower. Close control is
provided by bypassing a variedaquity of water around the cool-
ing tower as needed to sustain thmperature of the hot water leav-
ing the winter bundle.

Double-bundle evaporators areedonly rarely. An example is
a double-bundle evaporator and a double-bundle condenser used
with a well-water heat pump, providing chilled water in summer
and hot water in winter. In summer, chilled water is circulated
through the summer bundle of teeaporator and well water is cir-
culated through the summer bundle of the condenser (to reject the
heat to the environment). Conversely, in winter, hot water is circu-
lated through the winter bundle of the condenser and the well water

HEAT ADDED BY CONDENSATION [ 71 WASTE HEAT
(or COOLED REFRIGERANT GAS COOLING| REJECTED TO
—

TOWER | ATMOSPHERE

DOUBLE-BUNDLE CONDENSER : >
PUMP
WASTE HEAT RECLAIMED
FOR HEATING PERIPHERAL

TO HEATING SYSTEM AREAS

Figure 5-7. Double-bundle condenser (Griffin 1974).
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is circulated through the winter bundle of the evaporator (to absorb
heat from the well water).

Heat exchangers are often used in place of double-bundle con-
densers. This is less efficient, however, because it adds the penalty
of an additional temperature difference. In lieu of a double-bundle
condenser, an auxiliary condenseradded beside the main con-
denser to act as the winter blendWith this arrangement, care
should be taken in piping the compressor discharge into the con-
denser so that the superheat is picked up by the lead condenser,
which should always be the winter bundle.

5.4.3 Plate Heat Exchangers

A plate-type heat exchangean transfer heat from one liquid
to another at high efficiency (with a 2°F to 3°F [1.1°C to 1.7°C]
approach). This device consisita series of gasketed, embossed
metal plates (usually stainless steel) held between two rigid end
frames by threaded rods and spannuts. The alternating plates
create a heat exchanger with a cold medium on one side and a warm
medium on the other side of the plate, allowing for counterflow in
very narrow passages. Heat transtes are very high due to the
large surface area that even a small plate heat exchanger provides
and due to turbulence createddmgbossing the plates with corruga-
tions, which forces the flow into a thin turbulent film that eliminates
stagnant areas. Pressure dropre comparable to those of
shell-and-tube heat exchangersdngse of the many parallel paths
in plate heat exchangers. When cleaning is required, the exchanger
is opened by unscrewing the spanner nuts and spreading the plates
to permit wash-down by a hose and brushing of plate surfaces if
needed. Some concerns have, however, been expressed about the
collection of debris in plate heat exchangers.

The use of various types of heat exchangers in air-conditioning
systems is increasing in a qudst improved energy efficiency,
including the following applications:

¢ Cooling chilled water directly with cooling tower water in win-
ter or whenever the temperaturethe tower water is less than
that of the chilled-water return (see Section 9.3.9).

* Using heat exchangers in place of double-bundle condensers
(or double-bundle evaporators) in heat pump applications.

e Using them in solar thermal bector systems or other applica-
tions requiring heat exchange between glycol and water.
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¢ Using them for heat exchanfetween thermal storage systems
(hot or cold) and circulating hot-water or chilled-water streams.

e The numerous opportunities for heat reclaim between various
flow streams in a typical building.

5.4.4 Cooling Coils

Cooling coils are used to exchange heat (sensible and latent)
between an airflow and water or refrigerant. Cooling coils are usu-
ally selected to perform within the following limits:

e Entering air dry-bulb temperature: 65°F to 100°F [18.3°C to
37.8°C]

« Entering air wet-bulb temperae: 60°F to 85°F [15.6°C to
29.4°C]

« Air face velocity: 300 to 600 fpm [1.5 to 3.0 m/s]

e Refrigerant saturation temperature at coil outlet: 30°F to 50°F
[-1.1°C to 10.0°C]

¢ Refrigerant superheat at coil outl6°F or more [3.3°C] to pre-
vent slugging the compressor with liquid

* Refrigerant entering temperature: 35°F to 65°F [1.7°C to
18.3°C]

e Chilled-water quantity: 1.2 to 2.4 gpm per t¢@02 to 0.04 L/s
per kW], equivalent to a watemtgperature rise of 20°F to 10°F
[11.1°C to 5.6°C]

e Chilled-water velocity: 3 to 8 fps [0.9 to 2.4 m/s]

e Chilled-water pressure drop: < 20 ft of water [60 kPa]

Coil face velocity is an important design consideration. In
VAV systems, when air volume is reduced, the coil face velocity
will be reduced as well. Below about 300 fpm [1.5 m/s], laminar
flow can occur—reducing the cooling capacity of the coil. Con-
versely, coil velocities above 600 fpm [3.0 m/s] can cause moisture
carryover. For special applications, however, the range noted above
may be exceeded (see tASHRAE Handbook—HVASystems
and Equipment

5.4.5 Cooling Towers

Cooling towers are used to rejdetat from a condenser to the
outdoor air via the use of condenseater. For large building air-
conditioning systems, vertical counterflow towers are most preva-
lent. They are equipped with ethinduced draft or forced draft
fans. Condenser-water systems are open systems in which air is
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continuously in contact with the water, and they require a somewhat
different approach to pump selection and pipe sizing than do
closed-loop water systems. Water contact with the air introduces
impurities, which can result in ntinuous scaling and corrosion.
Anticipate aging of the piping, vith will result in a pressure drop
that increases with time and higher-than-usual fouling factors. Con-
denser-water systems without water-regulating valves do not neces-
sarily require a strainer. Strainers provided in the cooling tower
basin or at the pump will usually be adequate. Additional design
considerations include:

e Size the tower to avoid windage drift of tower carryover, which
might fall on adjacent buildingsr parked cars (where cooling
tower water can damage paint finishes).

* Provide water treatment and makeup systems, including water
meters to permit deduction of makeup water from sanitary
sewer charges that are based upon water consumption.

¢ Winterize the tower and allow for ready availability of freeze
protection in the event of adden change in the weather.

¢ Do not locate cooling towers aeoutdoor air intakes to pre-
vent excessive entering air wet-bulb temperatures and potential
bacterial contamination of intake air (elgegionelld.

« Do not locate cooling towers near the building facade to avoid
staining it and to prevent the entry of noise into occupied
spaces.

Typical design values (per ton [per kW] of refrigeration)
include:

e 3.0 gpm condenser water for vapor-compression systems
[0.05 L/s]

e 3.5 gpm condenser water for absorption systems [0.06 L/s]

e 300 cfm airflow [40 L/s]

e 1/15 fan hp for induced draft (draw-through) towers
[0.014 kW]

e 1/7 fan hp for forced draft (blow-through) towers [0.03 kW]

Space requirements include:

e 8 ft [2.5 m] high towers: 1 ?tper 500 gross :ft[O.l nt per
50 rT12] of building area

higher towers: 1 ftper 400 gross 4t[0.12 nf per 50 m] of
building area.
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Design of piping from the tower sump to the pump should be
undertaken with caution. Place thiemp level above the top of the
pump casing to provide positiveipre. Pitch all piping up, either to
the tower or to the pump suctia, eliminate air pockets. Suction
strainers should be equipped wittet and outlet gauges that indi-
cate when cleaning is required. Naihg, piping is sized to yield
water velocities between 5 and fi#s [1.5 and 3.7 m/s]. Use fric-
tion factors for aged or old pipes.

In cooling tower installations, ascertain that sufficient NPSH
(net positive suction head—s&ection 5.5.2) for the condenser-
water pump is provided, and desitye connections so that the flow
through each cooling tower hasetlsame pressure drop. Install
equalizing lines of proper sizbetween towers; otherwise, one
tower will fill and the other one will overflow. Winterize the tower
piping if necessary or provide for drain-down when pumps shut off.
In the latter case, the isolationlw@s must be located in a heated
space. Provide valving or sump pump isolation so that any single
cell can be serviced while the others are active.

5.4.6 Evaporative Condensers

Evaporative condensers are useddject heat to the outdoor
air by means of the evaporation of water. Water is sprayed on the
condenser coils, and the resultant heat of vaporization, combined
with any sensible heat effect,als the liquid inside the coils. The
residual spray water is usualigcirculated. An evaporative con-
denser uses much less makeup water than a cooling tower in a con-
ventional water-cooled condensarangement (approximately 1.6
to 2.0 gph/ton [0.5 to 0.6 mL/s pkW] by evaporation plus 0.5 to
0.6 gph/ton [0.15 to 0.18 mL/s pkEW] for bleed water). Evapora-
tive condensers are used primaaly refrigeration system condens-
ers. In such applications, they should be located as close as possible
to the refrigeration machinery to keep the refrigerant lines short. In
the winter, the water can often be shut off with the dry coil provid-
ing adequate heat rejection. Evaporative condensers are also used to
cool recirculating water in closed-loop water-source heat pump sys-
tems (see Chapter 7).

Figure 5-8 shows two evaporative condenser types using city,
well, or river makeup water. Piping should be sized in accordance
with the principles outlined in Section 5.4.5 with flow velocities of
5 to 10 fps [1.5 to 3.0 m/s]. Where city water is used, a pump is
usually not required since the water arrives under pressure. For
well or river water, pumps may be necessary, in which case the
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procedure for pump sizing is generally that indicated below for
cooling tower systems. For practical purposes, the velocity head is
insignificant and can usually be ignored in these systems. Since
evaporative condensers have lifterage capacity, liquid receivers
(see Section 5.2.1) should be installed downstream of such con-
densers to hold the refrigerant until it is required by the system.

5.5 PUMPS
5.5.1 General Characteristics

Pumps are used to circulate various liquids in an HVAC&R
system. The different types of centrifugal pumps and their applica-
tions in HVAC&R systems are treated in the ASHRARNd-
book—HVACSystems and Equipmeentrifugal pumps are most
prevalent in HVAC&R systems. Table 5-1 shows some of the

Table 5-1. Characteristics of Common Types of Pumps

Positive Displacement Pmps Centrifugal Pumps
. . Mixed Axial
Rotary Piston Radial Flow Flow
Flow: Even Pulsating Even Even Even
Effect of increasing head
On flow: Negligible — Decrease Decrease Decrease
decrease
Small
On bhp* Increase Increase Decreasedecreelse . Large
to large increase
increase
Effect of closing discharge valve
Can
destruct Consid-
On unless Up to Large
. ; — erable .
pressure: relief 30% . increase
i increase
valve is
used
10%
Increases Decrease decrease Increase
On bhp:  to destruc- — 50% to to 80% 80% to
tion 60% .  150%
increase

* An increase in head with a centrifugal pump cagluce bhp, thus the reason for selecting “non-
overloading” pumps that can e@®higher horsepower curves oreduction in pump head when
the pump “runs out” aing the pump curve.
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effects of variations in systemwr operating parameters on pump
performance. The use of pump curves for system design is
explained in Section 8.8.

5.5.2 Net Positive Suction Head

To eliminate cavitation, a certain minimum net positive suction
head (NPSH) must be maintained at the inlet of a pump. The
required NSPH for a specific pump is available from the manufac-
turer, either from catalog data @n request. Although usually given
as a single number, NPSH incremgéth flow. The required NPSH
can be considered as the pressure required to overcome pump inlet
losses and to keep water flowigo the pump without the forma-
tion of vapor bubbles, which are the cause of cavitation. A piping
system will produce an available BR that reflects its design and
installation conditions. For satigf@ry pump operation, the avail-
able NPSH must always exceta required NPSH; if it does not,
bubbles and pockets of vapor will form in the pump. The results
will be a reduction in capacity, loss of efficiency, noise, vibration,
and cavitation. The available NPSH in a system is expressed by

available NPSH #, + Pg+ V29 — hyp,— Iy, (5-8)

where

available NPSH = net positive suction head available;

P = atmospheric pressure at elevation of installa-
tion, ft [kPa];

Py = water pressure at pump centerline, ft [kPa];

V2/2g = velocity pressure at pump centerline, ft [kPa];

hypa = absolute vapor pressure at pumping tempera-
ture, ft [kPa]; and

hy = friction and entrance head losses in the suction

piping, ft [kPa].

Net positive suction head is not normally a concern in closed
systems. It also is not ordinariéyfactor in open systems unless hot
fluids are pumped, the suction liff large, a cooling tower outlet
and its pump inlet are at approxiely the same elevation, or there
is considerable friction in the pyrsuction pipe. Insufficient avail-
able NPSH can occur becauseuoflersized piping, too many fit-
tings, if a valve in the suction line is throttled, or if the mesh of a
strainer on the suction sidé a pump becomes clogged.

Example 5-2.The pump in Figure 5-9 has a NPSH of 22.4 ft
[67 kPa] of water. The pressure loss in the suction piping is 4.6 ft of
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PUMP

SUCTION
LIFT

Figure 5-9. Pump with suction lift.

water [13.8 kPa], and equals 12 ft [3.7 m]. Determine the addi-
tional lift available from the pump.

Solution: The additional lift equals the NPSH minus the suc-
tion head and piping pressuress$es. Additional lift = 22.4 — 4.6 —
12 = 5.8 ft of water [17.3 kPa].

5.6 VALVES
5.6.1 Valve Types
The following valve types are regularly used in HVAC systems.

Ball and butterflyvalves operate from the fully open to the fully
closed position with a 90° turn. &h can be used for throttling and
offer very low resistance to flow when fully open.

Balancingvalves are provided for flow measurement and adjust-
ment purposes.

Checkvalves prevent flow reversal. They can be spring-loaded to
close before an actual reversal of flow occurs.

Gatevalves are intended to be either open or fully closed and are
not used for throttling. They offer low resistance to flow when fully
open.



AIR-CONDITIONING SYSTEM DESIGN MANUAL 103

Globe valves are used for throttling and have high resistance to
flow.

Pressure-reducing/alves are used to maintain a constant down-
stream pressure under varyithgw and pressure conditions.

Pressure-reliefalves open, when system pressure reaches a preset
level, to prevent overpressure in a system.

Control valves provide for automatic operations by means of an
actuator mounted to the valve bodayhich imparts a push-pull or a
rotary motion to the valve ster@ontrol valves are available with
electric, hydraulic (pneumatic), thermostatic, or self-operated actua-
tors. A control valve provided witAn automatic controller and sen-
sor becomes part of an autontht®ntrol system (see Chapter 10).

5.6.2 Valve Characteristics

The internal design of a valeketermines its performance char-
acteristics (percent flow versus percent stroke) as the valve is posi-
tioned from open to closed. Trraypical characteristics—quick
opening, linear, and equal pertage—are shown in Figure 5-10 at

90
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e /
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60 / /
50
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1 b
T
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PERCENT OF FULL STROKE

PERCENT OF FULL FLOW AT
CONSTANT PRESSURE DROP

Figure 5-10. Typical valve flow characteristics.
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constant pressure drop. Theick-openingcharacteristic is usually
applied where a process requires essentiaiprr operation. For
example, a preheat coil in an outdadr duct may be operated by a
quick-opening valve, the controllef which has a sensor in the out-
door air.

A linear valve gives a uniform percentage change in flow for
each percentage change in valve position. A typical application
would be on a steam-heating coil operated by a controller whose
sensor is on the discharge side of the coil. Since the coil output is
uniformwith steam flow, a linear valve provides a uniform change
in temperature as the proportional controller increases or
decreases the valve position tototathe load to maintain a tem-
perature setpoint.

An equal-percentagealve gives a very gradual change in flow
for each percentage change in valve position near the closed posi-
tion and a very rapid increase in flow near the fully open position.
An example is the control of a hyahic heating or cooling coil. The
nonlinear coil heat transfer charatsc (Figure 5-11a) is counter-
acted by the equal-percentage eabharacteristic (Figure 5-11b),
resulting in a nearly linear coil output. The flow-versus-valve-posi-
tion characteristics (Figure 5-11a$sist the controller in matching
the flow to the load and minimizing coil discharge fluctuations.

5.6.3 Valve Sizing

Sizing of control valves shoulde undertaken by determining
the C, (valve coefficient) required to provide the design flow condi-
tions at full load, i.e., in the wide-open position. Manufacturers fur-
nish values o€, coefficients for each valve size. By definition, the
C, coefficient is the flow (in gpm) through a wide-open valve at a
1 psi pressure drop across the valve [or Sl equivalents]. For water
(with a specific gravity of 1), this reduces to

Q=C,( p°°, (5-11)
where

Q
C,
p

flow rate, gpm (r¥/s);
required valve coefficient; and

pressure drop across valve, psi (Pa).

For steam, this formula becomes

Ws=2.1 G [(py+ P2) (P — P1°°, (5-12)

where
C, = required valve coefficient;

p; = valve inlet pressure, psia;



AIR-CONDITIONING SYSTEM DESIGN MANUAL 105

100% 100%

P
Q 50%
w

HEAT OUTPUT

10%
. R
0% 50% 90 100%
STEM TRAVEL
(b)
[
b=}
a L
5
D 50% | ---------eees
= i
g L
T
10% - ,
N B
(C) 0 10% 50% 90% 100%
STEM TRAVEL

Figure 5-11. Characteristics of cooling or heating coil and equal-per-
centage control valve.

P, valve outlet pressure, psia; and

Ws

full-load steam flow rate, Ib/h.

[For SI applications, multiply g/s by.94 to get Ib/h; multiply kPa
by 0.145 to get psi.]

5.6.4 Applications

Two-wayvalves vary the volume of water flowing through a
heat transfer coil (Figure 5-12) and associated distribution circuit.
Systems with two-way valve controls must provide for variable
flow conditions. Constant system flow volume can be maintained
by varying the volume of water flowing through the coil while
allowing a bypass flow around the coil usingheee-way mixing
valve located on the leaving sidéthe coil (Figure 5-13). A more
expensivahree-way divertingalve, located on the entering side of
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Figure 5-12. Two-way valve controlling hot water circuit.
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Figure 5-13. Three-way valve controlling chilled-water circuit.

the coil, varies the volume of wea flowing through the coil and
diverts flow around the coil as the coil flow is decreased.

The application of valves toraand-water systems is treated in
Chapter 7; their application to all-water systems is treated in Sec-
tion 8.7.

5.7 PIPING

The design of piping systems is described in the “Pipe Siz-
ing” chapter in theASHRAE Handbook—Fundamentaishile
physical pipe sizes are given in tASHRAE Handbook—HVAC
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Systems and Equipmetssume a value of = 100 for old or
dirty pipe (i.e., in open systems), 140 for new steel pipe, and 150
for plastic or copper tube/pipe in the Hazen-Williams equation.
Friction loss in hydronic systems is usually between 1 and 5 ft per
100 ft of pipe [10 to 50 kPa per 100 m], with an average of 2.5 ft
per 100 ft [25 kPa per 100 m]. Typically, add 50% to the friction
loss from the straight length ofgihg to account for fittings. The
following rule is often used to account for the pressure drop in
elbows: the equivalent straight length of pipe (in feet) for an
elbow equals twice the nominal pipe diameter (in inches). Thus, a
1in. [25 mm] elbow causes thensa friction loss as 2 ft [0.6 m]

of straight 1 in. [25 mm] pipe. Pumping power (for water, with a
specific gravity of 1) is estimated from

bhp = (gpm) (head of water, ft) / (3960) (pump efficiency) (5-14)
[kW = (L/s) (head of water, kPa) / (1002) (pump efficiency)]

with pump efficiencies ranging from 0.40 to 0.60 for small pump
capacities and from 0.70 to 0.85 for larger pumps.

To calculate the appropriate size of compression/expansion
tanks, use the table in the “Hydronic Heating and Cooling System
Design” chapter in thdSHRAE Handbook—HVABystems and
Equipmentthat lists volumes in gallorer foot of pipe [L per m].

The water volumes in chillers, coils, heat exchangers, etc., must be
added to those volumes.

Approximate parameters for air control expansion tanks are

e 16% of total water volume for chilled water;

e 20% of total water volume fohot water under standard sea
level conditions and 30 to 40 ft [90 to 120 kPa] static head;

e 12 psig [83 kPa] fill pressure, 30 psig [207 kPa] relief valve; and

e 200°F [93°C] hot water, 44°F [6.7°C] chilled water.

Tank sizes as estimated above can usually be cut in half if com-
pression tanks, which contain aaghragm that maintains separa-
tion between the air cushion and the water, are used.

If antifreeze liquids are ude the reduced thermal capacity
(specific heat) and increased visitp®f these liquids compared to
water (see the “Secondary Codkn(Brines)” chapter in the
ASHRAE Handbook—Fundamenjalswust be considered. For
example, the flow resistance af30% glycol agueous solution is
15% greater than that of wat®rag-reducing agents may be able
to offset these conditions.
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The following velocities are cmmmended for closed (pressur-
ized) piping systems:

Service Velocity Range, fps [m/s]
Pump discharge 8to12[2.5t03.7]
Pump suction 4to7[l.2t02.1]

Drain line 4t07[1.2t02.1]
Header 41012 [1.2to 3.7]

Riser 310 10 [0.9 to 3.1]
General service 5t010[1.5t0 3.1]

City water 3to 7[0.9to0 2.1]

Maximum recommended water velocities to minimize erosion
are as follows:

Normal Annual Operating Hours Maximum Recommended
Water Velocity, fps [m/s]

1500 12[3.7]
2000 11.5 [3.5]
3000 11 [3.4]
4000 10 [3.1]
5000 9[2.7]
8000 8 [2.4]

Pressure drop calculations for a typical 10,060[980 nf]
low-rise office building are shown in Table 5-2. The information is
based upon manufacturers’ data, gtaghere noted. Both pressur-
ized and open systems are considered.

5.7.1 Air Control and Venting

If air and other gases are not eliminated from a hydronic piping
circuit, they may cause “air binding” in terminal heat transfer ele-
ments and noise and/or reduction in flow in the piping circuit. Pip-
ing can be run level, provided flow velocities in excess of 1.5 fps
[0.5 m/s] are maintained. Otherwiggping should pitch up in the
direction of flow to a high point etaining an air vent or a runout to
a room terminal unit. Vent high points in piping systems and termi-
nal units with manual or automatic air vents. As automatic air vents
may malfunction, provide valves at each vent to permit servicing
without draining the system. Pipe the discharge of each vent to a
point where water can be wasted into a drain or container to prevent
damage to the surroundings. If a standard compression or expan-
sion tank is used, free air contad in the circulating water can be
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Table 5-2. Sample Pressure Drop Calculations

Pressurized System

Item Pressure Drop, ft of water [kPa]
Boiler (assume 20 gpm [1.3 L/s]) 1.0[3.0]
Pump tree 6.0 [17.9] (from calculations)
Strainer (in tree) 8.0 [23.9]
Supply piping 12.0 [35.9] (from calculations,

assume 400 ft [122 m] at 3 ft/100
ft [0.3 kPa/m])

Return piping 12.0 [35.9] (from calculations,
assume 400 ft [122 m] at 3 ft/100
ft [0.3 kPa/m])

Three-way valve 12.0 [39] (assume 50% of loop)
Total 51.0 [152.5]

Space heating hot water pump:
bhp = (20 gpm) (51 ft) / (3960) (0.75) = 0.34 bhp
[KW = (1.3 L/s) (152.5 kPd)(1002) (0.75) = 0.26 kW]

Open System

ltem Pressure Drop, ft of water [kPa]
Cooling tower return pipe 1.5 [4.5] (from calculations)
Indoor retention tank 0.5[1.5]

Basket strainer (3.5 psi [24 kPa]) 7.0[20.9]

Pump tree 6.0 [17.9] (from calculations)
Chiller 6.0 [17.9]

Cooling tower supply pipe §.[4.5] (from calculations)
Three-way modulating valve 3.0[8.9]

Cooling tower nozzle 12.0 [35.9]

Lift to tower nozzle 12.0 [B.9] (from building plans)
Total 49.5 [147.9]

Condenser water pump:
bhp = (3 gpm per ton) (49.5 #)(3960) (0.75) = 0.05 bhp/ton
[kW = (0.0538 L/s per kW) (147.9 P/ (1002) (0.75) = 0.0106 kW/kW]

removed from the piping circuit and trapped in the expansion tank
by air-separation devices. If a dlmpgm-type tank is used, vent all
air from the system.
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5.7.2 Drains, Shutoffs, and Strainers

Equip all low points with drainsProvide separate shutoff and
drain valves for individual equipment pieces so that an entire system
does not have to be drained to service a single piece of equipment.
Use strainers where necessarpitotect equipment. Strainers placed
in the suction of a pump must be large enough to avoid cavitation.
Large separating chambers, which serve as main air-venting points
and dirt strainers ahead of pumpse available. Automatic control
valves or spray nozzles operating with small clearances or openings
require protection from pipe sealwelding slag, etc., which may
readily pass through a pump and its protective separator. Individual
fine mesh strainers are often regd ahead of each control valve.

5.7.3 Thermometers and Gauges

Include thermometers or thermometer wells to assist the sys-
tem operator, the test and bata technician, the commissioning
team, and for use in troubleshooting. Install permanent thermome-
ters with correct scale range,sgdo-read display, and separable
sockets at all points where temperature readings are regularly
needed. Thermometer wells should be installed where readings will
be needed only during start-up, balancing, and commissioning.
Install gage cocks at points ete pressure readings will be
required. Gauges permanently itlfd in a system tend to deterio-
rate due to vibration and putgan, and cannot be counted on to
provide reliable readings over the long haul. A single gauge con-
nected to both supply and retupiping with appropriate valving
will permit checking of pressureftérential with an informal type
of self-calibration.

5.7.4 Flexible Connectors

Flexible connectors at pumpsd other machinery help reduce
the transfer of vibration from equipment to piping. Flexible connec-
tors also prevent damage caused by misalignment and thermal
expansion/contraction of equipntgriping. Vibration can be trans-
mitted across a flexible connection, however, through flowing
water, thereby reducing the effectiveness of the connector.

5.8 DUCTWORK

Recommended and maximum air velocities for ducts are given
in Table 5-3. Three methods forethdesign of ductwork are in com-
mon use: equal friction, staticga&in, and the T-method. Refer to
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Air Velocities in Ductwork

Schools,
Location Residences Tgi%tl?gs’ ISS::S::;
Buildings
Recommendedelocities, fom [m/s]
Outdoor air
i taked 300 [1.5] 300 [1.5] 300 [1.5]
Filters’ 250 [1.3] 300 [1.5] 350 [1.8]
Heating coils ' 450 [2.3] 500 [2.5] 600 [3.1]
Cooling coils 450 [2.3] 500 [2.5] 600 [3.1]
Air washers 500 [2.5] 500 [2.5] 500 [2.5]
Fan outlets 1000-1600 1300-2000 1600-2400
[5.1-8.1] [6.6-10.2] [8.1-12.2]
Main ductd 700-900 1000-1300 1200-1800
[3.6-4.6] [5.1-6.6] [6.1-9.1]
Branch ducts 600 [3.1] 600-900 800-1000
[3.1-4.6] [4.1-5.1]
Branch risers 500 [2.5] 600-700 800 [4.1]
[3.1-3.6]
Maximum velocities, fpm [m/s]
Outdogr air 300 [1.5] 300 [1.5] 300 [1.5]
intakes
Filters 300 [1.5] 500 [2.5] 500 [2.5]
Heating coils ' 500 [2.5] 600 [3.1] 1000 [5.1]
Cooling coil$ 450 [2.3] 500 [2.5] 600 [3.1]
Air washers 500 [2.5] 500 [2.5] 500 [2.5]
Fan outlets 1700 [8.6] 1500-2200 1700-2800
[7.6-11.2] [8.6-14.2]
Main ductd 800-1200 1100-1600 1300-2200
[4.1-6.1] [5.6-8.1] [6.6-11.2]
Branch ducts 700-1000 800-1300 1000-1800
[3.6-5.1] [4.1-6.1] [5.1-9.1]
Branch risers 650-800 800-1200 1000-1600
[3.3-4.1] [4.1-6.1] [5.1-8.1]

* These velocities are for totalda area, not the net &area; other velocities the table are for

net free area.

T For low-velocity systems only.
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the “Duct Design” chapter in thesSHRAE Handbook—Fundamen-
tals, which explains all three methods in detail.

The “Duct Design” chapter in tt'SHRAE Handbook—Fun-
damentals and the HVAC Systems—Duct Desigmmanual
(SMACNA 1990) contain extensive tabulations of pressure losses
in ducts. Manufacturers’ data are also readily available. Rough-
ness factors for other than smooth sheet metal ducts can also be
found in these references. Internal linings may add 25% to 40% to
air resistance, while flexible ducts may add 50%. The latter
require special attention so that they remain round and do not col-
lapse or become crushed.

Recommended cfm per square foot [L/s p%}\ralues for differ-
ent conditions are given in t&SHRAEPocket Guidg2005). Mini-
mum ventilation (outdoor air) requirements are given in Standards
62.1 and 62.2 or in local codes, which, if they exist, supersede the
standard. For supply air systems, use approximate pressure losses of:

e 0.08 in. of water per 100 linear ¢f duct [0.66 Pa per m] for
quiet areas

e 0.10 in. of water per 100 linear ¢f duct [0.82 Pa per m] for
ordinary areas

e 0.15 in. of water per 100 linear df duct [1.21 Pa per m] for
factory areas.

A pressure loss analysis for a typical 10,000 [&30 nf]
low-rise office building is shown in Table 5-4. Data are based upon
manufacturers’ data or are from SMACNAB/AC Systems—Duct
Designexcept where noted.

A prudent designer will add a reamable safety factor to these
values to ensure that adequéda capacity and power have been
provided for the system.

Fan power for a ductwork system can be estimated as described
in Section 4.5.2. Typical fan efficieres range from 0.40 to 0.50 for
small fans and from 0.55 to 0.60 for large fans.

Outdoor air (for ventilation omakeup) must equal exhaust air
plus exfiltration at all times. Exhaust air fans will cause the infiltra-
tion of outdoor air unless supply/makeup fans supply a quantity of
outdoor air equal to the exhausted plus exfiltrated air. Ignoring this
fact may lead to frozen coils @prinkler piping in cold climates.
Buildings should be pressurized to reduce or prevent infiltration. It
is customary, therefore, to supmapproximately 5% to 10% more
outdoor air than exhaust air to account for exfiltration.



AIR-CONDITIONING SYSTEM DESIGN MANUAL 113

Table 5-4. Sample Pressure Loss Calculations

Supply Air Fan
Item

Pressure Drop, in. of Water [Pa]

Outdoor air louver

Mixed-air damper plenum

Preheat coil
Filters (dirty)
Cooling coil (wet)
Heating coil

Fan inlet

VAV inlet vanes
Fan outlet
Primary ductwork
Terminal box

Air diffuser

Total

Return Air Fan

0.05[12.4]
0.05 [12.4]
0.13[32.3]
0.75 [186.6]
1.30 [323.4]
0.13[32.3]
0.50 [124.4]
0.75 [186.6]
0.50 [124.4]
2.00 [497.6] (from calculations)
0.20 [49.8] (from calculations)
0.10 [24.9]
6.66 [1607.1]

Item Pressure Drop, in. of Water [Pa]
Room/plenum/ceiling 0.04 [9.9]

Plenum drop 0.05[12.4]

Duct inlet 0.03[7.5]

Fan inlet 0.30 [74.6]

Ductwork 0.50 [124.4] (from calculations)
Fan inlet vanes 0.50[124.4]

Fan outlet 0.10 [24.9]

Total 1.52[378.1]

Exhaust Air Fan
ltem

Pressure Drop, in. of Water [Pa]

Exhaust register
Fire damper
Ductwork

Total

0.10 [24.9]
0.04 [9.9]
0.50 [124.4] (from calculations)
0.64 [159.2]




114 COMPONENTS

Building static pressure controls need to reference outdoor
ambient conditions. The outdoor air sensor must not be sensitive to
weather or wind effects. Also, use a large chamber to dampen sud-
den variations in pressure readings.

Standard louvers, hoods, and other air intake openings are usu-
ally sized at 500 to 800 fpm [2.5 401 m/s] through the free area of
the opening. Storm-proof (draihle) louvers should be used to
reduce the entry of rain/snow. Sgfextion of louver free area must
be coordinated with the architednstall flashings at the exterior
wall and have weep holes or a floor drain to carry away rain or
melted snow entering the intake.dald regions, a snow baffle may
be required to direct fine snowarticles to a low-velocity area
below the dampers. At maximum airflow, overall resistance of the
louver, dampers, and outdoor aitake duct should approximately
equal the resistance of the return air systems.

Construct relief openings in large buildings similarly to outdoor
air intakes but equip them with motorized or building pressure-oper-
ated backdraft dampers to prevestersal of airflow caused by high
wind pressures or building staaktion when the automatic dampers
are open. Detail self-acting dampers to prevent rattling.
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CHAPTER 6
ALL-AIR HVAC SYSTEMS

6.1 CONTEXT

This chapter and the following chapters on air-and-water and
all-water systems are based upon a common context. Key to this
context is the idea of a thermal “zone.” A zone is an area of a
building that must be provided with separate control if design
intent is to be met. From an HVAC system perspective, the design
intent that is most commonly of concern when establishing zones
is the provision of thermal comfort. Providing for acceptable
indoor air quality may also influence zoning decisions (as is noted
later relative to VAV system analysis). Zoning should be estab-
lished before system selection. Although costs and budget will
typically influence system selection and the number of zones that
can be reasonably provided, selection of a system that cannot pro-
vide the necessary zones means selection of a system that cannot
provide desired comfort or indoor air quality.

All central HVAC systems are assembled from four functional
subsystems: a source subsystandjstribution subsystem, a deliv-
ery subsystem, and a control subsystem. Source elements are dis-
cussed in Chapter 5 (along witomponents such as pumps and
fans that compose the distribution subsystem). Controls are dis-
cussed in Chapter 10. Distributigmoving heating/cooling effect
from the source to the spaaegjuiring conditioning) and delivery
(introducing the heating/coolingfett into each zone) are essen-
tially the focus of Chapters 6, @nd 8, which discuss all-air, air-
and-water, and all-water distribution/delivery approaches.

6.2 INTRODUCTION

Familiarity with the information on all-air systems presented in
the “Building Air Distribution” chapter of thASHRAE Handbook—

115
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HVAC Systems and Equipmenhich gives a general description of
these types of systems, is assumed in this manual. Fundamental
material from that resource generally not repeated here.

All-air systemsprovide sensible and latent cooling capacity
solely through cold supply adelivered to the conditioned space.
No supplemental cooling is proked by refrigeration sources
within the zones and no chilled wate supplied to the zones. Heat-
ing may be accomplished by the same supply airstream, with the
heat source located either in the central system equipment or in a
terminal device serving a zone.zbneis an area controlled by a
thermostat, while aoom refers to a partitioned area that may or
may not have a separate thermostat.

The psychrometrics of air-cottibning systems are treated in
detail in this chapter. Much ofithpsychrometric discussion is also
applicable to the air-and-water and all-water systems discussed in
Chapters 7 and 8.

6.3 ADVANTAGES AND DISADVANTAGES OF
ALL-AIR SYSTEMS

The general advantages ofntral systemg(including all-air
systems) are:

« Major equipment is centrally located in dedicated service
spaces, which allows maintenance to take place in unoccupied
areas.

e Major noise-generating equipment is centrally located in a
space that can be acousticallglated, allowing for reasonable
noise control opportunities.

e There is no condensate drain piping or HVAC power wiring in
occupied areas (as opposeditdgtary or fan-coil systems).

Among the specific advantagesadfair systemsre:

¢ Such systems are well suited to air-side economizer use, heat
recovery, winter humidificatiorand large-volume outdoor air
requirements.

e They are the best choice foosk control of zone temperature
and humidity.

e They are generally a good cheifor applications where indoor
air quality is a key concern.

e They are amenable to ugesmoke control systems.

e There is simple seasonal changeover.

¢ Such systems generally permiimultaneous heating and cool-
ing in different zones.
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Among the disadvantages aif-air systemsare:

« All-air systems use significammounts of energy to move air
(approximately 40% of all-air system energy use is fan
energy).

«  Ductwork space requirements may add to building height.

« Air balancing may be difficult.

e Itis difficult to provide comfarin locations with low outdoor
temperatures and typical builg) envelope performance when
warm air is used for perimeter heating.

« Providing ready maintenance accessibility to terminal devices
requires close coordination beten mechanical, architectural,
and structural designers.

All-air systems that have been used in buildings of various
types are presented below. Notaflthese systems are equally valid
in the context of a given projedtiot all of these systems see equal
use in today’s design environment. They are presented, however, to
provide a sense of the possibilitiesd constraints inherent in the
use of an all-air HVAC system.

6.4 SYSTEM CONCEPTS AND
BASIC PSYCHROMETRICS

Procedures for the calculation of air-conditioning cooling loads
are presented in thaSHRAE Handbook—Fundamentalsd are
summarized in Chapter 4 of this manual. Proper representation of
each load on a psychrometric chart will help you understand the
interaction of the loads and din effects on system design.
Figure 6-1a shows a schematic diagram of a representative sin-
gle-duct, single-zone, all-air sgsh. Figure 6-1b shows a psychro-
metric analysis for this system in cooling mode; Figure 6-1c shows
a heating mode analysis. Heat flows (denoteg) and airflows are
indicated by arrows, and temperatures are indicateédsabscripts
identifying points in the sequence of airflow are:

R = room

rp = return plenum

rd = return duct

o0 = outdoor air

m = mixed air

cc = cooling coil leaving air temperature
hc = heating coil leaving air temperature
rf = return air fan



118 ALL-AIR HVAC SYSTEMS

sf = supply air fan
sd = supply ductwork
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The room sensible and latentlts in Figure 6-1b are denoted
by gsgrandq g, respectively, and the outdoor air sensible and latent
loads are denoted hys, and g, o, respectively. The total cooling
load g, is defined by the differenda enthalpies between states
andcc.

Note that the air dischargedim the cooling coil absorbs heat
from the supply air fan and the supply air ductwork—before air
enters the room—accounting for the difference in dry-bulb temper-
ature between pointsc ands in Figure 6-1b. Room sensible and
latent loads due to occupants, lights, equipment, solar radiation,
opagque envelope transmission, edce picked up and carried to the
return air plenum by the retuairstream. Additional heat may be
picked up from recessed light fixes, a floor or roof above, and a
return air fan, accounting for the increase in temperature between
pointsR andr. Some of the air is exhausted, while outdoor ventila-
tion air () is taken in, resulting in a mixed airstream conditign
which is cooled and dehumidified by the cooling coils, producing
the state of air atc. In this arrangementlaeating coil is provided
immediately downstream of the ding coil to raise the air temper-
ature as required to provide winter heating. Usually, the heating coll
is upstream of the cooling coil amdts as a preheating coil in win-
ter. Such an arrangement preesdsome freeze protection for a
chilled water cooling coil.

Depending upon exactly how air is supplied to and exhausted
from a room, larger or smaller gimms of the heat gain from the
lighting system may be either addt the other heat loads in the
room or picked up in the return air plenum. This is explained in
detail in the “Nonresidential AiConditioning Cooling and Heating
Load” chapter in thédSHRAE Handbook—Fundamentdi®r the
case when return air is routésrough light fixtures, the approxi-
mate fractions of heat removed by the return airstream under differ-
ent conditions are shown in Table 6-1. Note that some designers
believe these values are high.

Table 6-1. Estimated Heat Removal * from
Lighting Fixtures by Airflow

Return airflow rate, 10 20 30 40
cfm [L/s] [4.7] [9.4] [14.2] [18.9]
Four-tube fixtures, 4 ft 38 55 60 65
[1.2 m] long
Two-tube fixtures, 4 ft 43 58 65 75
[1.2 m] long

* Percent of total power input
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When a substantial portion ofethheat of lighting is removed
by the return airstream (thusdrecing room cooling load), room
supply air volume in a lightly loaded space may fall short of the
minimum ventilation air design criteria, particularly under part-load
operation of a variable-air-volume system. Various methods to
avoid this problem are described later.

6.5 SPECIAL DESIGN CONSIDERATIONS
6.5.1 Pressure Considerations

All-air systems may be designéor high or low velocity air
distribution. Higher pressures may be desirable in some low-veloc-
ity systems for improved ease of balancing and/or for use of flow
control regulators, which havesabstantial pressure drop. Higher
pressures are required with high-velocity systems to overcome
greater friction losses in the duairk. Make every effort to reduce
the total energy needed to delitbe required airflow in a system.
This will ensure a quieter system, reduce duct leakage, and, in the
majority of cases, minimize og#mg costs. Duct design methods
are noted in Section 5.8, whiclsalpresents maximum and recom-
mended velocities for high-pressure and low-pressure systems.

The chief justification for the esof high duct velocities is lim-
ited space for ductwork. Most signs have choke points where
ducts must be restricted in size. As a result, the air velocity at such
points must be high. As soon tiese points are passed and space
becomes available, lower duct velocities should be restored to
reduce friction and the velocitthen gradually decreased further
toward the far end of the duct system. A substantial saving in duct
friction is usually achieved by carefully studying the duct mains
adjacent to the air-handling room. The connections from plenums
to main supply ducts should besieeamlined as possible to reduce
the friction loss at the entran¢e the main distribution duct. In
practice, this is usually accomgiisd by using a transitional fitting
between the ductwork and the plenum. In many cases, space/vol-
ume is available at the air-handling room, and a large duct can be
used in this area. The duct velocity can then be stepped up gradu-
ally as the point of maximum space restriction is reached.

Return air ducts should be sized for low velocities. One way to
simplify the return air system is to use suspended ceiling plenums
or corridors as return “ducts” and to collect the return air at central
points on each floor. In some localities, however, there are code
restrictions to this method.
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One way to assist in providinggaiiet installation is to provide
a length of lined ductwork on e¢hleaving side of terminal units
when the system layout permits. dsstically lined ductwork, espe-
cially when it contains one or twelbows, is a reasonably effective
sound attenuator. It will providersecessary acoustical safety factor
if noise regeneration occurs in the air distribution system because of
poorly constructed ducts, fittingsr taps. Noise and vibration con-
trol are treated in more detail in Section 2.5.3.

6.5.2 Air Temperature-Volume Considerations

The volume of air required twondition any space can be gov-
erned by the room design sensibtwling load, by the room dehu-
midification or humidification (latet) load, or by room ventilation
requirements. (In HVAC terminologyentilationrefers to outdoor
or fresh airflow, not to total micirculation.) Ventilation require-
ments, however, are rarely the governing condition, although they
may govern under minimum supply air conditions in vari-
able-air-volume (VAV) systems (see Section 6.8) or in rooms with
high occupancy or high exhaust air requirements.

Although loads, ventilation air movement requirements, and
equipment limitations may to some extent predetermine supply air
volume and temperature values, the system designer often has some
latitude in selecting the temperaguwrolume relationship. Weigh the
economics of low-volume (high delta-t) supply air against possible
distribution, odor, or air movement problems. Low-volume air sup-
ply (resulting from lower-than-normal supply air temperatures)
increases operating costs for refrigeration, although overall operat-
ing costs (considering both refrigeration and air distribution sys-
tems) do not necessarily increase. Low supply temperatures may
cause drafts and condensation diffuser/register surfaces. For
occupant comfort, it is undesiralie inject air into a room that is
more than 20°F (11°C) colderath the room air temperature. When
the supply air is colder than that, for example, in cold air systems
(see Section 9.3.8), supply air mbstmixed with induced room air
inside the supply terminal before being injected into the room.

6.6 USEFUL EQUATIONS FOR AIR-SIDE SYSTEM DESIGN
6.6.1 Basic Calculations
1. Sensible heat capacity or loadys, Btu/h [W]

0s = (specificheat) (density) (mass flow rate) (temperature difference)
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0s = (0.244 Btu/lb °F) (0.075 IbA} (60 min/h) (cfm) (t)
0s = (1.1) (cfm) (1) (6-1a)
[0 = (1.006 kJ/kdK) (1.204 kg/nf) (1000 W/s kJ) (0.001 L/A( t)]
[9s= (1.2) (L/s) (V)] (6-1b)
where
gs = sensible heat corresponding to a change in dry-bulb temper-

ature ( t) for a given volumetric flow of standard air
cfm = airflow rate of standard air [L/s]

(While the specific heat of aiig 0.240 Btu/lb [0.558 kJ/kg], the
value 0.244 [0.568] represents the sfiebeat of air with an aver-
age of 1% moisture.)

2. Latent heat capacity or load;q, , Btu/h [W]
g. = (latentheat of vaporization) (ma$®w rate) (difference in
humidity ratio)
g_ = (1076Btu/lb water) (0.075 Ib airff) (60 min/h) (W)
g. = (4840) (cfm) (W) (6-2a)
also equal to (0.69) (cfm) B)
[q. = (2503kJ/kg water) (1.20 kg air/f) (0.001 L/n?) ( W)]

[aL = (3.0) (L/s) (W] (6-2b)

where
g. = latent heat corresponding tcetthange in (absolute) humid-
ity ratio
W= change in humidity ratio, pouraf water per pound of dry air

[g/kg]

G= change in humidity ratio, graird water per pound of dry air
for given volumetric flow of standard air, where 7000 grains
equal 1 pound

3. Total heat capacity or load;g;, Btu/h [W]

g; = (air mass flow rate) (change in enthalpy)
o = (0.075 Ib/ff) (60 min/h) (cfm) (h)
0t = (4.5) (cfm) ( h) (6-3a)
=0s+q.
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[q¢ = (1.20 kg air/m) (0.001 L/n¥) (1000 W/s kJ) (L/s) (h)]
[ = (1.2) (L/s) (h)] (6-3b)
=0s+ 0L
where
g; = total heat corresponding to efgee in enthalpy for given volu-

metric flow of standard air
h= difference in enthalpy, Btu/lb [kJ/kg]

4. Air Mixtures

When air flowing at a rate of cfpjL/s,] at temperaturé, and
humidity ratioW; mixes with another airflow of cfgiL/s,] at t, <
t; and W, < Wj to yield a mixed condition of cfg[L/s,] att,, and
Wi, then

cfmpy, = cfm + cfmy (L/s,, = L/§ + L/sy) (6-4)
tn =t + (g —tp) (cfmy / cfmy) (6-5a)
[tm =tz + (ty —tp) (L/sy/ Lisp)]
or
tn=1 — @ —to) (cfmy/ cfmyy) (6-5b)
[tm =1t — & —t2) (L/sy/ Lisy)]
Wi =W, + (W, = W) (cfmy / cfmyy,) (6-6a)
[Wip = W, + (W) W) (Lisy / Lisy)]
or

Wi, = W, — Wy —W,) (cfmy/ cfmy) (6-6b)

[Win = Wi — Wy — W) (Lis,/ Lisy)]
In the above-mentioned equatiohgpplies to either dry-bulb

or wet-bulb air temperature. Suchixing processes, plotted on a

standard psychrometric chart, fall on a straight line drawn between

states 1 and 2, with the distances from these points inversely pro-

portional to the respective flow rates.

6.6.2 Fan Laws

The fan laws are used to pradike effect on fan performance
of a change in the properties of d&m operating speed, or fan size.
The fan laws are given here in one of their several variations (see
the ASHRAE Pocket Guide theASHRAE Handbook—HVAC Sys-
tems and Equipmerior these laws in equation format). Five com-
monly used versions of the fan laws state:
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1. Given a variation in fan speed—constant density of air, con-
stant system (no change in ductwork or damper position)—
then:

Q varies as rpm
SPvaries as rprh
VP varies as rpm

P varies as rpl?h
where

Q
SP
VP

flow rate of air
static pressure
velocity pressure
fan power

2. Given a variation in fan size—similar fan proportions, constant
rpm, constant air density—then:

Q varies as P
SPvaries as B

P varies as D
where
D = diameter of fan wheel

3. Given a variation in air density—constant system, constant fan
size, constant fan speed—then:

Q remains constant
SPvaries as air density
P varies as air density
4. Given a variation in air density—constant static pressure, con-
stant system, constant fan size, variable rpom—then:
Q varies as (air densify-®
SPis constant

rpm varies as (air density}°®

P varies as (air densitiﬁ's‘

5. Given a variation in air density—constant mass flow of air,
constant system, constant fan size, variable rpom—then:

Q varies as the reciprocal of air density
SPvaries as the reciprocal of air density
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rpm varies as the reciprocal of air density

P varies as (air densityj
Some typical applications of the fan laws are presented below.

Fan law 1.To find the necessary increasefan rpm to increase the
airflow rate by a specified amount.

Fan law 2 To find the necessary change in fan size to achieve a
greater flow rate, with operating speed remaining constant.

Fan law 3 To find the change in statpressure and power if air
density changes but fan speed remains constant.

Fan law 4.To find the speed change necessary to maintain a certain
static pressure if air density changes.

Fan law5. To find the amount by which rpm must be changed when
air density changes if a fixed masge of airflow is to be main-
tained (for example, to preseraechange in temperature across a
heat exchanger with a fixed rate of heat addition).

Fan laws 1 and 5 are most often used in design. If system test-
ing and balancing shows that a 1%feater flow rate is required,
fan law 1 indicates, not only how much the fan speed must be
increased, but what the consequerareson the power draw of the
fan motor. Fan law 5 may be used when the air handled by a fan and
duct system is at an appreciably different temperature from the tem-
perature for which equipment ratings are available. This fan law
may also be used when design&ygtems to operate at high alti-
tudes (and, thus, lower atmospheric pressures than sea level). Fan
law 3 may provide an order-of-magnitude estimate of the change in
fan size needed to achieve a revised flow rate, but realistically it
would be better to consult a fan manufacturer’s catalog for such
information.

Example 6-1 A fan installed in a new system operates at
800 rpm and provides a measureamifirate of 4100 cfm [1935 L/s]
working against a static pressure of 2.8 in. of water [697 Pa]. The
catalog rating of the fan at @ke conditions specifies a power
requirement of 4.5 hp [3.4 kWgnd a 5 hp [3.7 kW] motor has been
selected. Instead of the currerivil rate of 4100 cfm [1935 L/s],
4500 cfm [2124 L/s] is desired. What are the consequences of
increasing the fan speed tchave 4500 cfm [2124 L/s]?
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Solution: Fan law 1 states that, with constant air density and
system characteristic® varies linearly with rpm.

a. The fan speed must, therefobe, changed to: (800) (4500 /
4100) = 878 rpm, or by a ratiof 1.0975 [the same pattern
applies to flows in L/s].

b. The new static pressureill be (2.8) (1.0975) = 3.37 in. of
water [839 Pa].

c. The revised power requirement will be (4.5) (1.0975)
5.95 hp [4.4 kW], which will likely necessitate changing the
5 hp [3.7 kW] motor to a 7.5 hp [5.6 kW] motor. Figure 6-2
shows the original and revised operating conditions.

Example 6-2 Measurements made on a newly installed
air-handling system show: 1200 rpm fan speed, 4500 cfm
[2124 L/s], 1.9 in. of water [473 Pa] static pressure, and 3 hp
[2.2 kW] shaft power when the air temperature is 70°F [21.1°C]
and the pressure is standard atmospheric. In actual use, the fan
and duct system are to handle 150°F [65.6°C] air. If the fan
speed remains 1200 rpm, what will be (a) the volume rate of
airflow, (b) the static pressure, and (c) the power requirement?

Solution:Fan law 3 applies because the air density changes, but
the fan speed, fan size, and systdraracteristics remain constant.

a. The volume rate of flow remains constant at 4500 cfm [2124 L/s].
The mass rate of flow, however, decreases because the air density

878 RPM

800 RPM

SYSTEM

3.37 [838) CHARACTERISTIC

STATIC PRESSURE, in of water [Pa]

4100 [1935] \ 4500 [2124]

AIR FLOW RATE, CFM [U/s]

Figure 6-2. Original and revised operating conditions for Example 6-1.
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at 150°F [65.6°C] is 0.065 Ibf{1.04 kg/n¥] in comparison to

0.0749 b/t [1.20 kg/n?] at the original conditions.

b. The static pressure varies in proportion to the air density, so

SP=(1.9) (0.065 / 0.0749) = 1.6B. of water [411 Pa].

c. The power varies in proportion to the air densityP?so(3 hp)

(0.065/0.0749) = 2.61 hp [1.95 kW].

In the selection and operatiof a combination of supply and
return air fans, an underlying objective is to regulate the air pres-
sures in the occupied spaces so that they are tdasgdoor atmo-
spheric pressure—usually just slilyhhigher to reduce infiltration.
This objective becomes a special challenge in VAV systems (Sec-
tion 6.8), where the duct-dampeharacteristics are constantly
changing as the zone loads change.

6.7 SINGLE-ZONE ALL-AIR SYSTEMS

The simplest form of HVAC&R system is a single refrigeration
machine serving a single temperature control zone (as shown in
Figure 6-1). The equipment may be installed within or remote from
the space it serves and may operate with or without distributing
ductwork. If located within theane being conditioned and without
substantial ductwork, the system is termddcal systemlf located
remote from the zone(s) being served and with distribution duct-
work, the system is termedcantral systemProperly designed sys-
tems of either type can closelpdheffectively maintain temperature
and humidity and can be shut dowhen desired without affecting
the conditioning of other areas. Thaxe fairly energy efficient, easy
to control, and easily adaptable to economizer cycles (see Section
9.3.7). Their disadvantage is théey respond to only one set of
space conditions. Their use is therefore limited to situations where
variations occur approximatelyniformly throughout the space
served or where the load is dtab-i.e., a single-zone situation.

Single-zone systems are applicable to small department stores,
small individual stores in a spping center, individual classrooms
in a school, computer rooms, hdap operating rooms, and large
open areas (such as gymnasiuatsums, and warehouses). A roof-
top unit, complete with refrigeration system, serving an individual
space is considered a single-zagstem. The refrigeration system,
however, may be remote and nwgrve several single-zone units in
a larger installation. A return fas necessary only if 100% outdoor
air is used for cooling, and even then it may be eliminated if air can
be relieved from the space with very little pressure loss through the
relief system.
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Units that incorporate all theomponents of an air-condition-
ing system except ductwork and condenser water piping are
referred to aself-containear packagedinitsbecause they contain
a refrigeration compressor, a direct expansion coil, the refrigeration
piping, a fan and motor, filter, dncontrols, all in one casing. In
many cases, a heating coil is alsoluded. Sometimes the units are
attached to ductwork, but frequently they are used with a free-dis-
charge register or diffuser. Suahits are manufactured with either
water-cooled or air-cooled condensers and with or without gas heat-
ing units.

Frequently the fan and evaporator section of self-contained
units is mounted in or next to the conditioned space, and the com-
pressor-condenser unit is mounted on the roof or at some other
remote location (see Section 6.1R).this case, refrigerant piping
must be installed to connect the evaporator and the compressor in
an arrangement referred to aspdit systemA building using multi-
ple split-system units has a collection of single-zone systems.

A single-zone system can be controlled by varying the quantity
or the temperature of the supply #irough the use of reheat, face
and bypass dampers, volume cohttevices, or a combination of
these. Single-duct systems without reheat offer cooling flexibility
but cannot control humidity independently of temperature. Sin-
gle-duct systems with reheat provide flexibility in both temperature
and humidity control; a cooling docools the supply air to the
desired humidity, and a reheat coil raises the dry-bulb temperature
to the desired value. Standard 90.1, however, severely restricts the
application of reheat, limiting thigption to special cases. A sepa-
rate humidifier and/or dehumidifier may have to be provided if tight
control of humidity is required.

Appendix B presents sample design calculations for a sin-
gle-zone system.

6.8 VARIABLE-AIR-VOLUME (VAV) SYSTEMS
6.8.1 System Concepts

In constant-air-volume systems, cooling or heating control is
accomplished by varying the supply air temperature while the vol-
ume of supply air remains constant. VAV systems accomplish cool-
ing/heating control by maintaining constant air temperature while
varying the volume of the air supply. Both control approaches have
benefits and disadvantages.
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6.8.1.1 Simple VAV. This system applies to cooling-only
applications with no requiremeror simultaneous heating and
cooling in different zones. A typitapplication is the interior of an
office building. There are several means of varying system airflow
in response to zone loads. Variations in system supply volume can
occur without fan volume variation through use of a fan bypass.
This type of control, however, negates the potential of fan energy
savings available with a VAV system. VFDs (variable-frequency
drives) are reliable and relatively inexpensive, making a bypass
control approach unwise. Alternatively, a varying zone air volume
can be obtained (while fan and system volume remain substantially
constant) by dumping excess supalyinto a return air ceiling ple-
num or directly into the returair duct system. Dumping cold air
into a return air plenum, however, wastes energy and can cause
overcooling under low load conditis due to air leakage through
the ceiling system and radiant cooling from the ceiling surface.
Dumping can also cause a shortage of system supply volume if it is
used for system balancing aslhas a means of temperature con-
trol. This control approach alsacilfato tap into the energy savings
available if fan operation is adjusted to match reduced airflow
needs. A variable-speed drivéliveapture this opportunity (assum-
ing that zone loads actually vary) and is the most energy efficient
VAV option.

6.8.1.2 VAV Reheat or VAV Dual Duct.By sequencing reheat
or blending airstreams at eapbne after throttling the zone’s cold
air supply via VAV control, fullheating/cooling flexibility can be
achieved much more energy efficiently than with comparable con-
stant-volume systems. This appehacan be applied to both interior
and perimeter spaces. The fan volume control options described
above can be used—with a preference for the use of a variable-
speed drive.

6.8.1.3 VAV with Independent Perimeter SystemAll-air

cooling and heating can be aomglished using a VAV system to
serve interior spaces in conjunction with a constant-volume perime-
ter system. The variable-volume system provides cooling (and only
cooling) year-round, taking care wériations in all zone internal
heat gains as well as building envelope solar gains. The perimeter
system uses an outdoor/indodemperature-scheduled, con-
stant-volume air supply to offset envelope conduction/convection
gains or losses. The perimeters®m requires no zone control
(except to improve operating ecang) and no outdoor air compo-
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nent since the VAV system takes care of each zone’s load variations
(except opaque envelope loads)d all outdoor air ventilation
requirements.

If a hydronic perimeter heating system is provided, the VAV
system provides cooling in @bnes year-round, while the perime-
ter heating system offsets winter transmission heat losses (but not
summer transmission heat gains). Coordination between these two
delivery systems is important to overall energy efficiency.

6.8.1.4 VAV with Constant Zone Airflow Volume.VAV ter-
minal devices may contain fans t@aintain minimum or constant
supply airflow to a particular zonghile the volume of system pri-
mary air that is supplied to therze is varied. Such terminals are
commonly referred to a&n-powered terminals’he airflow to the
zone is kept constant by reciratihg return air—keeping the sum
of the variable primary air (to mektads) and the recirculated air
substantially constant. This technique is particularly useful for
zones with large variations internal loads, such as conference
rooms. It may also be combinedthwterminal reheat. Or return air
from the interior can be transferred to perimeter fan-powered boxes
to avoid terminal reheat. Fanspered terminals can be used to
ensure good air circulation in @gpied spaces during periods of
reduced cooling load.

6.8.1.5 VAV with Economizer Cycle.When the enthalpy
(total heat content) of the outdoor & lower than that of the return
air, energy consumption for cooling can be reduced by taking in
more outdoor air than required for ventilation and relieving the
excess return air to the outdoors. Under favorable conditions, all of
the return can be relieved and replddy outdoor air. This mode of
operation is called aair-side economizer cyclgsee Section 9.3.7).
While this approach requires large outdoor air intake and relief/
exhaust components, it improves economy of operation except in
areas, such as the southeasténited States, where such favorable
enthalpy conditions occur so rardlyat the additional first cost of
providing for economizer opdian is not justified (Mutammara
and Hittle 1990).

6.8.1.6 Applications.VAV systems are easy to control, can be
highly energy efficient, allow fairly good zone control, are easily
adaptable to economizer cyclesd provide flexibility for zoning
changes. A potential drawback includes the possibility of poor ven-
tilation, resulting in the potentidibr unacceptable indoor air qual-
ity, particularly under low zone loads. VAV systems are suitable for
offices, classrooms, and many other applications and are currently
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the system of choice for mosbmmercial and institutional build-
ings despite the fact that humidity control under widely varying
latent loads can be difficult, as illustrated in Figure 6-3 and in
Appendix C.
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Figure 6-3. VAV system—schematic and psychrometric chart.
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6.8.2 VAV Design Considerations

6.8.2.1 Psychrometric Analysis.A typical arrangement of
components for a VAV system witkeparate perimeter heating is
shown schematically in Figure 6-3, with typical psychrometric per-
formance for maximum and partialads and for summer and win-
ter operation. For cooling-only applications, air is delivered to a
space at a fixed supply temperature that (at design flow rate) can
offset the design space coolingitb The space thermostat reduces
the volume of supply air when the cooling load is less than the
design load. If some warm up desired after system shutdown, a
heating coil may be installed amadanually or automatically actu-
ated for warm up only. When sgsh supply air is throttled while
outdoor air volume is kept constant, tempering of the outdoor air
may be necessary under cold winter ambient conditions. Equations
6-1 through 6-6 apply for fan gainceiling temperatures, and air
mixtures. Zone ductwork and nable-volume terminals must be
sized for the governing load factor, either sensible, latent, or venti-
lation loads.

The designer must determine the maximum system air volume
from either (1) coincident systethlock) load or (2) block sensible
load plus all air requirements from governing latent or ventilation
loads that exceed the volume reqdine any zone to satisfy the sen-
sible load in that zone when tkatire system reaches its peak sen-
sible load. Thus, if a system load peaks at 4:00 p.m. and an east
zone’s air requirement from sensible loads is less than the volume
required by its latent or ventilatidoads at that time, the latter vol-
ume must be used for that zaared an appropriate temperature con-
trol strategy applied. Actively controlling for nonsensible dominant
loads is problematic, as discussed below.

If building operators set thermostats below the values used for
design calculations, more suppsir will be required than the
amount determined by the blodoad. Under these conditions,
zones would experience a shortajesupply air if the system was
designed based upon block loadsyoBluch an occurrence is possi-
ble. Energy-efficient design practices suggest an indoor summer
design temperature of 78°F [25(, and some occupants may find
that this setting provides marginadmfort, especially in the pres-
ence of high mean radiant temaere. Attempts by the building
operator to correct for such discomfort may involve resetting tem-
perature sensors below design conditions, leading to the above sce-
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nario. Designing to provide sonféexibility in control, without
drastically oversizing systems, is advisable.

Whenever supply air volume is throttled at a given dew-point
condition, dehumidification capacity decreases. (This effect may be
offset somewhat if reduced ainflothrough the cooling coil results
in increased dehumidification due to increased coil-air contact.) The
effect of reducing air volume on ldiemidification capacity is illus-
trated in Figure 6-3, where RhdR4 represent zones with high and
low latent loads. Spaces with hidditent loads must be carefully
examined on the psychrometric chart before the proper air volume
can be determined. Some designeefer to design zones governed
by latent or ventilation loads a®nstant-volume zones because a
thermostat cannot respond to variaion either of those loads. This
strategy ensures a sufficient slypgir volume under all conditions,
although the wisdom of mixing siems must be considered and the
tendency to employ reheat forrtant volume control resisted.

As each zone peaks at a different time of day, it “borrows” the
extra air required to meet its pelmlad from off-peak zones. Such
sharing of air between off- and -@eak zones occurs only in true
VAV systems and represents a utilization of system diversity. Sys-
tems that dump excess supply air into a return air system or bypass
it to a return duct may be using zone VAV temperature control prin-
ciples, but their design supply aiolume is the sum of the peaks
that is circulated on a constant-volume basis. Such systems do not
use smaller fans and main ducts than a constant-volume system and
miss out on opportunities for recked energy use (a major advan-
tage of VAV systems); they ehld be considered obsolete.

Be sure to examine minimum air quantities in each zone and in
the system. First, check for aplmte dehumidification (Equation 6-2)
and ventilation (Section 3.3.3). Second, check the increase in back
pressure resulting from terminal throttling and its effect on fans and
ducts and their need for static pressure control. Third, check for poten-
tial noise problems in terminal devices arising from throttling. If, at
minimum system volume, the increase in static pressure at the fan dis-
charge and at the last terminal device is not so large as to cause fan
instability, distribution imbalance, or excessive pressure drop in the
last terminal, volume regulation andkystem static pressure control
may not be necessary. Such a system would be “riding the fan curve,
varying the delivered air volume with changing system static pressure.
Without fan speed control, however, most of the potential energy sav-
ings will be lost by just throttig airflow and riding the fan curve.
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Distinguish between the minimum throttling ratio (ratio of
throttled flow to full flow) in any zone and that in the system. The
ratio can be as low as 0.25 irzane with a peak of, for example,

3 cfm/ft? [15 L/s per m], without necessarily violating ventilation
criteria, while the system ratio nkignever go below 0.5. The lower

the system design static pressure, the smaller the duct network; the
higher the throttling ratio, the leseed there is for system static
control. Static pressure controls can be used to maintain fan stabil-
ity and distribution balance, to reckioperating costs, and to stabi-
lize system sound generation characteristics.

Minimum ventilation air quantities can be maintained by

e raising supply air temperaturesa a system basis (although this
must be done with caution as it can lead to high humidity on
cool humid days, when sensible and latent loads are out of
sync),

e raising supply air temperatures using reheat on a zone-by-zone
basis, and

e providing auxiliary heat in a zone, independently of the air system.

Full-zone air circulation can be maintained by

< individual zone recirculation {@ terminal units) with blending
of varying amounts of supplyrawith room air or ceiling ple-
num air, and

e ceiling induction unit recirculation (as above).

Oversized VAV terminals should be avoided. They tend to be
noisy because they must always be throttled. Low-frequency noise
(which is difficult to attenuatedan be replaced with high-frequency
noise (which is easier to attenepby installing a piece of perfo-
rated metal upstream of therténal box, sized to reduce the full
flow pressure at the terminal liye amount needed to provide bet-
ter acoustics. The multiple holeause low frequencies to be “end
reflected” and energy to be digated in forcing air through the
multihole orifice. Unfortunately, the following relationship applies:

(flow rate,) / (flow ratg) = (P, / P1)?° (6-7)

This means that the orifice will exhibit a parabolic control func-
tion. In addition, airflow sensors do not provide adequate velocity
pressure signals at low flow conditions to permit accurate termi-
nal modulation.
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When radiation is provided fgrerimeter heating (see Section
6.8.1.3), size it to offset envelop@nsmission losses. Heat is sup-
plied by radiation in proportion to outdoor temperature. The VAV
system usually provides all outdoair requirements for interior as
well as perimeter zones. If it is assumed that radiation exactly off-
sets transmission loss, interior loads will cause the VAV terminal to
remain open, providing ventilation requirements and air movement
for comfort and odor control. Ireality, such an assumption is hard
to implement; thus, the VAV box and radiation control valve should
be sequenced so that the VAV box is at its cooling (and ventilation)
minimum before the radiation valve starts to open. The same effect
may be produced when a perinretdr system without outdoor air
is used to offset transmission loads.

The solid lines in Figure 6-3b represent average system condi-
tions, while the dotted lines repesg individual zone conditions.
The psychrometric chart does nobshvariations in airflow; a drop
in room sensible load with no &hge in latent load appears as a
steeper internal sensible heat ratio (SHR) line (s-dRE to the
reduced air volume. A typical winter cooling condition for a cold
climate is shown in Figure 6-3c. The moisture level is reduced due
to mixing of return air with low-dew-point outdoor air. Supply air
temperature a is maintained by controlling the outdoor air damp-
ers and return air dampers to produce the mixed-air stafome
preheating may be needed to ntain the state, which would fur-
ther reduce the space relative humidity. Temperature is maintained
at each individual zone in th&ystem by reducing zone airflow.
Again, relative humidity may risas sensible loads are reduced.

All the preceding considerations apply when a separate
perimeter radiation system handthe perimeter transmission and
infiltration heating loads, while a common air system (serving
both interior and perimeter zones with the same temperature air)
handles cooling.

6.8.2.2 Envelope Isolation SystemSome designers have
used a perimeter system to handle all conduction/convection loads
from the envelope, in effect thermally isolating the envelope from
the rest of the building (except for solar gains). Such a system
could be a hot-water radiation system or a separate air system
along the perimeter, although tea would be preferred in cold
climates. The advent of improved-performance envelope assem-
blies, and particularly high-performance glazings, has generally
made such systems unnecessary.
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6.8.2.3 AirVolume. Pay particular attention to evaluation of the
expected patterns of loads in a VAV system, as such patterns will
affect airflow volume. Likewise, carefully estimate loads for VAV
zones so that terminals are not regularly operating at low percent-
ages of design flow with the potential for reduced indoor air quality
that can come from such reducealfs. Selection of supply outlets
that can produce secondary airtiman is desirable in VAV system
design. Proper design may require a smalleor higher-perfor-
mance, aspirating-type outlets in order to enhance air movement.

A typical pressure distribution through the supply and return
air sections of a VAV system iflustrated in Figure 6-4. A basic
design goal is to size the supjgigd return fans along with the sup-
ply and return air distribution systems to maintain a slight positive
pressure in the building spacesa& the positions of the zone con-
trol dampers in a VAV systerare constantly changing, however,
one design combination cannoket the pressure requirements at
all operating conditions. The &t compromise is automatically
afforded by supply fan pressucentrol via a variable-frequency
drive (VFD), which produces anergy conservation advantage as
well. Reduction in capacity of ¢hsupply fan drops the pressure at
points A and B in Figure 6-4 in comparison to full-capacity opera-
tion of the fan. The result is that deviations from the desired zone
pressures are minimized.

Air distribution is very important in VAV systems, as supply air
volumes are continually changinGive careful consideration to
distribution and to sound pressuegels at maximum and minimum
flow. If the combined sound pressure level of the terminal unit and
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Figure 6-4. Pressure distribution in supply and return ducts of VAV
system.
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diffuser at maximum flow is at least 3 decibels below the room
ambient sound pressure level, soymdssure level variations will
not be noticed. In some cases, thiay require the careful design of
ductwork downstream of the VAV box to attenuate noise produced
by the box. The subject of locatlocities as they might affect VAV
systems is covered in the “Space Air Diffusion” chapter in the
ASHRAE Handbook—Fundamentals.

6.8.2.4 Return versus Relief Fandn VAV systems with an
economizer cycle, performanaan sometimes be improved by
replacing the return air fan with a relief air fan (Avery 1984).
Figure 6-5 shows a typical economizer cycle. The return air fan
handles all the return air and exhausts the relief air from the build-
ing. Typical pressures are shown at various locations in the system.
Note that the return air damper has been sized for a 1.5 in. w.g.
[375 Pa] pressure drop, three tintlee pressure drop across the out-
door air damper. If this is natone, damper instability can occur,
and, since a 45 mph [20 m/s] wigduses a pressure of 1 in. w.g.
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Figure 6-5. Typical VAV economizer cycle with return air fan.
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[249 Pa], air may blow in thexkaust opening and out of the air
intake with some wind conditions and damper positions.

Sample relative pressure values for the various points noted in
Figure 6-5 are as follows:

(1) -0.25 in. w.g. [-62 Pa]; (2) —0.75 in. w.g. [-187 Pa]; (3) -1.0

in. w.g. [-249 Pa]; (4) -2.5 in. w.g. [-622 Pa]; (5) +2.5 in. w.g.

[+622 Pa]; (6) —0.25 in. w.g. [-62 Pa]; (7) +0.75 in. w.g. [+187

Pa]; (8) +0.25 in. w.g. [+62 Pal].

Fan power may be reduced by using the arrangement shown in
Figure 6-6. Here the pressure drop across the return air damper has
been reduced from 1.5 to 0.5 in.g. [375 to 124 Pa]. The work
required to move the supply alrpwever, is unchanged. Only the
relief air has to be pushed agaitist 1.5 in. w.g. [375 Pa] relief air
pressure drop, resulting in fan energy savings. The outputs from
flow-measuring stations in the outdoor air duct and the relief air
duct are fed into a comparator catier. Its output controls the
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Figure 6-6. VAV economizer cycle with relief air fan and no return air
fan.
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relief air fan so that the flow of relief air at all times equals that of
the outdoor air. Note that it can Wéficult to accurately measure
the relief and outdoor air volumes across the range of flows under
which they may operate, as it is hard to get a good control signal
under low airflow conditions. An allowance for building exhaust
and pressurization must also bensidered in adjusting the relief
and outdoor air volumes.

Sample relative pressure values the various points noted in
Figure 6-6 are as follows:

(1) -0.25 in. w.g. [-62 Pa]; (2) -0.75 in. w.g. [-187 Pa]; (3) -1.0

in. w.g. [-249 Pa]; (4) -0.25 in. w.g. [-62 Pa]; (5) +2.5 in. w.g.

[+622 Pa]; (6) —0.25 in. w.g. [-62 Pa]; (7) =0.75 in. w.g. [-187

Pa]; (8) +0.25 in. w.g. [+62 Pal].

The relief air damper closes whenever the economizer cycle is
not in use. Minimum outdoor air volume is maintained because
bathroom and other exhausts provide sufficient relief to prevent
overpressurizing the building. Advantages of the system in
Figure 6-6 are as follows (Avery 1984):

e The return air damper is sizddr the same pressure drop as
other dampers.

¢ Total system pressure drop is reduced (20% in the example)
whenever the system is off the economizer cycle.

¢ Wind effects are minimized.

e There is no heat generateddyeturn air fan, thereby reducing
the load on the cooling coils.

¢ Fan power limitations in Standard 90.1 may favor the use of a
relief versus a return fan.

6.8.2.5 Energy SavingsvAV systems have an inherent poten-
tial to provide flexible control ofooling with lower annual energy
consumption compared to other gmt. The design characteristics
that make this possible are:

1. The reduction in system air volume coincides with the sum of
the zone volume reductions. This permits direct savings in fan
energy (when using a VFD) with indirect savings in refrigera-
tion energy.

2. When the system distribution layout includes all interzonal
variations (i.e., all exposureghe fan may be selected to han-
dle the block load flow only (the coincident zone peaks) rather
than for the sum of the zonegks (as with a constant volume
system). As suggested in $ien 6.8.2.1, however, this could
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result in insufficient airflow if thermostats are set below the

design temperature.

6.8.2.6 Controls.Proper design calls for a VAV terminal to be
at its maximum setting when the zone under its control experiences
maximum (design) load. As therz® load decreases, the action of
the VAV controller reduces airflowThis, in turn, increases duct
pressure, which condition is trangted to the central air-handler
control to produce a reduction gystem airflow. This system air-
flow reduction is the major reaséor energy savings available with
VAV systems compared to constant volume systems. Figure 5-6
(Chapter 5) illustrates fan energyriaions with airflow for differ-
ent types of fan control. It is apparent that variable-speed fan con-
trol conserves the most energy and should be used where
appropriate. Such control is the norm in current VAV systems.

A means of ensuring minimum owiokr air delivery as total air-
flow is reduced may be providedtae central apparatus. A velocity
controller located in the outdoor air intake can ensure that dampers
are open sufficiently to provide the minimum outdoor airflow
desired. A less costly method is to schedule a variable minimum
position of the outdoor air dampeoin the duct static pressure sen-
sor, the fan control operator, or the velocity controller, all of which
react directly to system volume reduction. Field tests can best
establish the two outdoor air dampesitions that achieve substan-
tially constant outdoor air intake during maximum and minimum
system airflow conditions. The outdoor air control damper can then
be proportionally scheduled betwethese two points. If an econo-
mizer cycle is used, the constairflaw outdoor air controller can
be overridden by the mixing therstat. Use of an outdoor air fan
has also proven successful as a means of ensuring adequate outdoor
air supply. Pressure-independent VAV boxes can maintain a mini-
mum airflow regardless of supply air setpoint.

Preheating or tempering ofeéhminimum outdoor air supply
may be necessary during cold weather and low system airflow con-
ditions. Resetting supply air tempéure for economy or for mini-
mum air motion may be accomplished by two means:

1. All zone thermostat signabre fed through a discriminating
controller, which raises the supply air temperature as the last of
the variable-volume controllers starts to throttle, thus keeping
the zone with the highest cooling load at design temperature
with its variable-volume damper wide open. If, under this
mode of operation, any zone has a low enough load to be call-
ing for less than its minimumentilation, such a zone can be
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equipped to (a) sequence ipeeter radiation or terminal

reheat, (b) recirculate with a zofan unit, or (c) use a suitable

induction device when applickb Methods (b) and (c), how-
ever, increase total air circulation but do not increase the out-
door air supply.

2. The controller that senses duetion in system volume may be
used to raise the supply air temperature to maintain maximum
flow as long as all zones can be satisfied. When that tempera-
ture has been raised to its highest tolerable setting and exces-
sive throttling still occurs, radiation temperature may be
scheduled upward so that only enough auxiliary heat is intro-
duced in the perimeter areaskeep VAV dampers at a desired
minimum open position. These procedures keep final zone
control in the hands of the VAamper. The effect of resetting
supply air temperature on spaedative humidity must be con-
sidered in any reset scheme.

Providing separate systems for indoor air quality control and
thermal control is an approachathhas been suggested and occa-
sionally implemented. Each systeocuses upon its defined role,
and compromise or conflict beésn the two roles and systems is
not required. See, for example, Dieckman et al. (2003).

For general information on controls, see Chapter 10. Appendix C
contains detailed design calculations for a VAV system.

6.9 REHEAT SYSTEMS
6.9.1 System Concepts

A reheat system is a modification of the constant-volume sin-
gle-zone system. As the woreheatimplies, heat is applied (as a
secondary process) to coolegply air. The heating medium may
be hot water, steam, or electricity.

A reheat system permits simple zone control for areas of
unequal loading. It can also provide simultaneous heating or cool-
ing of perimeter areas with different exposures, maintain very
close control of space humidity, and accomplish dehumidification
independently of sensible cooling, which other systems cannot do.
It offers the designer infinite zoning capability during design, and
zones can be readily revised during construction or occupancy if
zoning changes are made. Field changes to accommodate zoning
revisions during occupancy require only the addition of a heating
coil or terminal unit and a thermostat. The major disadvantage of
the reheat system is its high energy consumption and related
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building code restrictions if ngiroperly designed and controlled.
It also requires heating coils with piping or electrical supply for
every zone.

Reheat systems—when permitted—are used in hospitals, labo-
ratories, and office buildings; spwith wide load variations or
high latent loads; and process or comfort applications where close
control of space conditions is required.

Terminal units are designed permit heating of primary air or
secondary air that is induced from the conditioned space and are
located either under a window iorthe overhead duct system. Con-
ditioned air is supplied from a ceat unit at a fixed cold-air tem-
perature designed to offset the maximum cooling load in any zone.
A zone thermostat calls for rehes the cooling load in that zone
drops below design load.

Keep in mind that adding heat to cooled air to provide zone
temperature control is basically uneconomical. Reheat systems are
inherently energy wasteful andveano redeeming efficiency fea-
tures. Many energy codes, including Standrd, severely restrict
their use; some exceptions, however, are detailed in the standard.
Although they can provide excellent control of conditions, try to
avoid the use of reheat systems.

Where a constant supply air volume is maintained, energy use
for reheat is maximized. Varying volume as a first step in control
delays the need to apply heattil a predetermined minimum air-
flow is reached; such a strategy reduces operating costs consider-
ably. Additional savings in opetiag costs may be accomplished by
resetting the cold air supply tempaure upward as outdoor temper-
ature falls.Discriminating controls(see Section 9.3.3ccomplish
this automatically. There is no egregious energy penalty and, there-
fore, no objection to the use of reléf it is accomplished through a
heat recovery system using heat rejected from the refrigeration
cycle or an internal heat source. This implementation of reheat,
however, still initially cools airmore than necessary to meet
loads—resulting in a waste of refrigeration.

Figure 6-7a shows a schemdtic a typical primary air reheat
system. Figure 6-7b depicts a reheat terminal unit. The correspond-
ing psychrometric chart is also shown (Figures 6-7c and 6-7d).
Solid lines indicate average system conditions at full load; dashed
lines pertain to individual zone (room) conditions. Under full-load
operation, space loads are picked up betweandR. Reheat is
added to zones with lower loads frgumm to s2or s3.A zone with
no latent load will maintain space conditi®2, while zones with
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higher than average latent I@adould produce conditions such as
R3.Space humidities can be maintadhat any value not lower than
that indicated byrim, which is adjusted to correspond to the low-
est desirable value of relative humidity in any zone.
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Figure 6-7. Reheat system—schematics and psychrometric chart.
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6.9.2 Special Design Considerations

Procedures for determining air volume requirements for a sin-
gle-duct reheat system are identical to those discussed in
Section 6.7 for single-zone systenThe basic difference between
constant-volume and variable-volurapproaches is in the total air
volume required for the system. The air volume for a constant-vol-
ume system is normally deterreth by the sum of the individual
peak volumes required for each zone. Ensure that all zones have
sufficient reheat capacity at the block peak to maintain their desired
humidity criteria. In constant-voine reheat systems, select the
supply air temperature required fine zone with the highest cool-
ing load; any zones with lessafirdesign loads will operate on
reheat. Devote extra care to maximum cooling load zone calcula-
tions. At times it may be appropridtedisregard isolated high-load
areas, assuming that a slight tergiure increase from design con-
ditions under peak loads in thomeas may not be objectionable.

Low-velocity air systems require only a heating coil in the
ductwork to provide zone contre-along with suitable balancing
dampers. For high velocity/pressure systems, a terminal reheat
device containing a means of flow balancing and noise attenuation
is generally necessary. A volume-regulating device in the terminal
is adjusted to provide the desired air volume. As the zone load falls,
the thermostat positions the heating valve to provide energy to off-
set the load change.

Reheat units may be located in ductwork or under windows.
Under windows is the preferredclation in cold climates (design
conditions below 20°F [-6.7°CJp eliminate downdrafts (unless
high-performance glazing is use®yimary air to the reheat unit is
fed through the floor or from damn chases. Under-window reheat
units are usually provided with enclosures.

Induction-type reheat units (rarely used today) are usually
installed at the building perirter under the windows (although over-
head installation is also possibl®outine maintenance is required to
keep filters clean, as induction ratios are affected by increased pres-
sure drop across the filter. Access must be provided to service com-
ponent parts. With low-temperatuunits, coil surfaces are in the
primary (not the secondary) recirculated airstream, and filters are not
usually provided. Units installed ihigh lint areas require routine
cleaning. These units require talaly high static pressures for
proper operation, which affects system pressures and, thus, energy
efficiency. The under-window induction-type reheat unit allows night
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heating with the air system shdwn. Low-temperature types offer
excellent control capability at reduced initial cost.

6.10 DUAL-DUCT SYSTEMS
6.10.1 System Concepts

6.10.1.1 System Basic®ual-duct systems distribute air from
a central air handler to the conditioned spaces through two parallel
ducts. One duct carries cold air and the other warm air, thus provid-
ing air sources for both heatingdanooling at all times. In each
conditioned zone, a mixing damgara terminal box controlled by
a room thermostat mixes the warm and cold air in proper propor-
tions to satisfy the thermal load thfe space. Return air is usually
handled in a conventional manngrough a ducted or plenum
return system. Dual-duct systems usually maintain acceptable room
conditions across a wide range of zone loads.

Among the advantages of dual-duct systems are good control
of temperature and humidity, the ability to accommodate a variety
of zone loads, ease in adding zones or subdividing existing zones,
and adaptability to either constant- or variable-volume systems.
Disadvantages are relatively high energy consumption, substantial
space requirements to accommodate two sets of ducts running
throughout the building, the cost of the extensive ductwork, and the
need for a large number of terminal mixing boxes (which are
expensive and may require maintenance). Moreover, economizer
cycles are sometimes difficult to implement with dual-duct systems.

Dual-duct systems have typically been used where VAV sys-
tems were not considered apprapei they were extensively used
in office buildings during the 1950s and 1960s. Experience has
shown that these systems prodgmeod results when located in
moderately humid climates, whe outdoor design conditions do
not exceed 78°F [25.6°C] wet budimd 95°F [35°C] dry bulb, and
when minimum outdoor air in the system does not exceed 35% to
40% of total air. Recently, dual-dusystems have become less pop-
ular because of their high eggrconsumption (relative to other
options) and high first cost. The energy effect, however, can be mit-
igated by applying VAV controto reduce total supply air during
periods of reduced cooling and heating loads, as explained in Sec-
tion 6.10.1.4 and shown in Figure 6-11.

Figure 6-8 shows the simplest, least costly, and most compact
apparatus arrangement for dadlalet air conditioning. The return
fan shown may be eliminated on small installations if provisions are
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Figure 6-8. Single-fan dual-duct system with blow-through dehumidi-
fication—schematic and psychrometric chart.

made to relieve excess outdoor air from the conditioned spaces. The
use of relief air fans instead oftwen air fans is gaining increased
acceptance; they accomplish pressure relief with less energy use
because they handle smaller airflow volumes—exhaust air only
instead of all of the return air.
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In summer, the cold air supplyntperature should be kept just
low enough to meet the space cooling and dew-point requirements.
This is usually around 50°F &5°F [10.0°C to 12.8°C] with the air
nearly saturated. In winter, air temperature is sometimes reset 5°F
to 10°F [2.8°C to 5.6°C] higher faeconomy of operation; if inter-
nal loads are small, outdoor air may be used for the cold duct sup-
ply, permitting shutdown of the chiller. Maintaining the cold air
during the heating season at B3b 60°F [12.8°C to 15.6°C] and
raising the warm air temperature as the outdoor temperature
decreases, however, permits betiamidity control and better air
balancing between the hot and cold ducts (at the expense of
increased energy use). In summer, the warm air temperature is gov-
erned by the return air fromehconditioned spaces. The hot duct
temperature will always be higher than the average return air tem-
perature, even though no heatdded by the heating coil, due to
the heat contributed by outdoor air, fan energy, and recessed light-
ing fixtures. In winter, the warm air temperature can be adjusted
based upon the outdoor temperatBear in mind that an energy
penalty results when the cold air temperature is lower than it needs
to be to satisfy the cooling reigement of the “warmest” zone or,
conversely, when the warm air teempture is higher than it needs to
be to satisfy the heating requirement of the “coldest” zone.

The solid lines in Figure 6-8bpeesent average system air con-
ditions, while specific zone conditions are shown by dashed lines.
Thus, while the system as a wh@deat peak cooling with average
supply air at stats, yielding an average room conditié a peak
zone with a closed warm supplyct would call for supply air &tl,
yielding a room conditiorR1, and a conferenceoom with full
occupancy and no lights might call fs2 and yieldR2. With all
room thermostats set at 76°F [24.4°C], the supply air temperature to
various zones can lie anywhere betwsgands2,while room con-
ditions are maintained at 76°£4.4°C] dry-bulb temperature but at
a variety of humidity conditions between stated and R2.
Figure 6-8c shows average winter conditions.

Figures 6-8b and 6-8c illustrate that a dual-duct system main-
tains accurate temperature control in all zones year-round through
the full range of each zone’s intal sensible heat loads. Although
room humidities may increase modetg under normal load varia-
tions, only under unusual circurastes will they increase exces-
sively. When even this is not peissible, investigate the dual-duct
variations described in the following two sections.
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Tail-end ducts with small airflow quantities are much more
influenced by duct transmission gains than large trunks and may be
substantially different in temperature (particularly if uninsulated)
from the supply air temperature leaving the central air handler.
While the mixing boxes automatibaadjust for the changed duct
temperatures, ascertain that suahgeratures are sufficient to sat-
isfy extreme zone heating and cooling demands.

6.10.1.2 Two-Fan Systemhen humidity mushbe kept below
some specified value under alberating conditions, and psychro-
metric analysis shows that the system arrangement shown in
Figure 6-8 cannot accomplish this, consider the two-fan
blow-through cycle and the single-fan reheat cycle as options.

The two-fan blow-through system shown in Figure 6-9 is eco-
nomical to operate and permitosk control of room humidity in
summer, when less than half ttegal air is handled by the warm
duct. Each of the two supply faisssized to handle approximately
half the total system airflow. The bypass connections on the
upstream and downstream sides of the supply fans do not require
any flow control. Airflow throughthe bypass will always be deter-
mined by the thermal requiremeraéthe conditioned spaces and
by the temperatures maintained in the cold and warm ducts. Appli-
cation of reheat to the warm duait may be necessary to depress
the relative humidity in the camlitioned spaces during part-load
operation coincident with high outdoor dew-point temperatures.
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Figure 6-9. Dual-duct two-fan blow-through cycle.
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Another limitation of this cycle ithe possibility of not meeting
ventilating requirements in lightly loaded zones that are predomi-
nantly fed by the warm duct. Keep in mind, however, that with this
type of all-air system, returair from full-load zones and from
low-load zones is continuously mixed in the fan plenum. Since the
same air never returns to the sarnee and all the air to each zone
is constantly mixed with air from all zones, no odor accumulation
or air quality discomfort will likelyoccur, even if the low-load zone
receives only used air from the rest of the building. Having said
this, remember that HVAC designs must meet the requirements of
codes and standards relative to outdoor air supply. Consistently
underventilating a space is bad practice.

An alternative arrangement to the cycle shown in Figure 6-9 is
obtained if the bypass connection the discharge side of the sup-
ply fan is omitted and if both supply fans are sized to handle
approximately 100% of total sysh air. This arrangement elimi-
nates the possibility of excessive atratification in the cold and
warm chambers.

Disadvantages of the two-fan arrangement are

¢ increased supply fan power requirements,

e increased complexity of controls due to the need to control
static pressures in the duct systems, and

e increased cost of equipment rooms.

6.10.1.3 Single-Fan, Dual-Duct Reheat Systerhigure 6-10
shows an arrangement that permits high-limit control of relative
humidities in the conditioned spaces through the entire range of
operation. In this cycle, all the r&d air is cooled and dehumidified

—~—— RETURN AIR DUCT

RETURN AND
RELIEF AIR FAN

RECIRCULATING OR
CITY WATER SPRAYS
(ALTERNATE)
HEATING COIL

EXHAUST
M RECIRCULATING OR
CITY WATER SPRAYS
(ALTERNATE)

MAX.OUTDOOR AIR
e WARM DUCT

MIN.OUTDOOR A
+—

PREHEATER

SUPPLY FAN COLD DUCT

COOLING ColIL

Figure 6-10. Single-fan dual-duct draw-through cycle with hot deck
reheat.
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first, then divided into cold and hdecks, with reheat in the latter.
Because of the continuous demdadreheat, the operating cost of
this arrangement is high. Also,ditional refrigeration must be pro-
vided in most installations todat the air bypassed to the warm-air
duct under conditions of maximum loading.

Functionally, this cycle is equivalent to a conventional reheat
system (Figure 6-7b). The only difence is that, instead of reheat-
ing air at a number of stations close to points of distribution, the
reheat is applied centrally ahe point. All operational and cost
penalties of conventional reheat systems apply to this cycle.
According to Standard 90.1, thigcle should be used only when
reheat energy is obtained from the refrigeration apparatus by
hot-gas rejection or by another method of heat recovery or reclaim.
While this avoids most of the @gomic penalty involved with the
purchase of energy for reheainthe economic penalty for the
unnecessary refrigeration that lsad a need for reheating remains
the same.

6.10.1.4 Dual-Duct, VAV Cycle.The preceding sections refer
to dual-duct systems that handieconstant volume of air in all
zones at all operating conditions. The dual-duct VAV system
accomplishes zone temperature control by blending cold and warm
air subsequent to volume reduactiof the total supply air to each
zone (Figure 6-11). At maximuweooling (when zone cooling gov-
erns), the room supply temperature and air quantity requirements
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Figure 6-11. VAV dual-duct or VAV terminal reheat system.
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are identical to those of the mgtant-volume system; the volume
regulators deliver maximum volume and the cold port is wide open.
As the cooling load is reduced,volume regulator reduces supply
volume to the minimum acceptable value (see Section 6.8.2.1). On
further decrease, the warm-air port begins to open as the cold air is
decreased. Minimum airflow volume is maintained below this level
of cooling load and during the emiheating cycle. As an option, air
volume from the warm-air duct may be increased as the heating
requirement increases. Under this option, the warm duct tempera-
ture may be lowered to facilitate mixing with room air and
improved room air circulation.

This system arrangement enjaisthe advantages of the sin-
gle-duct VAV system and is superior to the conventional VAV sys-
tem at the expense of higher energy consumption. It consumes
much less energy and has lower @pi@g costs, however, than con-
stant-volume, single-path, terminaheat systems. In most modern
buildings, the need for additional space for ductwork will typically
be a major impediment to implementation.

The psychrometric chart of Figure 6-8 also applies to
dual-duct VAV systems. VAV tends to shift the overall system pro-
cess lines slightly, however, because a fixed airflow raises the
mixed-air temperature (staten) with reduced system airflow
under any cooling load. Smaller air supply volumes in off-peak
zones, whose loads are met with reduced cold air instead of a
higher temperature blend of warm and cold air, tend to lower the
supply temperature to such zones, thereby lowering the average
system supply temperature and humidity.

6.10.2 Design Considerations

6.10.2.1 Overall AnalysisEquations 6-1 through 6-6 in Sec-
tion 6.6 apply to all dual-path systems, which include dual-duct and
multizone systems (see Section 6. gak zone air supply require-
ments are complicated by the fact that mixing dampers of any kind
always exhibit some leakage through closed portions. The leakage
ratio, expressed as a fraction of the total air handled by the damper,
is a function of the system stafwessure and the quality of the
damper closure mechanism and seals. For better-quality mixing
boxes, it will vary from 0.03 to 0.07; for field-constructed damper
assemblies (common in low-pressisystems) and multizone mix-
ing plenum assemblies, however, it can vary from 0.10 to 0.20 (a
substantial value).
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In any dual-path system, if the latent load in any zone peaks
simultaneously with the system peak, some form of external or
internal reheat may be supplied to that zone without affecting
zone or system design air volume. If zone overcooling, however,
is avoided instead by admissionwérm duct air, both zone and
system volumes will be increased. If the SHR slope is steep,
reheat applied at the zone is mdesirable since it does not affect
air volumes.

If a rational (rather than an arbitrary) solution for the summer
warm duct temperature is deslresystem supply volume must be
obtained by trial and error. Inithmanner, this temperature may be
optimized for minimum energy esumption by using only heat
from fans, duct transmission, and ceiling plenums. Heat need not be
added from the heating coil aeak summer conditions unless
required by some particulaumidity control situation.

6.10.2.2 Duct SizingWarm air duct sizes in dual-duct systems
are seldom derived from considéon of the warm air require-
ments under winter peak. Maximum flow in the warm duct will
ordinarily occur during light summer loads or during intermediate
season operation while warm dadt temperatures are low. For this
reason, warm duct sizes are usually fixed as a certain percentage of
cold air duct size, as shown in Table 6-2.

Cold duct connections to each mixing box must be sized for the
peak volume of each zone. Caldct branches serving a number of

Table 6-2. Duct Design Factors for
Constant-Volume, Dual-Duct Design

Ratio of Warm Duct Area to
Cold Duct Area

Ratio of Zone

Ratio of Cold Air to _ Systems with
Summer Cold All-Air Supplemental
. Zone Total .
Air to Total . Systems Perimeter
Air Air for Cold Heatin
Duct Sizing 9
1.00 to 0.90 1.00 0.80 0.70
0.89 to 0.85 0.95 0.80 0.70
0.84 to 0.80 0.90 0.85 0.75
0.791t0 0.75 0.85 0.85 0.75
0.74 0.80 0.90 0.80

* From Air Conditioning, Heating and Ventilatingshataloff 1964).
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zone mixing boxes that have little or no diversity between them
(i.e.,those having the same orientation with identical lighting loads
and solar conditions) should beeil for the sum of the peaks of
each zone. Trunks, mains, or behas that serve either multiple
exposures or zones with appreciable diversity (nencoincident
peaks) should be sized accordingrable 6-2, column 2. This will
give a somewhat larger area thaould be obtained by a detailed
study requiring analysis of several operating conditions—although
undertaking such an analysis ynle reasonable if obtained from
“what-if” computer simulations.

In VAV dual-duct systems, warm air is not used to neutralize
cold air at initial partial loads because cold air volume is reduced
first. Therefore, oversizing of warm ducts is not necessary pro-
vided that the terminal units accurately control minimum airflow
at varying system pressures. Table 6-2 does not apply to vari-
able-volume systems.

In dual-duct systems where volume control is accomplished at
terminal points, duct sizing becomkess critical than for other sys-
tems, and extreme precision is superfluous. Cold ducts may be
sized by the equal friction, statiayan, or T-method, or a combina-
tion of all three. Volume regulators in mixing units will absorb any
pressure imbalance caused by the initial design, part-load opera-
tion, or future changes in loatistribution, and they will produce a
mechanically stable systemnder normal operating conditions
regardless of the duct-sizing method used, provided the static pres-
sure needed by the longest ducestimated correctly to establish
the fan power requirements.

As pointed out previously, maximum flow through the warm
duct usually occurs during intermediate season operation if low
temperatures are maintained in the warm portion, and warm duct
sizes are usually determined as ratio of cold duct sizes
(Table 6-2). Some reduction in air distribution costs and space
requirements, however, can be achieved if the intermediate season
warm duct temperature is elevated sufficiently to reduce the warm
air demand at that time to be equal to, or less than, that required for
winter heating.

6.10.2.3 Minimum Outdoor Air Control. In systems using
constant-volume terminal units all outlets, the fan capacity and
static pressures on the fan itself remain fairly constant, and fixed
minimum outdoor air dampers can ensure adequate ventilation.
Where static pressure on the fan suction of a VAV system varies,
however, it is important that the minimum outdoor air quantity be
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controlled to maintain ventilation requirements. To do this, instru-
mentation to measure the velocity pressure or the flow through the
minimum outdoor air section can be installed. The instrumentation
regulates the volume control dhe return air fan to cause the
proper amount of air to be drawn in through the minimum outdoor
air connection. Use of an outdoor air fan is another option.

6.10.3 Components

Two basic types of dual-duct mixing units are used: (1)
under-window units, which are limited in size, capacity, architec-
tural adaptability, and acoustical treatment, and (2) units designed
for ceiling or remote-location installation, which are usually con-
cealed or isolated from the conditioned space. Options for appear-
ance, space demands, and acoustical treatment are, therefore,
flexible. Capacities are generally from 100 to 4000 cfm [50 to
1890 L/s], although units up t0,000 cfm [4700 L/s] may be
considered. Larger capacities may justify separate air-condition-
ing systems.

Terminal units appropriate for dual-duct systems are pre-
sented in the “All-Air Systems” chapter in t#&SHRAE Hand-
book—HVACSystems and Equipmeiierminal units, particularly
those with capacities of more than 1000 cfm [470 L/s], frequently
generate sufficient internal 3@ to require the installation of
downstream attenuators or duct lining. Sound power spectra
showing noise generation for a rangf unit sizes at various air
deliveries and inlet statigressures are available from many man-
ufacturers. The required attenuation can readily be determined by
the procedures outlined in the “Sound and Vibration Control”
chapter in theASHRAE Handbook—HVABpplications When
units are installed within thecoupied space with no intervening
sound barrier, noise will be radiated directly from the terminal
unit casing into the room. The amount of noise will approximate
that emitted from the discharde. such situations the sound from
both sources should be considered when determining the resultant
room sound pressure levels.

6.11 MULTIZONE SYSTEMS
6.11.1 System Description

The termmultizonerefers to a specific type of HVAC system
and is not meant to suggest angtsyn with more than one zone. In
a multizone system, the requirements of the different zones of a
building are met by mixing cold air and warm air using dampers at
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the central air-handling unit in n@snse to zone thermostats. The
mixed conditioned air is distributed to specific zones throughout a
building by a system of multiplersjle-zone ducts. Thus, the distri-
bution system downstream of the air handler is a collection of zone-
dedicated duct systems. Returniaiusually handled in a conven-
tional manner by intermingling the return air from all zones. The
two-fan cycle (Figure 6-9) has had little application in multizone
system design, probably as a desaf the higher first cost with
smaller distribution systems, thack of adaptability to packaged
equipment components, and the abibifythe basic system to pro-
vide reasonable humidity control.

Advantages of the multizone system are good temperature con-
trol, the fact that ducts are the only system components (other than
diffusers) outside the mechanical room, and ease of control. Disad-
vantages include the need for many individual ducts, which limits
the number of zones, high energy consumption, inferior tempera-
ture control of the hot deck, andfiiulty in implementing an econ-
omizer cycle. Multizone systems have been applied to small- or
medium-sized commercial buildings well as to larger buildings
with relatively few zones.

The multizone system is conceptually similar to the dual-duct
system in all respects except for lack of flexibility over time and the
differences described in this section. It can provide a small building
with some of the advantages ofadhduct systems at lower first cost
with a wide variety of packag equipment. Most packaged
air-handling units, however, lack the sophisticated control for com-
fort and operating economy that da built into dual-duct systems.
The most common cycles used for multizone systems are shown in
Figures 6-8 and 6-10.

VAV may be applied to multizongystems in a manner similar
to that described in Section 6.8.1.2, with packaged or built-up sys-
tems having the necessary zone volume regulation and fan controls.
It is seldom applied in this manner, however, for entire distribution
systems except for television studios and other noise-critical appli-
cations. More often, a few selagioms in a zone may incorporate
VAV terminal devices when off-peak requirements permit this
approach and air balance consatems indicate there will be no
problems from omission of fan ceat or static pressure regulation.

Air volume and refrigeration capacities are treated the same as
those described in Section 6Fhe air volume may be somewhat
higher as a result of greater damper leakage.
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6.11.2 Special Design Considerations

6.11.2.1 Single-Fan, Blow-Through CycleMultizone mixing
dampers are generally distributed horizontally along the hot and
cold deck discharge plenum of the air handler. These dampers are
analogous to the mixing boxes in a dual-duct system—except that
zone control occurs at the central air handler instead of at the zone
itself. The psychrometric analysis is identical to that shown in Fig-
ure 6-8b with two exceptions:

1. The supply air blending occurs along lioe-sffor summer
instead ofc-w and along linesf-hcfor winter instead o€-w.

2. The duct temperature rise occaieng each zone duct instead
of in the cold duct and warm duct.

6.11.2.2 Single-Fan, Draw-Though Cycle with Hot Deck
Reheat.The cycle shown in Figure 6-18 used more frequently in
multizone than in dual-duct systenmsostly with packaged rooftop
units (Section 6.12) employing hot-gas reheat for intermediate sea-
son fuel energy reduction, supplented with steam, hydronic,
direct electric, or indirect fueired heat exchangers. Supplemental
heat is employed when the hot-gas reheat is inadequate (above 40°F
to 45°F [4.4°C to 7.2°C] ambiensind below these ambient condi-
tions when the refrigeration apparatus is normally shut down in
favor of economizer outdoor air cooling cycles.

6.11.3 Zone Dampers

Potential problems with zone volume variation tend to increase
with increasing variances in zone sizes, distribution complexity, and
distribution system pressure, just as with dual-duct systems. Exam-
ine these aspects to determine the need for individual zone volume
regulation and/or static pressucentrol, usually required when
zone volume differences exceed a ratio of 2:1.

Normal-quality dampers (whether field or factory manufac-
tured) for built-up or packaged unitave leakage factors as high as
0.10 to 0.20, especially if maintamze is poor. The effect of this
leakage on supply air temperatures and volumes is appreciable and
must be seriously considered franpractical design standpoint. It
is possible to specify damperdbfacated for 0.03 to 0.05 leakage
factor; these are available for built-up equipment at an additional
cost from some packaged unit manufacturers and from control
damper manufacturers.
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6.12 SIMPLE ROOFTOP SYSTEMS

Although rooftop systems can sptre range of system types
and capacities, most rooftop syists are small- to medium-sized
systems in which the bulk of thefrigeration machinery is located
on the roof. These usually have mcicating, scroll, or rotary com-
pressors with air-cooled condemns. They are usually applied to
low-rise buildings, such as smalfioE buildings or shopping malls.

In aunitary systenall components of the system, including the air
handlers, are located on the roof. Ismit systenthe compressor

and condenser are located on thef or on the ground adjacent to
the building), while the evaporafsj and air handler(s) are located
inside the building. During design, consider that unitary systems
require relatively large roof penations for air ducts, while split
systems require only small peragtons for the refrigerant piping,
unless outdoor air intakes and reliefs/exhausts are also ducted
through the roof.

Sophisticated rooftop systems may use single-zone, multi-
zone, or VAV arrangements. Analytical techniques for these
arrangements are covered in earfiections of this chapter. Small,
simple rooftop systems generallynsist of only a single unit each
of compressor, condenser, evaporator, and air handler, although
more than one air handler isnsetimes used with split systems.
Larger single-zone, multizone, @VAV systems may have one or
more of these components, depending upon tonnage, space limita-
tions, and other design criteria.

Reasons for the popularity of rooftop systems include:

e First costs are relatively low.

e They are easy to install.

e Machinery rooms are eliminated, resulting in considerable
first-cost savings.

* Placing equipment on a roof does not reduce the rentable floor
area, as is the case with equipment located inside the building
enclosure.

e Complete, prepackaged units with system performance guaran-
teed by the manufacturer are available. They relieve the
designer of the need to matcbmponents in order to design a
complete system, and contractors can order them from a cata-
log. Some come skid-mounted for quick installation.

« Small tenants can each own and operate a separate unit, reliev-
ing the landlord of the need $ervice and pay for the operation
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of the equipment. While the COP of small units is lower than
that of large centrifugal units, each small unit is operated only
as much as its owner requir@$ie total energy use of a number
of rooftop units may, therefore, be smaller than tia large
central unit that must run whenever anybody in the building
requires space conditioning.

Frequently, rooftop units are ust small jobs with tight bud-
gets. Avoid the common pitfalls connected with these situations,
such as:

¢ Rooftop units without return or relief air fans may encounter
problems meeting building code exhaust air requirements
under fire conditions.

« Direct-expansion coils in larger capacity rooftop units are usu-
ally provided in four rows, with an SHR of around 0.65 to 0.75.
Conventional comfort cooling applications (nbigh-occu-
pancy spaces) typically invohvan SHR of 0.75 to 0.85. The
designer must be careful toseme a match between space load
sensible/latent relationshipsdatthe capability of the selected
equipment. Selecting oversizegugoment to obtain capacity is
not a desirable solution.

e Packaged equipment using direct-expansion cooling coils and
hot gas, electric, or indirect-fliired hot deck heat exchangers
generally employs step controls for hot and cold deck capacity.
This substantially limits the qualigf temperature and humid-
ity control unless specific control provisions are employed to
avoid this.

e Air intakes should be placed as far away from air exhausts and
plumbing vents as possible, which may be difficult to do when
several rooftop units are installen a relatively small roof.

¢ Failure to install access walkysto rooftop units may result in
roof damage and resultant water leaks into the space below.

e Water coils inside rooftop unitsiust be protected from freez-
ing conditions.

« Direct-expansion refrigeratioequipment cycles on and off
during part-load operation, wiiccan cause swings in space
humidity without proper controlThe DX cooling coil retains
moisture removed from the alWhen the refrigeration cycles
off, the moisture is re-entrainéato the airstream, passing over
the cooling caoil.
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Additional information on rooftop systems and equipment is pre-
sented in th SHRAEHandbook—HVAGystems anBquipment
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CHAPTER 7
AIR-AND-WATER SYSTEMS

7.1 INTRODUCTION

Air-and-water systems condition spaces by distributing both
conditioned air and water to terminal units installed in the spaces.
The air and water are cooled andfeated in a central mechanical
equipment room. The air supplied is termed primary air to distin-
guish it from recirculated (or secondary) room air.

Air-and-water systems that have been used in buildings of vari-
ous types are presented belowt ldlh of these systems are equally
valid in the context of a given project. Not all of these systems see
equal use in today’s design environment. They are presented, how-
ever, to provide a sense of the possibilities and constraints inherent
in the use of an air-and-water HVAC system.

Familiarity with the information on air-and-water systems pre-
sented in the “In-Room Terminal Systems” chapter ofABeIRAE
Handbook—HVAC Systems and Equipneassumed in this man-
ual. Fundamental material fromhat resource is generally not
repeated here.

7.2 APPLICATIONS
7.2.1 Advantages and Disadvantages

Because of the greater specific heat and the much greater den-
sity of water compared to air, the cross-sectional area of piping is
much smaller than that of ductwatd provide the same cooling (or
heating) capacity. Because a larget pathe space heating/cooling
load is handled by the water parttbfs type of system, the overall
duct distribution requirements in an air-and-water system are con-
siderably smaller than in an all-air system—which saves building
space. If the system is designed so that the primary air supply is
equal to the ventilation requirement or to balance exhaust require-

161
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ments, a return air system canddeninated. The air-handling sys-
tem is smaller than that for alt-air system, yet positive ventilation

is ensured. Numerous zones can be individually controlled and their
cooling or heating demands satisfied independently and simulta-
neously. When appropriate to do so (as during unoccupied hours),
space heating can be provided by operating only the water side of
the system—without operating the central air system. When all pri-
mary air is taken from outdo® cross-contamination between
rooms can be reasonably controlled.

Design for intermediate season operation is critical.
Changeover operation (between seasons) can be difficult and
requires a knowledgeable staff. @@mls are more complicated than
for all-air systems, and humiditgannot be tightly controlled.
Induction and fan-coil terminal units require frequent in-space
maintenance.

7.2.2 Suitability to Building Types

Air-and-water systems are uspdmarily for perimeter build-
ing spaces with high sensible loads and where close control of
humidity is not a primary criterion. These systems work well in
office buildings, hospitals, schoolapartment buildings, and other
buildings where their capabilitie®n meet the project design intent
and criteria. In most climates, tleesystems are designed to provide
(1) all of the required heatingnd cooling needs for perimeter
spaces and (2) simultaneous heating and cooling in different spaces
during intermediate seasons.

7.3 SYSTEM CONCEPTS

An air-and-water system inclaed central air-conditioning
equipment, duct and water distritmrtisystems, and room terminals.
The latter can be induction unitspfaoil units, or conventional sup-
ply air outlets combined with radigpanels. Usually, the primary air
system is constant volume. It pides all of the ventilation air and
generally covers some of the spdatent cooling and some of the
space sensible cooling/heatirithe water system may be a two-,
three-, or four-pipe arrangement and provides the majority of the
sensible cooling/heating and latent cooling (with the exception of
radiant panel systems, which do latent cooling). These three
water distribution arrangements are discussed in detail in Chapter 8.

In a typical air-and-water system, primary air is cooled by
chilled water produced by a chifl¢although in smaller systems a
direct expansion cooling coil may be used). The room terminal
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units are supplied by a water st connected to a chiller and a
boiler. The primary air system ma&ontain an optional reheat coil.
Primary air is either all outdoor air, if a return air system is pro-
vided, a mixture of outdoor and retuair. The percentage of return
air is always small. Thus, whefeeezing temperatures are encoun-
tered, a preheater is required a tentral air handler. Central sys-
tem filters should be of higher effasicy than in an all-air system to
compensate for reduced dilution gface contaminants as a result
of minimal air-side flow rates.

When individual zones are lagwater (terminal) units are
often not located within the conditioned space but some distance
away, and their output air is conveyed to room supply terminals
through ductwork.

One system arrangement involves the use of individual termi-
nal units in each zone to provide air conditioning. In this approach,
units are installed around therpeeter of a building—one per
room for small rooms, more @dh one when needed for larger
rooms. The units are complete with casing, fans, water colil, filter,
and fan motor. An opening in the back or bottom of the unit can be
connected to an outdoor air intake. A grille-covered opening in the
front of the unit permits room (&) air to be drawn in. The coils
in the units are supplied with chilled water from a refrigeration
plant in the summer and in the winter with hot water from a hot
water heater or heat exchanger. Each room (zone) features individ-
ual temperature control. Relative humidity, however, depends upon
the room temperature, the lengthtime that the unit operates to
maintain the temperature, and the chilled-water temperature. To
provide proper control of relativeumidity, a separate heating coil
is sometimes included so th@&humidification and reheat can be
accomplished. This requires the use of a four-pipe water system.

In an alternative arrangemehgrizontal fan-coil units are sus-
pended in each zone. The fan-caite furnished with chilled water
in summer and hot water in winter. The ceiling of a corridor is
furred down to form an insuled plenum in which conditioned
(cooled and dehumidified) outdoair is circulated. This air pro-
vides ventilation and dehumidification capability. The room termi-
nal units draw in some air from the corridor plenum, mix it with
return air from the room, furtheondition it, and discharge the con-
ditioned mixture into the room.

Radiant panels for heating and cooling can also be applied to
air-and-water systems. They are compatible with two-, three-, and
four-pipe distribution arrangemenfBhese panels are discussed in
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the “Panel Heating and Cooling” chapter in th8HRAE Hand-
book—HVAC Systems and Equipment

The controls in air-and-water systems are usually arranged so
that, under design cooling loads, fvémary air is supplied at lower
than room temperature and chilled water is circulated through the ter-
minal unit water coils. In trart8®dnal months, the primary air is
reheated and chilled water is Istilrculated through the water coils.
As the outdoor temperature decreases further, the warm (reheated)
primary air is switched to cold air, and the chilled water is switched
to hot water. This last transition between chilled- and hot-water sup-
ply is called the system changeover point. The changeover is not the
same for all facades (orientations) of a building, requiring careful
system design and zoning. Appropriel@ngeover is critical to occu-
pant comfort in a two-pipe distribution arrangement; changeover is
more forgiving in a three- or four-pipe system, where chilled and hot
water can both be made available during transition.

7.4 PRIMARY AIR SYSTEMS

Figure 7-1 shows the prima@ir system serving a two-pipe
distribution with induction terminal units. Such air systems are
comparable to the single-zone gyat discussed in Section 6.7. If a
specific humidity ratio is to be maintained in winter, a humidifier
must be installed. An air-water induction unit is shown in
Figure 7-2 and a fan-coil unit is shown in Figure 7-3.
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Figure 7-1. Primary air system.
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The quantity of primary air for each zone is determined by the

ventilatio

n requirement,

sensible cooling requirement at maximum cooling load—this
equals the room sensible cogjitoad less the sensible capacity
of the room (water) cooling coil, and

INLET PLENUM\

PRIMARYV

BALANCING
DAMPER

NOZZLES

WATER IN——\

MIXED AIR DISCHARGE

Figure 7-2. Air-and-water induction unit.
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Figure 7-3. Air-and-water fan-coil unit.
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< maximum sensible cooling requirement on changeover to the
winter cycle when chilled water is no longer circulated through
the coils.

The primary supply air is typitg dehumidified to “neutral-
ize” outdoor air latent loads, whikdso contributing to space latent
load control. A moisture content target for the supply air can be
estimated from

Woa=Wr =@ -a) / (F Qp) (7-1)
where
Wpa = humidity ratio of primary air, Ib water/Ib dry air [g/kg];
W, = maximum desired humidity ratio in zone, Ib water/lb dry

air [g/kg];
g = room latent load, Btu/h [WF];
g = terminal unit latent cooling capacity, Btu/h [W];
Qp = primary air rate, cfm [L/s]; and
F = 4840]3.0].

To provide substantial primary air latent capacity, the air leav-
ing the cooling coil must gendla be 50°F to 55°F [10.0°C to
12.8°C] and close to saturation, iefn requires deep coils and a rea-
sonably low chilled-water temperature. Reheat coils are required
for two-pipe systems to prevent overcooling of spaces under low
load conditions.

The psychrometric behavior ah air-and-water induction sys-
tem is shown in Figure 7-4 (summer peak) and Figure 7-5 (winter
peak). The figures illustrate thmperation of a system where, in
summer, all the latent cooling apart of the sensible cooling are
performed by the primary air, \itd the water coil provides addi-
tional sensible cooling. During winter, preheated primary air is
shown to be humidified, while ¢hwater coil performs all heating.
Other operating strategies can @mployed, wherein the primary
air essentially handles only uwdation loads. These patterns are
also valid for systems in whichiprary air is supplied to a fan-coil
unit through a directly connected air supply.

7.5 WATER-SIDE SYSTEMS

All-water systems are discusseddetail in Chapter 8; refer to
that chapter for assistance designing the water side of an
air-and-water system.

Individual room temperature is controlled by varying the
capacity of the terminal coil by either regulating the water flowing
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through the coil or the flow of air passing over it. During winter, the
cooling coil may be converted to a heating coil (with a two-pipe
system) or a separate heating cody be provided (with a three- or
four-pipe system). The requirembil cooling capacity is the room
sensible load reduced by the gbles cooling capacity of the pri-
mary air. Most air-and-water systems are designed to deliver cool
primary air throughout the year. @theating capacity of the caoil
must therefore be designed tantdée the room’s heating load plus
the primary air cooling effect. Select the coils conservatively to
overcome any imbalances in the water system.

7.5.1 Effect of Pump Curves on System Performance

The key variables defining the performance of a pump/piping
system are the pressure rise provided by the pump (to counteract
pressure drop in the piping) and the water flow rate. The relation-
ship between pump and piping determines the balance point where
the system operation satisfies both. Typical performance curves for
centrifugal pumps are shown in Figure 7-6 for a family of pumps
operating at 1750 rpm. At low flow rates, the curves (which show
the relationship between flow and head) are fairly flat; at high flow
rates, the curves show a marked decrease in available head with
increasing flow rates. The magnitude of the pressure rise provided
by a pump is predominantly a funatiof the tip speed of the impel-
ler, which is reflected in the higher heads available with larger

[4?8600] 12-in. [305-mm] IMPELLER

11-in. [280-mm)]

10-in, [250-mm]

TOTAL HEAD, feet [kPa]
&

B8O
(240]
Lol
il [
20
1601 | OPERATING SPEED = 1,750 rpm
0 L 1 1 k 1
0 500 1,000 1,500 2,000 2,500 3,000
B2) 163] fes] 126] [158] [190]

FLOW RATE, gpm [L/s]

Figure 7-6. Performance of three pumps with different impeller diame-
ters operating at 1750 rpm.
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diameter impellers or higherapd pumps. If the pressure provided
by a pump of the largest diameter available is too low, choose a
pump that operates at a higher speed, e.g., 3500 rpm.

For straight pipe, friction (hed loss is proportional to the
square of the flow velocity (and, thus, the square of the flow rate):

head loss =f{ (L/D) (VZ/2g) (7-2)

where

head loss is in feet (m)

f = dimensionless friction factor (see the chapter on fluid flow in
the ASHRAE Handbook—Fundamenjals

L = length of pipe, ft [m]

D = internal pipe diameter, ft [m]

V = flow velocity, ft/s [m/s]

g = acceleration of gravity, 32.2 f8/§9.806 m/4]

For fittings, such as elbows and tees, the friction loss is propor-
tional to the square of the flowtea as evidenced by the expression
of fitting head loss as a certain number of velocity he¥dRd).

The performance of a water distribution system is, thus, a combina-
tion of pump characteristics, such as shown in Figure 7-6, and a
squared relationship for the piping network.

A further consideration is how the pump/piping system behaves
over a range of demands under different methods of control. In the
two two-pipe networks shown indtire 7-7, the coils in Figure 7-7a
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- — CoiL

—|9:<]— colL —
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CHILLER @) PUMP
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A Direct return with three-way valves B Reverse return with two-way valves

Figure 7-7. Water flow networks.
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are controlled by three-way valves, while in Figure 7-7b they are
controlled by two-way valves. The intent of three-way valves is to
maintain a somewhat constanegsure drop across the coil-valve
combination, while with two-way valves the pressure drop is
increased in order to reduce the flow rate. The network shown in
Figure 7-7a is “direct return,” vith has the drawback of a higher
pressure difference across the eahand coils closest to the pump.

A more balanced pressure difference occurs in a “reverse-return”
system, shown in Figure 7-7b, where the return starts at the nearest
coil and proceeds to the fartheresnbefore returning the total flow

to the pump. This also producasnore self-balancing system rela-
tive to water flows.

The relief valve at the end of the flow path in Figure 7-7b
allows a low flow rate through the system and the pump if all the
control valves close off and the pump discharge pressure rises. An
operating characteristic of the two-way valve system is that, when
the coils experience a low-flow-rate demand, the pressure differ-
ence across the flow control valve rises. The valves adjust to near
their fully closed positions, where small changes in their stem posi-
tions can change the flow rate appreciably—bringing with this con-
dition the danger of valve “hunting.”

The combination of pump characteristics with those of a piping
network under some form of floaontrol defines the system behav-
ior. Figure 7-8 shows the head flow curve of one of the pumps (the
one with an 11 in. [280 mm] impetlefrom Figure 7-6. Pump effi-
ciency and required pump power as functions of flow rate are also
supplied. Superimposed on the puoffaracteristic are several pip-
ing network characteristics with their expected parabolic shapes.
The lowest piping curve might represent the three-way valve net-
work of Figure 7-7a or the two-way valve network of Figure 7-7b
with the valves fully open. The tersection of the pump and the
piping curves is the “balance point,” indicating the head and flow
rate condition where that partiemlcombination will operate. Com-
puter simulation permits analysis@§mponents so that a system of
20 cails, for example, can be optimized by using 4 three-way valves
at the hydraulically most ren points and 16 two-way valves
without a need for relief valves.

With three-way valve control, the piping curve remains essen-
tially constant regardless of¢Hoad demanded by the coils. The
pump continues to deliver 2250 gdi¥2 L/s] against a head of
100 ft [299 kPa]. With the two-way valve control, however, the pip-
ing network pressure drop increasas the flow rate is reduced—
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Figure 7-8. Pump and piping network curves.

which produces a different piping system curve for each new
adjustment. Two such different curves with their different balance
points are shown in Figure 78ump performance changes signifi-
cantly over the range of operatiaith the changing characteristics

of the piping network. As the flowate is decreased and the operat-
ing condition moves upward andttte left along the pump charac-
teristic, the pump efficiency increases from 75% to and through its
maximum of 85%, then decreases again. The power requirement of
the pump decreases as the water flow is throttled off.

One of the basic decisions pertaining to system cost is illus-
trated in Figures 7-6 and 7-8. Consider the specification of a system
of large-diameter pipe with itesultant low pressure drop. While
this may increase the piping castnay be possible to use a smaller
pump, such as the one with the 11 in. [280 mm] diameter impeller
shown in Figure 7-6. This pump ghit be slightly lower in first
cost, but its big advantage liestime lower energy costs for pump-
ing. Both the system curve anagthump curve will lie lower on the
graph in Figure 7-8, and the paweequirements at the balance
point will be reduced. Note how changes in one element of the sys-
tem (the piping) impose changed operating conditions on another
element of the system (the pump).

7.5.2 Two-Pipe System

7.5.2.1 Changeoverf-or a system using outdoor air, there is
an outdoor temperature at which mechanical cooling is no longer
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required. At this point, the cooling requirement can be met using
outdoor air only—essentially an economizer operation. At even
lower temperatures, heating rather than cooling is needed. All-air
systems capable of operating with 100% outdoor air rarely require
mechanical cooling at outdoor air temperatures below 50°F or
55°F [10.0°C or 12.8°C]. Since air-and-water systems involve
considerably less airflow than all-air systems, however, they may
require mechanical cooling weédelow an outdoor temperature of
50°F [10°C].

The transition from summer to intermediate season to winter
is gradual—although rapidly changing weather patterns can
require transitions in system performance over the course of a 24-
hour period. The changeover from cooling to heating system oper-
ation should mirror this transition. This is not easy with a two-
pipe system; it is substantially easier with a three- or four-pipe
system. With a two-pipe system, the change in operation starts
gradually, with an increase in the primary air temperature as the
outdoor temperature decreases. This prevents zones with small
cooling loads from becoming too cold. The water side provides
cold water during both summer and intermediate season opera-
tion. Figure 7-9 illustrates the psychrometrics of summer-cycle
operation near the changeover temperature.

As the outdoor temperature drops further, the changeover tem-
perature is reached. At this point, the water system changes from
providing cold water to providing hot water for heating. This
changeover temperature is empirically given (Carrier 1965) by

teo=t, —[S+L+P—1.1¢ —t)IIT, (7-3)

where

P = heat gain from lights, Btu/h [W];

L = sensible heat gain from people, Btu/h [W];

S = net solar heat gain at time of changeover, Btu/h [W];

T = transmission per degree, defined as heat flow per degree dif-
ference between space temperature and outdoor temperature,
which includes transmission through walls, windows, and
roofs, if applicable, Btu/h°F [W/°C];

= changeover temperature, °F [°C];

t, = primary air temperature after changeover, normally taken as

56°F [13.3°C]; and

t, = room temperature at changepveormally taken as 72°F

[22.2°C].
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Figure 7-9. Psychrometric chart for off-season cooling with two-pipe
system prior to changeover.

System changeover can take several hours depending upon
system size, and it usually results in a temporary upset of room
temperatures. Good design, therefore, includes provisions for
operating the system with either hot or cold water over a range of
10°F to 15°F [5.6°C to 8.3°C] below the changeover point. This
minimizes the frequency of changeover by making it possible to
operate with warm air and cold water on cold nights when the out-
door temperature rises above the changeover temperature during
the day. This limits operation loev the changeover point to peri-
ods of protracted cold weather.

Optional hot or cold water operation below the changeover
point is provided by increasing the primary air reheat capacity so
that it can provide adequate hehitring colder outdoor tempera-
tures. Figure 7-10 shows temperature variations of primary air and
water for a system with changeover.

7.5.2.2 NonchangeoverNonchangeover systems should be
considered in order to simplify system operation for buildings that
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experience mild winter climate§uch a system operates on the
intermediate season cycle throughthe heating season, as shown
in Figure 7-11. Heating may hgrovided during unoccupied hours
either by operating the primarystgm with 100% return air or by
switching the system and room controls to hot water for gravity
heating without air circulation.

7.5.2.3 AIT Ratio.The A/T ratio is a factor to consider in the
design of air-and-water systems.

A/T ratio = (primary airflow to space) /
(transmission loss per degree) (7-4)

where the denominator is as aefil under Equation 7-3. All spaces
on a common primary air zone should have approximately the same
A/T ratio, which is used to estish the primary air reheat schedule
during the intermediate season. Spaces with A/T ratios higher than
the design-base A/T will be overcooled during light cooling loads,
and spaces with ratios lower thtre design ratio will lack suffi-
cient heat during cool weather above the changeover point.
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Figure 7-11. Typical temperatures for nonchangeover system.

Calculate the minimum A/T ratio for each space by using the
primary air quantity necessary to satisfy the requirements for venti-
lation, dehumidification, and betsummer and winter cooling, as
defined in Section 7.4. The desibase A/T ratio is the highest
ratio thus obtained, and the airflow to each space is increased as
required to obtain a unifori/T ratio across all spaces.

For each A/T ratio there is a specific relationship between the
outdoor air temperature and the temperature of the primary air sup-
plied to a terminal unit that wilihaintain a room at 72°F [22.2°C]
or higher during conditions of minimum room cooling load.
Figure 7-12 illustrates this relanship based upon an assumed
minimum load of ten times the THue, i.e., a difference of 10°F
[5.6°C] between outdoor and space temperatures.

Deviation from the target A/T ratio of up to 0.7 times the max-
imum value is permissible for massive buildings with high thermal
inertia, but A/T ratios should be closely maintained for buildings
with less mass, large glass areas, with curtain wall construction, or
on systems with a low changeover temperature.
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Figure 7-12. Primary air versus outdoor air temperatures.

7.5.2.4 Zoning A properly designed single-water-zone two-pipe
system can provide good temperature control throughout the year. Its
performance can be improved by zoning in several ways:

e Primary air zoning that will permit different A/T ratios on dif-
ferent exposuresAll spaces on the same primary air zone
should have the same A/T ratio. If minimum A/T ratios for
the spaces in one zone vary due to different solar exposures,
air quantities can be increased for some of the spaces. It is
often useful to zone primary air for northerly (north, north-
east, northwest) exposures on a separate zone with reduced
air quantities.

e Primary air zoning that will permit compensation of primary
air temperature.Peak cooling loads for southern exposures
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usually occur during winter months because of high solar
loads. Therefore, primary air zawgj can be used to reduce air
guantities and terminal unit coil sizes for these exposures.
Units can be selected for cold instead of reheated primary air,
thus reducing operating costs alh solar exposures by reduc-
ing primary air reheat and water-side refrigeration needs.

e Zoning both air and water to permit different changeover tem-
peratures. Separate air and water zoning permits northerly
exposures to operate on a winter cycle with warm water at out-
door temperatures as high 86°F [15.6°C], whereas other
exposures operate on intermediatesummer cycles at those
temperatures. Primary air quantity can be lower due to a sepa-
rate A/T ratio, and operating costs due to reheat and refrigera-
tion are reduced.

7.5.2.5 Evaluation. The two-pipe air-and-water system was
the first to be developed and is frequently used. Least expensive of
the water distribution arrangements to install, it is less capable of
handling wide variations in loadhan the three- or four-pipe sys-
tem arrangements. Changeover is cumbersome, and operating costs
are higher than for a four-pipe system.

7.5.3 Three-Pipe Systems

Because of their wasteful energy performance (see Section 8.6),
these systems are rarely instabenl design information is essentially
found in theASHRAE Handboo&rchives—detailed discussions can
be found in thd973and1976 ASHRAE Handbook—Systems

7.5.4 Four-Pipe Systems

In four-pipe systems (see Section 8.5), the terminal unit is
often provided with two independent water coils—one served by
hot water, the other by chilled waté\s an alternative, a common
coil may be used, with this coil being served by two supply and two
return pipes from the chilled- and hot-water loops, respectively
(Figure 7-13). The primary air is lcband is typically kept at the
same temperature year-round. Dgripeak cooling and heating
conditions, a four-pipe system performs in a manner similar to a
two-pipe system with essentiallige same operating characteristics
(Figures 7-4 and 7-5). During imteediate seasons, any unit can be
operated at any capacity from xiraum cooling to maximum heat-
ing without regard to the operatiofiany other unit. Thus, distribu-
tion zoning is not required for either the air or the water system.
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Figure 7-13. Room unit control for a four-pipe system.

This system is more flexible than two- or three-pipe systems.
While its installation cost is higher, its efficiency is higher, and its
operating cost is lower than that of the other two distribution
arrangements. Operation is more simple than for a two- or
three-pipe system. No changeover is required. Standby water
pumps and heat exchangers should be considered for critical

applications, where loss of heaj capacity would have unaccept-
able consequences.

7.6 REFRIGERATION LOAD

The refrigeration load equals the total building block load to be
removed by the combinatiaf air and water systems:
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R=(45Q, )+ [0s—1.1Qp (t —t] + [o — 4840Q, (W, —Wy)]
(7-5a)

[R=(1.2Q, h)+(As—1.2Qp {t; —tg}) + (aL — 3.0Qp { W —W4})]
(7-5b)
where
R = refrigeration load, Btu/h [W]
Qp = primary airflow rate, cfm [L/s]
h = enthalpy difference of primary airstream across cooling coil,
Btu/lb [kJ/kg]
gs = room sensible heat for all spaces at peak load, Btu/h [W]
g. = room latent heat for all spaces at peak load, Btu/h [W]
t. = average room temperature for all rooms at time of peak, °F
[°C]
ts = average primary air temperature at point of delivery to
rooms, °F [°C]
average room humidity ratio for all rooms at peak load, Ib/lb
(kag/kg]
Ws= average primary air humidity ratio at point of delivery to
rooms, Ib/lb [kg/kg]
The first term on the right side of Equation 7-5 is the load on
the primary air cooling coil, whil¢he remaining two terms repre-
sent the load on the terminal unit water system.

7.7 ELECTRIC HEAT OPTION

Electricity may be used as a heat source either by installing a
central electric boiler and hot-vea terminal coils or individual
electric resistance heating coils in the terminal units.

One design approach is to size the electric terminal resistance
heaters for the peak winter heating load and to operate the chilled-
water system as a nonchangeover cooling-only system, thus avoid-
ing the problems of hot-waterftled-water changeover. One disad-
vantage of this system is the wig@ing in supply air temperature
that will result if the electric coil is cycled instead of modulated.

Another approach is to use a small electric resistance terminal
heater for the intermediate seasmating requirements in conjunc-
tion with a two-pipe changeover-type chilled-water/hot-water sys-
tem. The electric heater is usgih outdoor temperatures no lower
than 30°F or 40°F [-1°C or 4°Cgystem or zone reheating of the
primary air, as required for a two-pipe system, is greatly reduced or
eliminated. Changeover to hot wateccurs at lower outdoor tem-

=
1
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peratures and is, thus, limitedadew times per year. Simultaneous
heating/cooling capacity is available, except in extremely cold
weather when little cooling is required.

7.8 CLOSED-LOOP WATER-SOURCE HEAT PUMPS

Many large buildings have substantial core areas that experi-
ence no transmission losses buthdwe internal heat gains. These
internal areas require cooling areround during occupied hours.
Rather than reject the heat exdred from these core areas to the
atmosphere, this heat can be used as a heat source for a heat pump
system serving the perimeter af building. A closed-loop heat
pump system (Figure 7-14) can serve this purpose.

The closed water loop serves asheat sink for the interior
(cooling) heat pump units; it also serves as a heat source for
water-to-water or water-to-air heat pumps used to heat the perime-
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Figure 7-14. Closed-loop water-to-air heat pump system schematic.
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ter. This synergistic relationshipdreases the overall system coeffi-
cient of performance (COP). The temperature of the closed water
loop is usually kept between 65°F and 90°F [18°C and 32°C], but
the heat pump manufacturer should be consulted as to the range the
selected unit can withstand. When the loop temperature drops
below the lower limit, a boiler is ed to raise it. When the higher
limit is exceeded, heat is rejectiedm the loop via a cooling tower.

No insulation is required for the water loop piping as long as the
ambient temperature surrounding thiping is in the 60°F to 80°F
[16°C to 27°C] range.

Water-source heat pumps require 2 to 3 gpm [0.13 to 0.19 L/s]
in circulation per ton [3.5 kW] of refrigeration based upon the sum
of the nominal tonnage of the unitgsually much higher than the
block load). This flow rate is gerally constant during both cooling
and heating modes. Since water must circulate continuously
throughout the entire closed looplasg as a single unit is operat-
ing, the annual pumping costsr fthese systems can be high. To
reduce unnecessary water ciatidn, control valves should be
installed to shut off water flow to a heat pump when the compressor
is off. When core areas needlyominimal or no cooling during a
significant portion of the day @, apartment houses or hotels with
infrequently used public areas), greater than anticipated use of the
supplementary boiler to compensate for heat not being provided by
the core units can reduce or elimia the benefits of the looped heat
pump system’s high COP.

A closed-loop heat pump system permits a landlord to wire
each heat pump unit to a respective tenant’s electric meter, thereby
effectively charging each tenant proportion to the tenant’s use.
This can be valuable when anémt operates around-the-clock
rooms with process loads or performs extensive night and weekend
work. Performance comparisons afwater-source heat pump sys-
tem with a fan-coil all-water systeare given in Section 8.11. Fre-
quently, the two are considered competitive system options.

For further information, refer to the “Unitary Air Conditioners
and Heat Pumps” and “Applied Heat Pump and Heat Recovery Sys-
tems” chapters in thdSHRAE Handbook—HVAC Systems and
Equipment
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CHAPTER 8
ALL-WATER SYSTEMS

8.1 INTRODUCTION

In an all-water system, space cooling and/or heating is pro-
vided by chilled and/or hot waterrculated from a central refriger-
ation/boiler plant to terminalnits located in, or immediately
adjacent to, the various conditi@hepaces. Heat transfer to/from
the room air occurs via forced or natural convection. Except for
radiant systems, radiant heat tramsg usually nominal due to the
size and arrangement tie heat transfer surfaces. All-water sys-
tems can be employed for bdikating and cooling. Heating water
is supplied either through the same piping network used for chilled
water in summer or through an independent piping system. These
options are discussed in Sections 8.4 and 8.5.

Radiant panel cooling systemshet than those used for indus-
trial process cooling, are usualtpupled with a dehumidified air
supply to prevent in-room condetisa. For the purposes of this
manual, they are considered to be air-and-water systems.

The fundamentals of using water as a medium for distributing
cooling and heating effect are discussed in the “Hydronic Heating
and Cooling System Design” chapter in tASAHRAE Hand-
book—HVAC Systems and Equipmertll-water systems are
often selected as an appropriate project solution based upon three
key attributes:

1. With regard to both space demands and energy use, water is a
more efficient medium for energy transport than air. The
reduced distribution requirements of all-water systems are
especially valuable in retrofit situations in existing buildings
where space for running ductvias limited or nonexistent.

2. Recirculation of air through a central system is unnecessary;
therefore, commingling of odond other contaminants from

183
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various tenants and concerns over smoke spreading from space

to space through a central air system are eliminated.

3. First cost is often less théor other systems, depending upon
the desired number of control zones and terminal locations. If a
terminal is desired at every window, an all-water system could
be economically advantageous.

To verify the first attribute, consider the size of a supply duct
with air flowing at a velocity of 2000 fpm [10.2 m/s], supplied at
55°F [12.8°C] to maintain a spae¢ 75°F [23.9°C], and compare
the duct area required with tHat pipes (supply and return) circu-
lating water at 6 fps [1.8 m/s], efating at a 10°F [5.6°C] rise to
produce the same rate of cooling.

duct area / pipe area =

(specific volume of aix(specific heat of watgf t water) (velocity of watej(number of ducts
(specific volume of watg(specific heat of aji( t air)(velocity of air)(number of pipes

(13.33 f/1b) (1.0 Btu/lby (10°F) (360 fpr) (1)
(0.016)(0.24)(20)(2000) (2)

= 156 (8-1)

While this may be an oversimplification, it indicates the rela-
tive volumetric demands of the two media for transporting heat.
Pumps also require far less power than do fans for delivery of the
same energy content. Space malo be provided for ducts to
relieve/exhaust or return air thiahs been supplied to a space, for
insulation on ductwork and piping, and for drains to remove con-
densate from pans under condengingds in terminals. Water sys-
tems (all-water and air-and-water) typically require in-space
terminal units, whereas all-air fgms typically take up no space
within a room.

8.2 APPLICATIONS
8.2.1 Advantages and Disadvantages

Among the major advantages of all-water systems are:

* Less building space is required for distribution elements.

« They are well suited for retrofit applications due to their distri-
bution efficiency.

« Little (often no) space is needed for a central fan room.

* There is ready potential for individual room control with little
or no cross-contamination of air between rooms.

e Because low-temperature water can be used for heating, they
are well suited for solar heatingchheat recovery applications.
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Among the disadvantages of all-water systems are:

¢« Maintenance demands can be high and maintenance must be
performed on terminals within occupied spaces.

e Condensate drain pans and a drain system are required; in addi-
tion, they must be cleaned periodically.

« Ventilation is not centrally provided or controlled and is often
accomplished by opening windows or via an outdoor air inlet
at each terminal unit; thus, providing for acceptable indoor air
guality can be a serious concern.

¢ Relative humidity in spaces may be high in summer, particu-
larly if modulating chilled-water valves are used to control
room temperature.

More detailed comparisons between all-water systems and
other systems are presented in Section 8.11.

8.2.2 Suitability to Building Types

In the past, all-water systems were widely used in office build-
ings, hospitals, nursing homes, multifamily residences, hotels, and
schools. They are well suited perimeter spaces with seasonally
predictable cooling and heating requirements. When selected for
spaces with nearly constantya@ar-round cooling demands, chilled
water must be supplied throughabé year or alternative means of
cooling by outdoor air must beqwided. All-water systems are not
well suited for interior spaces. Also, they are not good choices
where close control of ventilation (for indoor air quality) and rela-
tive humidity is important. On the other hand, they readily offer
individual room temperature control capability. The fact that the
circulation of water requires significantly less space and energy
than the circulation of air accounfor the popularity of all-water
systems in apartment buildingsdahotels. Even more important in
these applications is the segéra and independence that can be
achieved between tenancies.

For better quality hotel and motel guest rooms, all-water fan-
coil systems can compete with water-source heat pumps. Either
system should be supported witlventilation air supply for quality
air conditioning—essentially making the solution an air-water sys-
tem. These two systems are also competitive alternatives in large
apartment buildings, where a ducted supply of ventilation air is also
desirable (but is less frequently provided). For perimeter class-
rooms in schools, unit ventilatall-water systems are frequently
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considered along with unitary-type unit ventilators or vari-
able-air-volume (VAV) systems witeupplemental perimeter heat.
Office building applications distinctly favor VAV systems.

All-water systems can be far easier to adapt to existing struc-
tures than any other type of system because of their limited space
requirements. All-water fan-colystems are common in churches
and other monumental or historic buildings because of this
attribute, even where humidity control is important for artifact pres-
ervation (despite the fact that such systems are inferior in that
respect to all-air constant-volume systems).

8.3 SYSTEM CONCEPTS

All-water systems, as typically installed, can be classified into
three basic types:

1. Two-pipe systems, in which therminal units are served by two
water pipes—a supply and a return. Chilled or hot water is circu-
lated alternately through the single closed loop to the terminals.

2. Three-pipe systems, in which each terminal has a separate
chilled- and hot-water supply banly a single, common return.

3. Four-pipe systems, in whidtvo separate piping systems sup-
ply and return either hot water or chilled water to separate coils
(or a single dual-use coil) within the terminal units.

8.4 TWO-PIPE SYSTEMS
8.4.1 Basic Two-Pipe System

This system is composed of central water cooling and heating
equipment, terminal units, pumps, distribution piping, and system
and terminal controls. Each termingiconnected to a single supply
pipe and a single return pipe.thre cooling mode, chilled water cir-
culates to the terminals to accomplish both sensible and latent cool-
ing. In the heating mode, hot water circulates to the terminals for
sensible heating. Room temperatis controlled at the terminal by
automatically or manually regulating air or water flow or both. In
its simplest form, the entire system must be in either cooling or
heating mode. Some spaces served by such a system, however, may
require cooling, while others need heating, resulting in unsatisfac-
tory performance. It may be possible to group spaces with common
heating or cooling requirementsgether into a single zone. By
design of the circulating systeamd its control, some zones can be
operated on cooling while otheaise on heating. The zoning, piping
arrangement, and controls to amfe this limited flexibility within a
two-pipe arrangement demand careful design.
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Zones can frequently be dividleccording to exposure. Zoning
is practical for spaces where goleeat gains during spring and fall
are the predominant factor intallishing a need for heating or
cooling. Shadows from other buifdjs or wings that vary through-
out the day (not just at peak-load time), however, can defeat this
approach. Occasionally each major piping branch, perhaps a single
set of risers, is designed torge one zone. The mode (heating or
cooling) for terminals connected tiwat branch may be indexed to a
key space thermostat or discriminator control circuitry. This config-
uration is actually a cross beden the two-pipe concept and the
four-pipe concept described later.

The piping arrangement illustrated in Figure 8-1 contains both
a heating and a cooling pump. ¥hzones require both condition-
ing modes, both hot and chilled water are available. The chilled-
water pump must have adequesgacity to maintain the minimum
required flow through the chiller. tinly cooling is needed, the hot-
water pump can be turned off.dhly heating is needed, the chilled-
water pump can be turned off.i#t feasible to use the two pumps
operating in parallel to circulatehilled water. Operating in this
mode, hot water is not available the system, but total pumping
capacity can be shared. Duringemmediate seasons, and possibly
throughout the heating seasorvedl, partial system water flow is
usually adequate to meet the space thermal needs. It is important to

ZONE1 ZONE2 ZONE3 ZONE 4

1 |
] l I |

PUMP

8 HOT WATER Oy s
GENERATOR
~_ O/
SYSTEMMODE  __
INDEXING VALVES
PUMP
CHILLER O CH

Figure 8-1. Multizone two-pipe all-water system (Carrier 1965).
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lay out the return piping in a maanthat will avoid the blending of
hot and chilled water upstream of the chiller or hot water generator.

Control valves on both supply and return circuits are necessary
to switch to the appropriate source for a zone. Changeover from one
mode to the other can be a difficult choice, since the required mode
depends upon several factors, such as outdoor temperature and solar
load. Solar-compensated outdoor temperature sensors lagged to sim-
ulate the building’s thermal storage or “flywheel” characteristics have
been employed. Keying to selected room thermostats and manual
switching are other techniques of zone cooling/heating changeover.
Unfortunately, all these control concepts have shortcomings.

The foregoing discussion suggests that system design may
become quite complicated in ord® provide appropriate zoning.
The additional expense for piping, pumps, and controls may rival or
exceed that of an inherently suipe system concept, which is to
provide a cooling/heating alternative at each terminal using a
four-pipe system. The temperature in rooms equipped with fan-coil
units is maintained by faoN/OFF or speed control, b@N/OFF or
variable water flow control, or by both. Vertical riser units with
series-connected terminal units can be controlled by bypassing air
around the heat transfer surface using face and bypass dampers.
Varying unit water flow as a method of room temperature control is
not feasible through s arranged in series.

Unless the conditioned space is dehumidified by a supplemen-
tal air-conditioning system, bothrsgble and latent cooling are per-
formed by the terminal unit coilThe sensible heat ratio of the
cooling process in a given space will vary widely over time. This
variation will be most extreméf ventilation air is introduced
through windows or unit intakes in an exterior wall. Since room
temperature is the basis for unit control, humidity control is inci-
dental. Relative humidity can vary widely, as depicted in
Figures 8-2 and 8-3. Control solddly manually operating the fan is
unsatisfactory. Automatic controf fan operation with manual
selection of fan speed results in intermittent airflow through the
occupied space, temperature swings near the outside wall, and
potentially annoying sound pressulegel variations. These charac-
teristics are similar, however, tooe of residential forced-air heat-
ing systems, and in many multi-residence applications of fan-coil
units they have been acceptedaserable. As Figures 8-2 and 8-3
indicate, superior control of humidity is more likely with fan con-
trol than with water flow control because humid outdoor air may
continue to be brought in even though the thermostat is satisfied
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Figure 8-2. Room temperature and humidity variation under manual
three-speed fan control (Carrier 1965).

and the chilled-water flow is at a minimum while the fan continues
to run. Tight-sealing dampers @rall openings should be automati-
cally closed when the unit fan is off. Use of water flow control in
combination with ventilation via wall apertures incurs a real risk of
coil freeze-up in cold weather.

Manual fan control along witbN/oFF or modulating control of
water flow can be viewed as an improvement to automatic fan con-
trol in other respects (althoughighrapproach can lose control over
humidity). This is true of cost (wtl is higher) as well as perfor-
mance. @/oFF water flow control can causeequent cycling of the
supply air temperature—although potentially annoying, this is the
same effect as seen with thermostatic control of a DX system. Qui-
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Figure 8-3. Room temperature and humidity variation under auto-
matically modulated water control wi th continuous fan operation (Car-
rier 1965).

etly operating solenoid valvesrcainimize the bothersome clicks

that occur as the valves arewted by the thermostats. A room
thermostat is preferred over a return air thermostat, since it will
sense the occupied space tempeeagven if the fan is off. When

the system mode is changed, a second thermostat that senses system
water temperature (an aquastat, available with the terminal) must
reverse the action of the room thermostat.

8.4.2 Two-Pipe System plus Supplemental Heating

Fan-coil units can be obtainedth auxiliary electric heating
coils. This approach can materially reduce the difficulties of
changeover between cooling and iregatmodes. As long as cooling
by chilled water circulated througthe terminals is necessary to
counter solar heat gain and other transient cooling loads, overcool-
ing of other spaces with a net héads on the same system can be
prevented by energizing the electciail. This will probably elimi-
nate the need for the complex zmgpilayout previously described.
Even if total heating by electric retance heat is not cost-effective,
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electric heating during the intermediate seasons may be justified by
reduced piping and control costswasll as by a significant perfor-
mance improvement balanced agsiincreased unit and electrical
distribution costs.

Control of cooling must be by chilled-water flow valves or by
face and bypass dampers. Such control is then sequenceoiwith
OFF control of the electric heat energized through a magnetic
contactor. Both cooling and heating are under control of a common
thermostat. When hot water is supplied for heating, the unit aqu-
astat reverses the control action of the room thermostat on the
water valve and de-energizes the electric heater circuit. Only heat-
ing by hot water is then available. The electric heater is de-ener-
gized whenever the fan is not operating. The system mode
changeover decision is less critical but still involves the numerous
variables previously mentioned. More often than not, the pivotal
rationale for the decision is economic. Owners are reluctant to
incur monthly electrical demand charges for short-period operation
of their refrigeration plants. Therefore, the changeover decision is
governed by the calendar—so many months on cooling and so
many on heating. Not infrequently, the months when cooling will
be available become a lease provision, but many tenants will not
accept such a lease restriction.

8.4.3 Two-Pipe Systems with Total Electric Heat

If electric heating is econonady justifiable throughout the
year, the need to change watepply from cooling to heating and
vice versa is eliminated. Unit control is simplified; reversal of the
room thermostat action is ursessary. Chilled-water circulation
and refrigeration can be discontimuehen there is little or no need
for cooling, and zoning of distribution circuits is unnecessary. A
significant advantage is that the electric power source for heating
and air circulation can be via the tenant connection and can thus be
separately metered. For some quancies, in some jurisdictions,
this is a legal requirement as an energy conservation measure.

8.5 FOUR-PIPE SYSTEMS

Figure 8-4 shows a schematic layout of a typical four-pipe sys-
tem, including basic system controls. Providing two independent
water distribution systems—one dedicated to chilled water and the
other to hot water—permits eitheooling or heating by individual
room terminals throughout the ye&mach terminal unit is equipped
with a heating and a cooling itdor a dual-use coil) and two
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water-flow control valves (or equivalent coil bypass control) and is
connected to the distribution system by four pipes—supply and
return for both chilled and hot watdBoth valves are controlled in
sequence by the room thermostatdlead band of several degrees is
normally incorporated into the conlrén this band, both valves are
closed. This feature preventslwea cycling with frequent shifts
between heating and cooling aretluces energy use. In practice,
the lowest and quietest unit fan speed is adequate most of the time.
The four-pipe arrangement and tia®-pipe arrangement with total
electric heating offer significant advantages over the simple
two-pipe concept, such as

e year-round availability of heating and cooling for individual
space temperature control,

e elimination of zoning cost and complexity, and

« simpler changeover decisions.

The usual operating practice is to discontinue the circulation
of chilled water in winter and that of hot water in summer. Based
upon this premise, some designs have incorporated system
changeover modes that employ both of the distribution systems for
cooling in summer and for heating in winter. Chilled and hot water
both remain available during the intermediate seasons. The impe-
tus for this variation is reduced pumping capacity and smaller pipe
sizes, offset to some degree by the loss of versatility, the increased
burden of changeover decisions, the complexity of terminal valve
control, and the added provisions needed to switch the pumps to
different duties.

8.6 THREE-PIPE SYSTEMS

Three-pipe systems have separate chilled- and hot-water sup-
ply piping, a single coil, and common return piping. Terminal con-
trol is via a three-way valve thatimits water from either the hot-
or the chilled-water supply as reémed but does not mix the supply
streams. The valve is specially designed so that the hot port gradu-
ally moves from open to fully oked, and the cold port gradually
moves from fully closed to open. Atid-range, there is an interval
in which both ports are completely closed. The water returns
through common piping to either a chiller or a boiler.

Once popular for perimeter specof large buildings because
they avoided many of the changeover problems associated with
two-pipe systems, three-pipe s#sts have been virtually replaced
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by other options (including fouripe systems). While some ver-
sions of three-pipe systems prdveuccessful, many were plagued
with excessive mixing of hot and chilled water in the common
return and consequent energy waste.

8.7 PIPING DESIGN CONSIDERATIONS

Several issues are of speciapiontance to the design of water
distribution networks for all-water systems.

8.7.1 Flow Diversity

The system (block) peak cooling load is likely to be less than
the sum of the space peak loaldishe cooling capacity of the ter-
minal units is automatically controlled using two-way valves, it is
improbable that all valves will be fully opened concurrently. Conse-
quently, some reduction from the sum of the individual terminal
flows is possible in selecting pusand sizing pipe mains. In the-
ory, the diversity factor may be viewed as the ratio of the block
cooling load to the sum of the pelmlads for each terminal. Such a
theory is based upon the suppiositthat all space thermostats are
set at the design space temperatuckthat flow is reduced in direct
proportion to terminal load redtions. Neither is correct because
other operating conditions also affe¢he degree of diversity. A gen-
eral rule is to reduce the aggregate flow of all terminals by a diver-
sity factor equal to the square root of the ratio of the block load to
the sum of the peaks. Diversity should not be applied to risers or
horizontal mains serving onlysangle building orientation.

8.7.2 Water Pressure and Flow Balance

Balancing the water flow through a large number of parallel-
connected coils is at best difficult and laborious. With reasonable
care in design, however, a water distribution network can be suffi-
ciently self-balancing to makeefd adjustment of terminal coil
flow generally unnecessary. Inclusion of automatic flow control
valves can also move a system toward a self-balancing condition.
Chilled-water flow variations within 25% of design flow affect a
fan-coil unit’s cooling capacity otihe order of 10%. This provides
considerable tolerance. Consequently, some difference in the flow
resistance of the piping circuit®nveying water to the many termi-
nals is tolerable without signiimtly affecting the performance of
terminals situated on the loamgruns. Two conditions, however,
must be met:



AIR-CONDITIONING SYSTEM DESIGN MANUAL 195

1. The flow resistance in the parallel terminal subcircuits is at
least equal to 40% of the variatiof the pressure drops in the
distribution piping circuits, €., the difference between the
greatest and the least pressure drop in the circuits.

2. The pressure drops of the parallel subcircuits have reasonable
consistency, i.e., where possible, avoid mixing high and low
loss terminals on common cilitst A subcircuit includes the
control and manual valves,dgftonnecting piping, and the ter-
minal unit coil.

A closed piping loop may be designed as either direct return or
reverse return (see Figures 8-5 and 8-6). The direct-return system is
popular because it requires less piping; however, balancing valves
may be required on subcircuits. Since all water flow distances are vir-
tually the same in a reverse-return system, balancing valves require
less adjustment. It is possible, with careful piping layout, to provide
many of the advantages of a reverse-return piping system while keep-
ing piping lengths similar to a direct-return piping system.

Quantitative evaluation of the flow variations that a circuit
imbalance creates is beyond thegse of normal system design pro-
tocols. As a general guideline, anbalance of 10 to 15 ft (30 to
45 kPa) of head is safe. This latiiallows the use of direct return
risers; the imbalance can be controlled by judicious pipe sizing.

Figure 8-5. Direct-return piping system.

Figure 8-6. Reverse-return piping system.
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Reverse-return design of horizontal mains looping within a building
perimeter and feeding risers usually does not incur significant addi-
tional piping expense over directuen and is good practice. Mains
that serve major sections of a building and are parallel connected
with each other should be provided with a means for balancing and
flow measuring.

8.7.3 Control of System Pressure Differential

Where two-way valve control of water flow through terminal
unit coils is employed, the system flow will be reduced at partial
load. The valves reduce flow by adding resistance to the coil piping
subcircuit. As flow is reducedjipe friction also decreases and
available pump head increases, lieqg even further closure of the
terminal valves. If the differential pressure imposed across these
valves becomes great enough, theximum shutoff pressure rating
of the valves could be exceeded. The valves would not close,
defeating space temperature control. Barring that, “wire drawing”
at the valve seat is a real possibility, which could lead to costly
replacement of the terminal valve seats. Wire drawing involves ero-
sion of the valve disk and seat ligh fluid velocities in valves that
operate for extended periods at minimal opening. Several preven-
tive measures are available to a designer:

1. Control the system pressure differential with taps in the supply
and return piping, usually located at the hydraulically most
remote terminal device in theging network, to vary the speed
of the pump, reducing its capacity and developed head at part
load, as described in Section 8.8.

2. Regulate a throttling valve in the supply mains (near the pump
discharge) from a system pressure differential controller (in
lieu of speed control). This shifsart of the task of restricting
flow from the terminal valves é& Figure 8-4) by maintaining
an artificial head on the pump.

3. Install three-way valves at the terminals in lieu of two-way
valves. At reduced load, the valves bypass the coils. This incurs
some disadvantage since thesedsges are, in effect, short cir-
cuits unless a resistance equal to the terminal water coil is built
into each bypass—which can be accomplished with automatic
flow control or balancing valves located on the return line after
the bypass valve. Without thiat partial system load, system
flow will actually increase, awill pumping horsepower. Also,
some terminals may be starved of water, since the pressure dif-
ferential at those terminalmay fall below that needed to
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deliver the water flow desired by the space thermostat. The
installed cost of three-way valves is somewhat higher than for
two-way valves. Some designers favor a single bypass valve,
located near the extremities of the mains, that is controlled by
system pressure differentialhe effect is similar to a main
throttling valve but can have the effect of increasing system
flow and horsepower. A spring-loaded relief valve is unsuitable
for this purpose; an industrigldality control valve is required.

4. Install a combination of two- and three-way terminal valves.
This practice limits the reduct of flow and the buildup of
pressure differential across tterminal valves without a need
to control flow velocity, main throttling valves, or a bypass
valve. A little study will indicate the percentage mix, but a lay-
out that ensures a minimum of about 20% of the total system
flow generally suffices. Locating the three-way valves in the
greater-resistance paths ensures good flow throughout the
extremities of a direct-return system.

5. Use automatic flow-limiting valves (also callpobssure-inde-
pendent control valvgsThese valves are designed to provide
consistent coil flow conditions in the face of varying system
pressures (caused by the opening and closing of valves
throughout the water distribution system). Such valves can be
especially beneficial in two-pipe distribution arrangements,
where water flow rates differ from heating and cooling service
at any given load. They also permit easier balancing of direct-
return distribution systems.

If a system is equipped solely with two-way valves, a no-flow
condition can occur at the pumprides damage to the pump could
result when the motor energy heats noncirculating water within the
pump impeller. Prevent this eithby adopting a pressure control
option that will ensure flow oequip the pump with a bypass.
Another potential hazard relatirig the use of two-way valve con-
trol is the freezing of sections of the distribution piping if exposed
to very low temperatures (possitiepoorly insulated exterior wall
cavities under no-flow conditions).

8.7.4 System Cleanliness

The performance of an all-t&x system can be seriously
impaired by dirt and corrosion practs in the piping system. The
following safeguards avoid this problem:

* Protect piping material on the job site prior to installation.
« Protect openings in the piping during installation.
¢ Flush and chemically clean thepjrig system prior to operation.
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e Locate strainers upstream of pumps, chillers, and heat
exchangers.

e Install scavenging (side-stream) filters in pump bypasses
selected for 5% to 10% of system flow.

« Provide isolation valves and accessible drain connections for
risers.

8.8 VARIABLE-SPEED PUMP OPERATION

The characteristics of centrifugal pumps and piping networks fol-
low some special interrelations @mthe pumps are equipped to oper-
ate at variable speed. Pump theory states that the shutoff head (the
head at zero flow rate) is proportil to the square of the rotational
speed, as illustrated in Figure 8-7. This figure also illustrates the rela-
tionships between head, flow rate, pump speed, and efficiency.

Analogous to the fan laws (see Section 6.6.2), the pump laws
for centrifugal pumps are:

1. Flow rate varies with speed (pump rpm).

Q=(N1/Ny
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2. Head varies with square of speed.

H=(Ny/Np?
3. Head varies with square of flow rate.
H=(Q1/ Q)

4. Brake horsepower varies as the cube of the speed or flow rate.
P=MN/Np)®  P=(Qi/Q°

where

Q = pump flow rate

H = pump head

N = pump speed, rpm
P = bhp [kW]

The third law (above) is precisely the characteristic of a piping
network. The combination of pumand piping relationships is
illustrated in Figure 8-8. If a pump operates at maximum efficiency
at the design point, then that pump serving a constant characteristic
system at various flow rates operates at maximum efficiency
throughout. This relationship must be tempered with several quali-
fications. The piping network might serve just a single thermal load
and the load requirements wouldntwl! the speed of the pump. If
the piping system is a two-way valve network, as shown in
Figure 5-12, no single head-flowrse represents the complete per-
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Figure 8-8. Combining the characteristics of a piping network with
those of a variable-speed pump for maximum efficiency.
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formance map. The head-flow curve of the three-way valve network
in Figure 5-13 suggests a sindjlead-flow curve, but actually it is
only one point—the desigmoint—on that curve.

An opportunity to lower the pump delivery pressure must be
communicated to the speed conwbthe pump. One possibility for
sensing the adequacy thie pressure supplied by a pump is to mon-
itor the position of the two-way valves controlling water flow to the
coils. Ideally, only a single valve in a system should be completely
open. If valves are pneumaticaligtuated, the highest control pres-
sure (or lowest in the case of normally open valves) should be used
as the control variable to regulggamp speed. Similar control can
be achieved using direct digital control.

Designers have achieved efficient variable-volume pumping by
installing multiple pumps and shutting down one or more pumps to
approximately match the requirsgistem flow rate. System curves
to illustrate these conditions askown in Figure 8-9 for two pumps
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Figure 8-9. Pump and system curves for series pumping.
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in series and in Figure 8-10rfétwo pumps arranged in parallel.
Less pumping power is required, however, when flow rate is
adjusted downward by reducing pprspeed instead of by throttling
flow or sequencing pumps. Many successful variable-volume
installations have been reported (ASHRAE 1988). The ready avail-
ability of VFD drives at reasonable cost makes their use more logi-
cal than in the past.

Variable-speed pumping should ordg used with care in con-
junction with reset of the leawy chilled-water temperature (which
is based upon constant volummumping). Temperature reset
upward increases chiller efficiency but keeps pumping power high.
The reduction in chiller power from reset should be compared
against the change in pumpipgwer from variable-speed pump-
ing. Chiller kW/ton [kW/kW] increases with lowered chilled-water
supply temperatures and decreases conversely. Increasing chilled-
water temperature, however, pdialty increases the flow require-
ments at the terminal units (for constant loads)—increasing water
flow rates. At low load conditions, however, the reduction in termi-
nal device cooling capacity caused by an increase in chilled-water
temperature can help to improwentrollability by causing the con-
trol valve to open more to prime the required cooling capacity.

Variable-speed pumping is best suited to piping networks hav-
ing a high percentage of head loss that varies with the flow rate
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Figure 8-10. Pump and system curves for parallel pumping.
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(long piping runs) and a small percaygeof constant head loss (ter-
minal units, valves, differences in elevation). Thus, in an equipment
room serving air handlers located close to a chiller, there is little
variable head loss, and a variable-speed pump would act very much
like the constant-speed pump whose characteristics are shown in
Figure 8-7.

8.9 TERMINALS
8.9.1 Fan-Coil Units

The fan-coil is the most common all-water room terminal. It
consists of a direct- or belt-driven fan that induces airflow through
a filter and discharges it through an extended surface coil for deliv-
ery into a room. The source air@om air or a mixture of room air
and outdoor ventilation air (obtaideria a direct connection to the
exterior environment). An insulatedrain pan beneath the coil col-
lects moisture condensed from the air as it passes over the cooling
coil. The unit may have an additional downstream heating coil
using electricity, steam, or hot water.

One type of vertical fan-coil unit integrates an extended heat
transfer surface with a supply and return chilled-water (or dual-tem-
perature) riser section. When stacked in a multistory building, these
column unitsvirtually eliminate the need for separate water distri-
bution risers in a two-pipe sysh. Water flows through the unit
heat exchangers in series. With a direct return riser, the average
water temperature is approximatéihe same in all units on a riser.

On an upfeed system, the lowest unit has the coolest supply water
and the warmest return water. Thus, unit capacities are independent
of their vertical location on theser. For a four-pipe system, addi-
tional heating coils are parallel connected to dedicated hot-water
heating risers. Some column units are designed with parallel-con-
nected coils factory connected itaternal riser sections and are
therefore closely akin to the conventional type of unit. The unit
enclosure is also the riser enclasuhir is discharged from a grille

(or grilles) near the ceiling and returned near the floor. With units
located on an exterior wall, the direction of air discharge is com-
monly parallel to the wall to offsehe envelope heat loss or gain.
Various fan-coil unit arrangements are shown and describtg: in
“In-Room Terminal Systems” chapter in IREHRAE Handbook—
HVAC Systems and Equipment.
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8.9.2 Unit Ventilators

Unit ventilators are similar to fan-coil units but have a more
elaborate provision for the direattroduction of outdoor air for
ventilation and, as an option, freeoling by outdoor air econo-
mizer cycle control (see Section3%). Unit ventilators are most
often applied in assembly occuqmées, such as classrooms and
meeting rooms. They were historically the terminal of choice for
heating and ventilating classrooms prior to the increased use of
cooling in such spaces, and they continue to be installed either as
components of an all-water sgst or as unitary equipment.

8.9.3 Valance Units

A valance terminal depends upon natural convection for heat
transfer from a coil located inalance enclosure placed near the
ceiling, usually along a perimetdwilding wall. Filters are not
employed, and ventilation is not aafare of this type of delivery
system. Space temperature is cdfgrbby coil water flow. If cool-
ing is provided via the valence unit, a means for condensate
removal must be provided.

8.10 VENTILATION

If preconditioned air is supplied to a terminal unit, the system
becomes an air-water system. Thus, if ventilation air is associated
with an all-water terminal, it igypically drawn in through a
damper-controlled opening in the building wall. The damper is
motorized to close when the fan is off. The rate at which ventilation
air is introduced directly througan aperture in a building wall is
almost impossible to regulate because of wind pressure and stack
effect. Problems seen in the pasth this approach to ventilation
include coils freezing and cold drafts resulting from excessive out-
door airflow. The quality of teninal unit dampers and damper con-
trols is, however, improving. On the lee side of a building, airflow
may reverse through an intake, eveth a fan operating. In a high-
rise building during cold weatheexcessive outdoor air can enter
through the unit openings on thever floors and exfiltrate through
the unit openings on the uppeodts. The shortcomings of this
approach to ventilation also include poor humidity control, wasted
energy, insect problems, and the potential for smoke entry from
fires on lower floors.

Ventilation must be provided, however, if the all-water
approach is to fulfill the function of adequate air conditioning
(including control of indoor air quality). The most common tech-
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nigue is to assign the ventilation function to exhaust systems, for
example, kitchen and bathroom exhausts in multifamily residences.
An ample source of makeup airrisquired for exhaust systems to
function properly. Windows, ibperable, are usually allowed to
serve as ventilation sources by building codes. This is effective only
when the windows are open or if they are sufficiently leaky when
closed (not advisable for energy efficiency). The shortcomings to
ventilation via outdoor air entry through windows include poor
humidity control, excessive hiéxag and cooling loads, and the
introduction of dirt and noise from outdoors directly into occupied
spaces. In practice, many occupants would rather put up with very
limited ventilation than incur the siomfort of involuntarily open
windows, especially in extreme agler or noise conditions. If the
windows are tightly closed and there is a significant exhaust air
requirement (as in the case of residential buildings), the conditioned
space will be subject to substantial negative pressure. Some makeup
air may enter from common corridors or hallways, although most
building codes prohibit undercutfrof entranceways or the use of
exits as makeup air plenums. Fireplaces in apartments have some-
times become unanticipated makeup air passageways.

This discussion highlights a common design pitfall inherent in
all-water systems—Ilack of agsd ventilation. In many building
types, the proper solution is adaed, preconditioned (at least fil-
tered and tempered), fan-powered ventilation air supply. This adds
significantly to project cost and & risk in any cost-trimming exer-
cise, sometimes by an unwary owner who may later hold the design
engineer responsible for notipting out the consequences—espe-
cially with respect to indoor air quality.

8.11 SYSTEM EVALUATION AND COMPARISON

Each type of air-conditioning system offers advantages and
disadvantages that are of varyilmportance to different applica-
tions and clients. Generalizatiostould therefore be used with
care. Nonetheless, in the follavg discussion, all-water fan-coil
systems are compared with othdvAC system types with which
they frequently compete. Thesemparisons may provide a helpful
checklist to ensure that pertinent traits of the various systems are
considered in the selection process.
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Comparison of All-Water Fan-Coil System to All-Air,
Variable-Air-Volume (Non-Fan-Powered) System with
Perimeter Heating (Section 6.8.1.3)

All-Water Fan-Coil System Advantages

Air motion in a space is not dependent upon temperature con-
trol (with water flow or coil bypass control)

No duct space is required

More efficient energy transport is provided

No central air recirculation is necessary
Cross-contamination of different tenancies is unlikely
Lower first cost for some applications

There are no duct penetrations requiring fire barriers

Better containment of smoke from fires and/or of odors

Air conditioning can be redlgl discontinued in unoccupied
areas

All-Air Variable-Air-Volume System Advantages

Integrated and positive ventilation supply is provided

Improved air cleanliness is possible

Better flushing of space contaminants is likely

Free cooling capability whenewr low-temperature outdoor air

is available

Superior humidity control

No moisture removal occurs at terminals (no drip pans and
their maintenance)

No odor from wet room-terminal coils

No motors, fans, and/or coils in occupied spaces

Fewer potential local breeding grounds for allergens and
pathogens

The potential for water leaks is confined to a mechanical/fan
room

Inherently quieter

Ceiling or remote placement of terminal units is more feasible
Suitable for both perimeter and interior spaces

Greater flexibility for partition changes

Comparison of an All-Water Fan-Coil System to an
Air-and-Water Induction System (Section 7.4)

All-Water Fan-Coil System Advantages

L]

L]

Versatility of location and terminal style
No air duct connection is required
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Usually less costly

Facilitates individual electric energy metering

Less frequent maintenance of terminal filter/lint screen

Less thermal transport energy required

Off-hour conditioning does not require central air distribution
system operation

Air conditioning can be readily discontinued in unoccupied
areas

Air-and-Water Induction System Advantages

Integrated and positive ventilation supply

Good humidity control

Good air cleanliness

Condensation on cooling coil can be eliminated

Two-pipe distribution offers intermediate season heating and
cooling (compared to basic two-pipe fan-coil system)

Reduced depth of coil, easier to clean

No motors, drives, and/or fans in occupied spaces

Inherently quieter

Under-window units are not very deep

Comparison of an All-Water Fan-Coil System to a
Unitary Water-Source Heat Pump (Section 7.8)

All-Water Fan-Coil System Advantages

Inherently quieter

Potentially superior cooling and heating efficiency in many
building types

Less water is in circulation

Smaller pipes and pumps

Lower pumping costs

Terminals are less costly

Terminals with low capacity output are available

There is less equipment toe maintained in the occupied
spaces

Life-cycle cost of equipment is likely to be lower

First cost of a two-pipe system is lower

Lower winter electric power demand and consumption (if
using other than electric heat)
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Water-Source Heat Pump System Advantages

¢ Immediate year-round availabiligf heating and cooling using
only two water pipes

¢ No seasonal changeover is required

« Range of circulated water temperatures requires no pipe insulation

e Cooling is available without operation of a central refrigeration
plant, resulting in flexibility for odd-hour usage

e Can potentially transfer energyom spaces being cooled to
spaces being heated, saving energy

¢ Waste heat recovery potential

« No demand charge penalty as when operating large central
refrigeration plant equipment

¢ Reduced dependence on central plant components for reliable
heating and cooling

e Suitable for both perimeter and interior space conditioning

¢ Less demanding operating staff requirements

8.12 DESIGN SEQUENCE
8.12.1 System Selection—Getting Started

Several HVAC systems will usually be considered and com-
pared prior to determining which oremost appropriate for a spe-
cific project. Common starting points for the preliminary
consideration of systems are to €ktablish design intent and crite-
ria and (2) estimate cooling and tirg loads for the portions of the
building to which the system is twe applied. This can be done by
load calculations or by estimatis based upon experience. Design-
ers commonly use an estimating partenef tons of refrigeration
(or Btu per hour) pesquare foot [KW/rf] of gross or net building
area as a quick estimate or validation check on more detailed calcu-
lations (see Table 2-1, Chapter 3)ich rules depend upon the spe-
cifics of application and location. Cooling load figures for several
situations may be found in th®SHRAEPocket Guidg ASHRAE
2005). Many designers, however, prefer to develop their own check
figure values based upon previous project experiences. Influencing
factors include building envelope characteristics (such as type and
amount of fenestration), lightingvels, occupancy, ventilation, and
thermal comfort objectives.

8.12.2 All-Water System Development

Establish the method to be used to provide for ventilation early
during the preliminary design ah all-water system. Consider how
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cooling and heating of the ventilation air will be handled by the sys-
tem terminal units. Following thisletermine the specific system(s)

to be evaluated along with the types of terminals to be used. In
deciding whether to use fan-coil units or two- or four-pipe distribu-
tion systems, consider physicatargement, performance, and eco-
nomic constraints and objectives.

The system control strategy should also be developed to a point
where the system’s capabilitiesawrell understood. Try to answer
such questions as: How is space ity to be controlled? What is
the likely changeover point? Is zoning by orientation necessary?
Will such zoning be workable and cost-effective? Once the concept
to be evaluated is fairly well sehe system can be further devel-
oped by “first cut” component selections.

8.12.3 Changeover Point

Before proceeding to the next step in preliminary design, an
explanation of changeover pointiis order. In simple terms, the
changeover point for cooling is the outdoor air temperature below
which chilled water is no longer required to offset heat gain in any
zone. The changeover point for kieg is the outdoor air tempera-
ture above which hot water is nantper required to offset heat loss.

A given zone no longer neg@ooling by chilled water when

solar and internal heat gain = (space cooling by other systems)
+ (heat transmission losses) . (8-2)

Changeover temperature (see also Section 7.5.2.1) can be cal-
culated as

teo =ty — (solarand internal heat gain — other coolingYA} , (8-3)

where

t.oc = changeover temperature,

t. = governing room temperature, and

VA = heat transmission per degree of temperature difference

through the exterior envelope.
The calculation is approximate because the terms in the equation
vary with time. If solar and internal heat gains are taken as the
maximum for the time of year wheyg, is likely to occur, thow-
est outdoor temperature at which cooling is required will be
obtained; if solar and internal heat gains are taken as the minimum
anticipated, thénighestoutdoor temperature at which heating is
required will be obtained. The spread between the two values rep-
resents the range within whichtleér heating or cooling may be
required. If the range is wide, as it might be for an office with
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southern exposure and substantial but variable internal heat gain,
a two-pipe (either/or) arrangement is going to be a poor choice
and a two-pipe plus supplemental heat or a four-pipe distribution
should be considered. Note that northern or shaded exposures will
have decidedly differertt, spread characteristics than those ori-
entations exposed to the sun.

Zoning must be considered with a two-pipe distribution in
order to permit spaces with similar changeover characteristics to be
grouped to allow some zones to @@oled while others are being
heated. Thereafter, a means of zone mode control must be devised,
as discussed in Section 8.3. Realize that changing over a system
from hot water to chilled water (andce versa) takes time. Intro-
ducing warm water into a chiller could blow the refrigerant charge
and cause the tubes to loosen. Once a decision is made (either auto-
matically or manually) to shift modetime must be allowed for the
water temperature to neutralizeftre the shift can be completed.
Occupants may be uncomfortable during this waiting period. An
understanding of changeover should help to illustrate the limita-
tions of a two-pipe distribution arrangement.

8.12.4 Preliminary Component Selection and Design

A schematic piping layout can now be prepared with terminal
unit, central cooling and htiag, and pumping locations. Some
study is required to decide whet horizontal mains feeding verti-
cal risers, vertical mains with hipontal piping loops or branches
for each floor, or a hybrid piping arrangement is most efficient.
Reverse-return piping arrangements should also be evaluated. If
zoning by exposure (orientation) is to be used, the design must
allow for independent operation of each zone under heating or cool-
ing mode without mixing of water in a common return from zones
on different modes. With the numbef terminal units established,
the total amount of water for fecoil units may be roughly esti-
mated as 2.0-2.5 gpm per ton [0.033-0.042 L/s per kW] of block
load. If the maximum temperature rise,{,,) calculated as

tmax= (24) (block cooling load, tons) / (terminal water flow, gpm)
(8-4a)
[ thax= (0.24) (block cooling load, kV (terminal water flow, L/s)]
(8-4b)
is lower than the desired temperatwrop in the chiller, or if the

flow through the terminal pumping stgm is not constant during the
cooling mode (which occurs und®ro-way-valve terminal control),
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primary/secondary pumping circuitgill be needed. This is com-
monly the case for all but smallerssgms. Figure 8-1 shows a distri-
bution system with a single chilled-water pump, while Figure 8-4
shows a system with both primary and secondary pumps.

Preliminary modeling for construction cost and energy cost
estimating and space considerations may be further developed by
selecting a typical terminal itn pump, chiller, and boiler/heat
exchanger. From this system model, the all-water concept can be
compared to other concepts bynsaering initial cost, energy cost,
performance capabilities, maintenance requirements, acoustics,
longevity, and space needs according to the Owner's Project
Requirements. This preliminary design and evaluation, concluding
with a recommendation (usually during the schematic phase of
building design, as explained iBection 2.3), will facilitate the
approval of the final system selection by the owner.

8.12.5 Final Design

The final design process proceeds as follows:

e Calculate room cooling and heating loads.

¢ Select terminal units basedarpestablished criteria for space
configuration, supply water terapature, sound pressure levels,
cooling and heating loads, and air distribution.

e Select terminal control package.

« Design system controls and instrumentation.

¢ Finalize block cooling and heag loads and incorporate them
with other system loads to determine required total building
refrigeration and heating capacity.

« Determine system water flow(s).

< Finalize flow diagram and pipg distribution layout, delineat-
ing service valving and providing for water expansion, air vent-
ing, and makeup and pipe drains.

e Size piping, including condensate piping.

¢ Analyze and provide for contited pipe expansion, including
anchor points, guides, and expansion bends or joints.

e Determine water system pressure loss and select pumps, heat
exchangers, and other accessory equipment, such as strainers
and filters.

« Define extent, thicknesses, and type of pipe insulation.

e Incorporate equipment, components, materials, and systems
into the commissioning plan.
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CHAPTER 9
SPECIAL HVAC SYSTEMS

9.1 DESICCANT SYSTEMS
9.1.1 The Context for Desiccant Dehumidification

Control of maximum relative lmidity in a space is important
for both thermal comfort and indo air quality (particularly with
respect to mold/mildew development). Maintaining active control
of humidity can, however, have a huge (and negative) impact on
building operating costs. Sevem¢siccant-based enhanced dehu-
midification approaches can piide better space humidity control
using less energy then conventional cooling-coil-based systems.

Concerns over moisture management in HVAC system design
were brought into focus wheANSI/ASHRAE Standard 62-1989,
Ventilation for Acceptable Indoor Air Qualjtincreased outdoor air
ventilation requirements by nearly four-fold. This change vividly
raised awareness of the impact of humidity control in air-condi-
tioned buildings in humid climates ¢iKar et al. 1998) and led to the
emergence of many alternative cooling system designs with
enhanced dehumidification components.

The availability (since 1997) of improved design weather data
addressing humidity and dew pbifHarriman et al. 1999) in the
ASHRAE Handbook—Fundamentalsd the quantification of out-
side air dehumidification loads (Hanan et al. 1997) have made it
more straightforward to determine a building’s moisture removal
design needs, especially thosgimrating from the introduction of
outdoor air. The updated design weather data often resulted in a
lowering of traditional dry-bulb temperatures while increasing the
latent (moisture) content of thetdoor air. The newer data allowed
for better accounting of the cooling capacity required to condition
outdoor air and also showed a need for lower sensible heat ratio
(SHR) equipment.

213
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The problem of moisture control becomes even more challeng-
ing with “green” building designs because these buildings typically
have significantly reduced sensible loads. Electric lighting loads are
significantly lower, solar loadgrough glazing are usually greatly
reduced, and envelope loads in general are reduced. This results in a
situation where sensible loads are lowered but latent loads (internal
loads from people especially) are not changed. This pattern reduces
SHRs.

Taken together, these converging trends require HVAC&R sys-
tems with lower system SHRs order to provide acceptable con-
trol of humidity. Experience has shown many HVAC systems in
non-desert climates require partdo&HRs in the 0.4 to 0.7 range
for good space humidity control. Constant volume, fan-cycling DX
systems are the most challenging for maintaining humidity control.
A number of the special systems in this section can address these
concerns. See Acker (1999) fodatailed review of dehumidifica-
tion system options and performance.

9.1.2 Cooling Coils and Dehumidification

To control humidity, a conventional cooling coil lowers the
temperature of an airstream below the supply air dew point in
order to condense water vapor into liquid that is drained away.
This is a two-step process. The first step involves only sensible
cooling (lowering the air dry-bulb temperature) and then, once the
air is saturated, the second step involves simultaneous sensible
(temperature reduction) and latent (dehumidification) cooling.
There is no way for a single coil to decouple these two (sensible
and latent) process elements.

A coil needs to cool supplyraio a dew point low enough to
control the space humidity. Condj coils are typically controlled by
a thermostat. When zone temperature control is satisfied, the unit
coil (and/or fan) is turned off. Ifaough sensible load has been sat-
isfied, the system may not have provided the necessary dehumidifi-
cation. If the thermostatic contris overridden and zone humidity
is used to control the coil, the space will be overcooled. To avoid
subcooling under such circumstances, reheat is often applied.
Reheat using “new” energy is a very energy-intensive and wasteful
solution and is commonly prohibited by building (energy) codes.
Free reheat, however, is often available.

There are several cold-coil-réd@ air-conditioning options that
offer better part-load SHR contrdbome of these options include
VAV, dual-path coils, face and bypass dampers, and using “free
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reheat” from the compressor of ttigiller. Nevertheless, all of these
systems are limited by the coil leaving dew-point temperature. The
space conditions can go no lower then the supply air dew point.
Low-temperature cold-coil systernan do a good job of controlling
space dew point. The typical coldicsystem temperature is 48°F
[8.9°C] for DX/CW systems, with the potential to go to 40°F
[4.4°C] for chilled-water system#iospital operating rooms are a
common application for such a system.

Options such as “wrap aroundkries coil loops, plate heat
exchangers, and heat pipes significantly improve cold-coil part-load
dehumidification performance byaarooling air before it enters the
coil and then reheating the airtexf leaving the coil (as shown in
Figure 9-1). Although very effage, these arrangements have the
fundamental limitation of the coldoil—the supply air dew point
can be no lower than thptoduced by the cooling coil.

Series sensible dehumidification is a common option for 100%
outdoor air ventilation units that produce “room neutral air,” as
operating costs for this approaate generally lower than for stan-
dard cold-coil/reheat units. Room neutral air delivered to a space,
however, often needs to be funtle®oled by another system. Elimi-
nating this need would lower the overall air-conditioning system
energy consumption.

9.1.3 Desiccant Systems

If humidity needs to be independently controlled and/or con-
trolled to low levels, desiccéienhanced systems are a viable
option of increasing popularity. Becant dehumidifiers apply sor-
bent materials (such as silica geltihave a high affinity for mois-
ture to remove water vapor ditgcfrom an airstream. The moisture
is held inside the porous struatusf the desiccant. During the sorp-

SERIES TRANSFER (UPSTREAM TO DOWNSTREAM)

Figure 9-1. Series sensible dehumidification (courtesy of Trane).
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tion process, the airstream is dried but also warmed as the desiccant
material converts the latent moistload into a sensible heat load.
The sorption process can be reversed, with the collected moisture
inside the desiccant material beuhgsorbed and released as a vapor
into another airstream via a regeneration process that involves heat-
ing the desiccant to a higher temperature.

Desiccants can be in solid ljeel) or liquid form. The most
common implementation of solid desants is in a rotary dehumid-
ifier with desiccant-matrix-impgnated channel surfaces that come
in intimate contact with the passing airstream. Most commercial
HVAC&R desiccant applications use a solid-desiccant, wheel-
based system.

9.1.4 Desiccants

A detailed review of desiccants and their properties is pre-
sented in the “Sorbents and Desiccants” chapter ilABIdRAE
Handbook—Fundamental3he discussion that follows is limited
to highlighting certain material prepties to assist in understanding
resulting desiccant dehumidifier performance. Desiccants are avail-
able in either liquid or solidorm. Only the more common solid
desiccant form (used with wheels) is discussed here.

Solid desiccants (such as siligal) can absorb anywhere from
20% to 40% of their own dry weig in moisture. These materials
utilize atomic and electrostatic forces to attragOHmolecules to
microscopic pores within their strture. The water inside the desic-
cant pores is in a sorbed statamitar in energy content to liquid
water but without its bulk propges. The desiccant material con-
verts the latent moisture load to a sensible heat load during the
sorption process. In fact, the process releases heat in an amount
somewhat greater than (~1.01t@ times) the heat of condensation.
The exact magnitude of the reledsenergy, known as the heat of
sorption, depends in great partoapthe isotherm properties of the
desiccant (which relate the equilibrium moisture content of the des-
iccant to the surrounding water vapor pressure).

Desiccant isotherms are cldssd by Brunauer Type, with
Types | and Ill representing thetexmes in equilibrium relation-
ships. Type | behavior is characterized by significant moisture
uptake, even at lower water vapor pressures or at low relative
humidity on a given temperature isotherm. Type Ill behavior is
characterized by significant moisture uptake only at higher water
vapor pressures or at high relative humidity on a given temperature
isotherm. Type Il desiccants tend to exhibit a heat of sorption close
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to the heat of condensation. Type | desiccants tend to exhibit a heat
of sorption fractionally highethan the heat of condensation.
Generic desiccant isotherms are shown in Figure 9-2.

9.1.5 Parallel Desiccant Systems

Desiccant wheels can be configuiagbarallel or series airflow
configurations. Parallel desiccant systems have been around for
some time. A desiccant wheel rotates between a process (often a
supply) air path and a regeneration air path. The regeneration air
can be heated or unheated air that is used to drive water vapor off
the wheel. When the wheel rotates from the regeneration stream
into the process airstream, theegh dries (and heats up) the pro-
cess air.

Heated regeneration air typically lowers the process airstream
dew point to a target value edliahed by design requirements. In
an operating room, for examplinhe required dew point can be as
low as 40°F [4.4°C], which can be difficult to achieve using stan-
dard cooling coils. The regeneration air can originate from outdoor,
return, or exhaust airstreamschase its conditioning capacity is
provided by the addition of heat from an external source. The heat
drives the moisture out of thikesiccant medium, permitting the des-
iccant to accept more moiseufrom the process airstream.

Unheated regeneration air is typically discarded return or
exhaust air used to pretreat intog outdoor air prior to further
conditioning. Unheated regeneratiaim has an inherent condition-

HIGH 1 !

TYPE | DESICCANTS

ABILITY TO
HOLD WATER
VAPOR (AT
T5F [24C]

TYPE |l DESICCANTS

TYPE Il DESICCANTS

Low v r 4
0 20 40 60 80 100
RELATIVE HUMIDITY (%)

Figure 9-2. Typical desiccant isotherms (courtesy of Trane).
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ing capacity compared to incoming outdoor air. Desiccant acts as
the medium through which this macity is transferred from the
return/exhaust airstream to thatdoor airstream without the input

of external regeneration heat.

There are many parallel desiccant wheel configurations.
Figure 9-3 shows a parallel wheel upstream of the cold coil and
Figure 9-4 shows representative system performance at summer
design conditions.

A desiccant wheel located downstream of the cold coil can
dehumidify supply air to an equally low dew point and requires less
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& ;
4 ;' RG”
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=
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Figure 9-3. Schematic showing parallel desiccant wheel with heated
regeneration air upstream of cooling coil (courtesy of Trane).
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Figure 9-4. Performance of an upstream parallel desiccant wheel with
heated regeneration air (courtesy of Trane).
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recooling—perhaps none—becaubke leaving dry-bulb tempera-
ture is not as high. Figure 9-5 shows a parallel wheel downstream of
the cold coil and Figure 9-6 shows system typical performance.

The downstream sensible hdaad produced by the parallel
desiccant dehumidification process, combined with its additional
requirement for regeneration hehas traditionally limited its con-
sideration to special applications in industry with moisture-sensi-
tive process and storage requirements involving

« arelative humidity (RH) of 45% or lower or
e adew-point temperature of 45°F [7.2°C] or lower.

3400 CFM [1604 L/S] — :
W = ]
- y RG"” RG’ I'l RG

_ 4 g 7o <
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3 CA’
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_—
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Figure 9-5. Schematic showing parallel desiccant wheel downstream
of cooling coil (courtesy of Trane).
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Figure 9-6. Typical performance of a downstream parallel desiccant

wheel (courtesy of Trane).
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As target humidity levels go lower, desiccant dehumidifica-
tion with heated regeneration air can achieve more operating
advantages, including higher moisture removal rates per unit of
airflow, than condensation-based systems without the need to
address cooling coil icing when approaching freezing dew-point
temperatures or below.

System designs incorporating desiccant dehumidification are,
however, still evolving into energy-efficient configurations. Earlier
designs often located the desiccdahumidifier as the first compo-
nent in the outdoor airstream poetreat outdoor air directly. More
recent designs place the desiccant dehumidifier downstream of the
cooling coil, yielding a much mme energy-efficient approach.

9.1.6 Parallel Desiccant Application Considerations

Heated regeneration in parallel desiccant applications typically
occurs between 120°F and 25099°C and 120°C]. The principal
benefit of parallel desiccant drying requirements is the ability to use
“free” heat and nonrefrigerated water. Lower operating costs result
when the regeneration is not pided by expensive heat sources
(via purchased energy) but by relatively inexpensive thermal energy
resources, such as reject h#zatn building equipment, air-condi-
tioner desuperheater/condenser heat, or industrial waste heat
(USDOE 1999). On the cooling sidemoving the heat of sorption
using nonrefrigerated water from a cooling tower, evaporatively
cooled building exhaust air, avell water is less expensive than
cold-coil removal.

Heated parallel desiccant system operating costs are greatly
impacted by the cost of the regeneration heat source. As pur-
chased energy costs (especially gas prices) rise, this will become a
key design issue. Other issues—including system control com-
plexity, multiple fans (two othree per unit), high pressure drop
across the desiccant wheel, cross-leakage, and cross-contamina-
tion—also impact system economics. Computer simulations of
building/system performance using an hour-by-hour energy anal-
ysis program with humidity storage modeling can provide insight
into system energy and life-cycle cost viability. Regardless of
energy and cost benefits, cross-contamination between the regen-
eration and process airstreams can occur, which may make desic-
cant dehumidification unsuitable for some applications (such as a
hospital operating room).

Parallel desiccant systems are competitive in special low-
humidity applications, such asgimaceutical and electronic manu-
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facturing areas. Another competitigpplication is in dual-path sys-
tems where the parallel desiccant unit is a 100% outdoor air unit
that dries air to a 35°F to 45°E.7°C to 7.2°C] dew point. This dry

air generally provides all the latecooling the building requires.
Separate systems, such as fan-amileeat pumps, provide the nec-
essary space sensible cooling.

9.1.7 Series Desiccant Systems

Several recent innovative designs place the desiccant dehumid-
ifier wheel in series or “wrappestound” (via ducting) the cooling
coil to enhance cold-coil dehumidification performance. Some of
these series enhanced dehumidification systems now represent an
emerging best practice for achieving lower system SHR while
maintaining high COP. Series desiccant units have just one path and
typically use one duct system aode fan. Figure 9-7 shows an air
handler with a series desiccant wheel.

A Type 3 desiccant wheel rotates between the coil-entering and
the coil-leaving airstreams. In a mixed-air unit, the incoming air
(see Figure 9-8) to the first stage of the wh&BA) regenerates the
wheel MA). When the wheel rotates into the supply airstream
downstream of the cooling coiC@), the wheel dries the air and
provides some rehedbf). The cold air latent and sensible capaci-
ties are more balanced, giving a typical SHR of 0.5. TAsupply
air is significantly drier than wodlbe the case simply considering
the coil temperature. Without the wheel, the cold coil would have to
be at temperatur€A and then be reheated to poBA

Compared to cold-coil systems, the principal benefit of series
desiccants is a reduction in the air-side energy (smaller cooling
coils), a lower refrigeration loaénd reduced electrical consump-

L]

[ ] z MA'

Figure 9-7. Series desiccant wheel configuration (courtesy of Trane).
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Figure 9-8. Mixed-air series desiccant system performance (courtesy
of Trane).

tion for the refrigeration equipmedue to the higher coil leaving
air temperature. This arrangement is a fairly simple system.

Series wheel regeneration can occur at any temperature, as
long as there is a significant difference in the relative humidity
between the return (or mixed) air and the supply air. Typical regen-
eration temperatures are in thefl8@o 80°F [16°C to 27°C] range.
Series desiccant systems typicgilpvide good payback when the
desired space dew-point temperature is in the 25°F to 50°F [-4°C to
10°C] range.

Series desiccant wheels are splif50 to keep air-side pressure
drops low (typically around 0.5 tb in. w.g. [125 to 249 Pa] static
pressure). Wheel control is fronspace humidistat; if above the set-
point, the wheel is on, and if below the setpoint, the wheel is off. A
series wheel can be configured for 100% outdoor air, but a good
energy-saving idea is to add aresgy wheel as shown in Figure 9-9.
Depending upon the outside cliraathis arrangement can reduce
the coil loading up to 30%.

Series desiccant wheels cangrevided as an enhancement to
a standard rooftop system or handler. The system can be incor-
porated into either a constant volume or VAV system. As a one-duct
system it is easy to integrate irgtandard unit controls. Depending
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Figure 9-9. Series desiccant application with an energy wheel (cour-
tesy of Trane).
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upon the cold-coil temperature, series desiccant wheels can dry the
supply air to the 30 to 50 gr/ll#.3 to 7.2 g/kg] range. This low
humidity level can generally provide all the latent cooling a build-
ing requires.

Return air relative humidity is a concern with this system
arrangement. If the RH is too high to absorb water, a lower cold-
coil temperature or a first pass @i preheat to lower the incoming
relative humidity will be neededhis preheat wheel can use “free”
condenser heat, but it does addil load and, thus, should be
avoided wherever possible.

9.1.8 Series Desiccant Applications

Series desiccant systems are typically used in all-air system
applications—including, among others, operating rooms, museums
and archives, supermarkets, and schools.

As with parallel configurations, a computer analysis of the
HVAC&R system and building using an hour-by-hour energy simu-
lation program that incorporates humidity storage modeling is nec-
essary to determine system payback. Such analysis must include all
relevant systems in the buildingdaaddress overall, as well as com-
ponent, energy consumption and capacity.

For further information on destant applications and related
systems, see the “Desiccant Detidification and Pressure Drying
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Equipment” and the “Air-to-Air Eergy Recovery” chapters in the
ASHRAE Handbook—Systems and Equipment

9.2 THERMAL STORAGE
9.2.1 General

Energy efficiency can involve using less energy, but it can also
mean using energy more effectiweThermal storage allows cool-
ing to be produced at night foraughe following day (typically dur-
ing times of peak demand). This improves efficiency for utilities
because it allows them to sex@imore customers with the same
generating capacity and/or flattenat their production profiles. The
resulting lower cost of utility opation can be passed on to custom-
ers in the form of lower rates—pigularly for off-peak consump-
tion. See Section 2.8.5 for a discussion of utiliyes. Thermal
storage, as such, is not neceygaan energy-efficiency measure
but, rather, a cost-saving technéqut can save the building opera-
tor money in several ways:

e By decreasing or eliminatinghiller operation during utility
peak periods, demand charges are reduced.

e By displacing energy use from peak to off-peak periods, a
lower energy charge may be incurred.

e Some electric utilities promote thermal storage by offering an
incentive for displaced power, which can amount to several
hundred dollars for each kilowtanoved from peak to off-peak
demand.

It is wise to investigate whether thermal storage can be advan-
tageous for a particular projegtmong the applications most favor-
able to thermal storage are birlgs with high cooling demands of
short duration, additions to existing buildings, and projects in the
service area of utilities with gendian capacity problems and, con-
sequently, high demand chargessitritical that the load patterns
of a building considered for a thermal storage installation will not
change significantly. If a church is designed for intermittent use
with thermal storage, it may not be suitable for future use as a
round-the-clock emergency shelt€onsider also that future utility
rate changes can alter the opeigteconomics of thermal storage.
Of course, this statement applies to many system selection deci-
sions where uncertainty plays a role.

For a more detailed discussiontbérmal storage, see the “Ther-
mal Storage” chapter in tRSHRAE Handbook—HVA&pplications
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9.2.2 Design-Day Cooling Load

Thermal storage systems require a different method of cooling
load analysis. In systems without thermal storage, only the maxi-
mum instantaneous cooling loaccEculated for system sizing pur-
poses. Capacity-control devices then allow the refrigeration plant to
follow the building load profile during periods of lower demand.
No analysis of daily cooling loads is necessary (unless for energy
consumption estimates). With thermal storage systems, however,
the cooling requirement for evehour of the design day must be
calculated. In Figure 9-10 for example, the base load is seen to vary
from 13 tons [46 kW] at 8:00 a.rto 20 tons [70 kW] between noon
and 6:00 p.m. After some lightirend air handlers are turned off,
the load drops to 10 tons [35 Rwhtil the cooling systems are shut
off at 8:00 p.m. At this point, thdaily load would appear to inte-
grate to 205 ton-hours [720 kW-hours].

It would be a mistake, however, to assume that this represents
the entire cooling load. In reality, theaee continuing loads of three
types. One originates from continuously operating heat sources
such as emergency lighting and plogds such as computers. The
second derives from thermal mdssncrete floors, walls, and fur-
niture), which absorbs radiant héatm lighting and solar radiation
and releases it during unoccupied periods. The third involves mois-
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Figure 9-10. Variation of cooling load during the day.
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ture flows from outdoor air (unless completely shut off) and from
moisture stored in building matals and furnishings (not yet a
well-documented phenomenon). éde loads must be removed
from the building prior to occupancy. They are usually handled with

a precooling/predehumidifying cyelthat starts the cooling plant
before occupants arrive. In this example, the aggregate of these heat
gains is calculated to be 35 tbours [123 kW-hours]. The total
daily cooling load is therefore 205 + 35 or 240 ton-hours [720 +
123 = 843 kW-hours]. Only now cdhe designer begin to select a
thermal storage solution.

9.2.3 Design of Storage and Cooling Plant

A conventional refrigeration systeraquires a unit with suffi-
cient capacity to handle the largesoling load and a capacity con-
trol arrangement to handle all lesser loads. From Figure 9-11, a
20 ton [70 kW] unit starting at 6:00 a.m. and following the cooling
load profile would manage the load until the refrigeration system is
shut off at 8 p.m. Each squareden the cooling load profile repre-
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Figure 9-11. Cooling equipment operation options to match the
instantaneous load of Figure 9-10.
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sents one ton-hour [3.5 kW-houBYy counting squares, it can be
seen that the cooling system shprovide 240 ton-hours [843 kW-
hours] during the day. A 20 ton [70 kW] capacity unit operating
over 14 hours is one solutioA 10 ton [35 kW] unit operating
through 24 hours, however, can also provide the needed capacity.

Trying to cover the daily cooling load with a 10 ton [35 kW]
unit requires 100 ton-hours [35kKMW-hours] of stored cooling
between 6:00 a.m. and 6:00 p.m. to help the smaller sized cooling
unit deal with the load. This new distribution of cooling capacity
may not be the least expensive, but it accomplishes a useful func-
tion by reducing electricity demd, since a 10 ton [35 kW] unit
will use less power during the tinté peak demand than a 20 ton
[70 kW] unit. This system is referred to partial storagebecause
it is only large enough to help amder-peak-sized cooling unit get
through the day.

If a refrigeration plant needs to be shut down entirely during
the daytime to avoid high demand charges, the storage must be
enlarged to handle the entire ting load, as shown in Figure 9-12.
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Figure 9-12. Cooling equipment off-peak operation to satisfy load of
Figure 9-10.
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Now the system is referred to fadl storagebecause it can store the
entire daily cooling demand &40 ton-hours [843 kW-hours]. If
the electric utility’s peak perioddés from 6:00 a.m. until 8:00 p.m.,
ten hours are left for the cooling unit to generate the full storage. In
this case, the refrigeration unit would need a capacity of
240 ton-hours/10 hours, which equals 24 tons [843 kW-hours/
10 hours = 85 kW]. In this caswhich is typical, full storage is
costlier to install than partial@iage because both the refrigeration
plant and the storage are larger.

Storage is particularly viable when serving cooling loads of
short duration. It is critical to th&uccess of this approach that loads
be accurately assessed during gieskigure 9-13 illustrates the load
profile for a church that requse300 ton-hours [1055 kW-hours] of
cooling for the entire week. Conventionally, this would require a
75 ton [265 kW] unit operating fdour hours on Sunday morning. If
storage were provided, a 2 ton#/] ice builder operating continu-
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Figure 9-13. Typical cooling load profile for a church.
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ously could serve the load with 36 ton-hours [125 kW-hours]
remaining for storage lossesoifin the ice/chilled-water tank
(Figure 9-14). This solution nainly reduces electric demand but
may reduce initial cost as well. #d, consider that the three-phase
service required to drive a 75 tf##65 kW] unit may not be available

in some neighborhoods.

Another situation might involve a coliseum that can be main-
tained in the comfort zone without people or lighting using
200tons [700 kw] of coolig but which requires 2000 tons
[7035 kW] operating for four ha's to serve 25,000 people during
concerts (Figure 9-15). The conventional approach would involve
the purchase of 2000 tons [7035 kf refrigeration to operate
four hours per day at full loaahd 20 hours per day at 10% capac-
ity. A thermal storage approach would manage the same
12,000 ton-hour [42,200 kW-hour] daily requirement less expen-
sively with a 500 ton [1760 kW] cooling plant operating around
the clock.

9.2.4 Sizing and Location of Storage Tanks

Storage tanks of 50,000 gallons [190,000 L] or less are usually
constructed of steel or reinforcpthstic. Larger tanks are generally
constructed more inexpensively adncrete. The cost of the tank is
an important consideration for water storage systems because of the

1 CHURCH N

ICE MAKER
|_—

Figure 9-14. Thermal storage installed in a church.
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Figure 9-15. Typical cooling load for sports arena.

large volume required. Storagelwme is a function of the amount

of cooling to be stored. This oftavorks out to be between 0.5 and
1.0 gal per ft [20 and 40 L per ﬁj of conditioned space for water
storage and to about 25% of tlwatpacity for ice storage. Because

of its bulk and weight, storage frequently located in or under a
basement or next to a building. @ other hand, “topside” storage
eliminates the energy required transfer chilled water from open
storage containers into basement piping circuits pressurized by the
static head of the building (seettiThermal Storage” chapter in the
ASHRAE Handbook—HVA&pplications.

9.2.5 Chilled-Water Storage Circuitry and Control

Figure 9-16 shows the elements of an appropriate control sys-
tem for chilled-water storage. ©athe demand limiter has been set
for the chiller, it provides chilledvater at a constant temperature
but at some fraction of full-gecity flow. The demand-limiting
device forces the control valve shift more flow to bypass. This
reduces the inlet temperature te tthiller and causes it to operate
using less energy. The balance of the chilled water required by the
load is drawn from storage. System demand for chilled water is
based upon the position of throttiivalves at the coils. These, in
turn, may be controlled by thermast in the airstream leaving the
coils. The total flow is regulateldly a pressurestat, which controls
the pump with a variable-speed motor or bypass control. In some
cases, there may be an override control to maintain the temperature
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Figure 9-16. Control schematic for typical chilled-water storage sys-

of water returning to storage. Ahown, the controls maintain the
design supply and return water temperature to ensure that the stor-
age retains its rated capacity. The pressure-sustaining valve should
be controlled from a pressurestatated at the high point of the
system and set for some minimumsjiive pressure, such as 5 psi
[240 Pa].

9.2.6 Ice Storage Concepts

The idea of chilling water and storing it in tanks is straightfor-
ward. By comparison, techniques for ice storage are more varied
and complex. One widely applied ice storage system consists of
refrigerated pipe coils submerged in a water tank. During charging,
ice builds on the coils, and duridigscharge, chilled water circulat-
ing through the tank melts the id&nother type of ice storage mod-
ule is made so thdtcan be frozen and thawed by circulating brine
through coils in cylindrical water tanks. Advantages claimed for
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this technique include the fact that melting and refreezing always
take place adjacent to the piping instead of remote from it. Other
types of ice storage consist of harvester or shucker ice packages,
which generate ice to be storedaim insulated ice bin. Ice is frozen

to a thickness of approximateB/16 in. [5 mm] on refrigeration
plates that are up to 7 ft [2.1 m] long. A defrost cycle releases the
ice, which then drops into a stomtpnk. As far as the refrigeration
cycle is concerned, this type efjuipment can be packaged in sizes
up to 400 tons [1400 kW]. The tamian be of any size to suit the
process. lllustrations and operating cycles for these and other ice
storage types are found in theH&@rmal Storage” chapter in the
ASHRAE Handbook—HVA&pplications

9.2.7 Economic Analysis of Storage Options

Analysis of the design-day cooling load profile shown in previ-
ous sections is sufficient to det@ne tentative values for storage
and cooling plant sizing, as illuated in the examples given above.
A more thorough analysis, however, is required to determine the
economic feasibility of a thermal storage project. This is preferably
done using hour-by-hour analysis over an entire year, taking into
account the applicable electric utility rates. As a minimum, the
analysis must include consideratiof a representative day for each
of the four seasons because optimuse of cool storage requires a
strategy to minimize the electric demand of the chiller during peak
periods. Therefore, storage operation varies from month to month
as a function of the daily coolidgad profile and the monthly util-
ity billing demand, which is not wessarily identical to the actual
monthly peak demand. The entieéectric demand of a building
(not just the cooling plant demand) must be included in economic
calculations to obtain the optimutrade-off point between chiller
and storage size.

For example, Figure 9-17 illustrates a 500 ton [1760 kW]
chiller managing a 12,000 ton-ho4r2,200 kW-hour] cooling load
on the hottest day of the yedrhe chiller and 7000 ton-hours
[24,620 kW-hours] of storage are both being used to full capacity.
In October, the maximum cooling day requires only 9000 ton-hours
[31,650 kW-hours] (Figure 9-18). Thui§ the storage is used to its
full extent, the chiller can be limideto only 200 tons [700 kW] of
input capacity. It would be normal to leave the chiller at the 200 ton
[700 kW] setting for other October days with lesser cooling
requirements because the chillemdand has already been created,
and the more cooling that is gertehand directed to load, the less
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Figure 9-17. A 500 ton [1760 kW] chiller and partial storage satisfying
12,000 ton-hour [42,200 kW-hour] demand on summer design day.
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Figure 9-18. A 500 ton [1760 kW] chiller and partial storage operating
on an autumn day.

is lost through storage. Forebe lower-load days, the operator
would precharge the storage onlymasch as needed to get through
the day, since partial prechargihglps to limit storage losses. An
exception to this procedure would involve daily use of the entire
storage when off-peak rates were sufficiently lower (by, for exam-
ple, 2¢/kWh or more) to overcontiee penalty of transfer pumping
energy. In January, this partistiorage system may be operated as
full storage since the maximum cooling demand may be less than
can be generated entirely off peak (Figure 9-19).

Some designers combine ice storage with a low-temperature
air distribution system (see Section 9.3.8) to take advantage of the



234 SPECIAL HVAC SYSTEMS

1838
[ 1 JANUARY
800 | ON PEAK COOLING
[2815]| pEmAND = 0 kW
BOO L e e
i [2110] r |
2 00 ' [
8 [1410][ | |
3000 TON | 6000 TON [21,100 KW] HOURS 3000 TON
200 [10,550 kW] | (10,550 kwy
[705] HOURS I | HOURS
0 i | i i i |
M 4 8 N 4 8 M

TIME OF DAY

Figure 9-19. A 500 ton (1760 kW) chiller operating with full storage on
a winter day.

lower air temperature available from ice storage. Bhansali and Hit-
tle (1990) compared a varietyf VAV systems with economizer
cycles in five climates under fodifferent utility tariffs. In spite of
additional energy use (20% to 45%)e combination of ice storage
and cold air resulted in lower mmal utility costs than ice storage
with conventional-temperature air, or regular chiller operation with
conventional air or with cold air, for all cases investigated. Chillers
will operate at a lower COP iffher kW/ton [kW/kW]) while mak-

ing ice because of the requirktver supply temperatures.

9.3 ENERGY-EFFICIENT SUBSYSTEMS
9.3.1 Introduction

In earlier times of plentiful and cheap energy, HVAC designers
found it expedient to plan systemwith generous air circulation
rates to maintain a good sensawfmovement for occupants. They
also provided generous ventilation rates for the dilution of airborne
contaminants. Less thought was given to achieving these effects
with the least possible energy use because energy costs constituted
a relatively small part of a building’s operating budget. The energy
disruptions of the 1970s led tdiandamental reappraisal of the role
of energy use in buildings and haa/design new systems to mini-
mize energy use.

Pre-energy-crisis commercial illings were found to be con-
suming anywhere from 60,000 to 300,000 Bfuyft [682,000 to
3,408,000 kJ/myr] with an average of, perhaps, 160,000 Bu/ft
[1,818,000 kJ/rf yr]. Pursuit of energy-efficiency modifications
subsequent to the 1970s redd this to around 40,000 to



AIR-CONDITIONING SYSTEM DESIGN MANUAL 235

150,000 Btu/ff yr [454,400 to 1,704,000 kJfyr]. New buildings

are typically targeted in the range of 30,000 to 85,000 Igtyfft
[341,000 to 956,000 kJﬁryr] depending upon building type and
design intent. The specifics of building energy use are climate-,
function-, and design-specific aade fairly dynamic. Reductions in
building energy use seem to have leveled off recently, and substan-
tial improvements in lighting efficiency have been supplanted by
increased plug loads. In any event, HVAC&R systems are responsi-
ble for a good percentage difuilding energy consumption—
accounting for perhaps 40% of primary energy consumption. To
understand the design philosophy of energy efficiency, it is useful
to examine what was wastefub@ut older designs, what has been
done to improve existing systems, and what is considered appropri-
ate for new systems.

Itis energy efficient to allow #hspace temperature to rise above
design conditions in the summer and float downward in the winter
during unoccupied hours. This ynbe done simply by resetting the
zone thermostat (or temperaturesar) automatically or manually.
When there are a humber of zones in a building, however, some of
which are occupied while othesse unoccupied, a more complex
control system is required. Modulaquipment, variable-speed fans
and pumps, reset controls for hemtd chilled water, zone control
valves or mixing boxes, and unitary equipment are options to
accommodate varying occupancy pesilor varying loads due to the
exterior environment or building e@sIin humid climates, control of
space dew point during off-cyclperiods should be considered.
Uncontrolled off-cycle humidity can potentially lead to mold/mil-
dew problems and/or duct sating during system start-up.

9.3.2 Simple Systems

Many constant-volume systems were set up to both heat and
cool a zone (Figure 9-20). Coolieguld be provided totally by out-
door air when the exterior air temperature was below 55°F
[12.8°C], with help from mechanical refrigeration between 55°F
and 70°F [12.8°C and 21.1°C], and by refrigeration alone above
70°F [21.1°C]. While this systewffered comfort for occupants, it
wasted heating energy when treom conditions were such that
55°F [12.8°C] air proved to be docold and the heating coil was
activated to increase the supply air temperature to maintain com-
fort—thus, this system arrangent is no longer permitted by most
energy codes. Figure 9-21 illustea how a room thermostat can be
modified to control the mixed air directly. This avoids overcooling
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HVAC system modified to eliminate parasitic heating.

the zone and eliminates the paraditéating inherent in the system
control depicted in Figure 9-20.

9.3.3 Discriminating Temperature Controls

In Figure 9-22, a ductstat (a thermostat located inside a duct)
sequences outdoor air (economizer operation) and then mechanical
cooling to maintain a low, base supply air temperature to a reheat sys-
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Figure 9-22. Conventional temperature control.

tem serving more than one zone. Reheat coils respond to zone ther-
mostats to increase this base supply air temperature, if required, to
match the actual cooling requirement in each zone. The problem with
this scheme is similar to that withe previous one—most of the time
many of the zones will likely not require air as cold as the base sup-
ply air temperature, which was selected to meet a maximum zone
design condition. A solution to reduzheat use is to “discriminate”

the supply air temperature to respondeedback from the zone ther-
mostats, as is seen in Figur@®- The supply air temperature will
now be provided only as low as the temperature required for the zone
with the greatest cooling load. Parasitic reheat will be a fraction of
what it was with a fixed supply temperature control.

This concept of discriminating controls applies equally well to
most basic HVAC systems. Forample, multizone deck tempera-
tures need be only as high orlaw as demanded by the greatest
zone requirement for heating or cooling. The hot and cold supply
temperatures of a double-duct ®stneed only deviate from room
temperature as required by the greatest call for heating and cool-
ing—a situation usually marked by an extreme valve or damper
position in one of the many zoneThe air and water temperatures
for all systems should be responsive to feedback from zone controls
so that the least possible energy is required to provide comfort. In
this way, flexible zone tempera&icontrol can be provided with a
minimum of parasitic heating and cooling.

9.3.4 Eliminating Energy Waste in Simple Systems

An ideal HVAC&R system would use the least possible energy
for air and water circulation and igerate only the amount of heat-
ing and cooling necessary to afsspace heat losses and gains.
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Figure 9-23. Discriminating temperature control to minimize reheat.

Reheat energy for temperature control, used extensively in the past,
would be eliminated because it adds to both heating and cooling
requirements. How can such an ideal system be constituted?

First, the amount of air and water circulated should be only that
needed, at any given instant, to convey the heating or cooling energy
required to meet the loads ofspace. This statement involves two
cautions. It is wise to circulatedequate air to provide occupants
with a sensation of air movemena minimum of 2 air changes per
hour is often considered appr@te. In addition, outdoor air as
specified by Standard 62.1 (or 62.2) must be provided to ensure
acceptable indoor air quality. Abke these comfort and indoor air
quality minimum air changes, cir@ilon rates will vary to match
fluctuating loads. Second, the hgaherated must be only enough to
serve the aggregate zone heatimgds, and the cooling generated
must be only enough to serve the aggregate zone cooling loads. If
these concepts are applied to the simple system shown in Figure
9-20, the zone thermostat would reduce the volume of air being cir-
culated as the zone temperature is satisfied. This would optimize fan
energy consumption. Whenehminimum acceptable air change
value is reached, the thermostat would have the ability to adjust the
supply air conditions so that the space is not overcooled. Care needs
to be applied to be sure that the adjusted supply air conditions can
control both the space temperatand humidity in the summer.

Designers may recognize a flaw in the above because air that is
not cooled to around 55°F [12.8°@jay carry too much moisture to
be able to maintain a desired space relative humidity of 55% or less.
Figure 9-24 illustrates control modifitions that act to conserve fan
energy while preserving minimum air circulation and a satisfactory
relative humidity in a space. Thieturn air bypass ensures that no
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Figure 9-24. Control modifications for energy efficiency.

moisture-laden outdoor air circumvents the cooling coil. Variable
supply airflow allows reductions in fan energy down to a defined
minimum rate of air circulation. Ithis scenario, mechanical cool-
ing would be initiated when the outdoor air temperature rose to
above 55°F [12.8°C]. As spacariperature drops below setpoint,
the thermostat would first throtttbe volume of 55°F [12.8°C] air

to the minimum setting and therisa the supply air temperature by
opening the return air bypass.erair mixing and bypass air damp-
ers must be provided with the minimum outdoor air volume for
acceptable indoor air quality.

9.3.5 Eliminating Reheat in Multizone Systems

Historically, the multizone HVAC system has wasted substan-
tial energy. In many cases, deck temperatures were permanently set
to satisfy the greatest winter heating requirement and the greatest
summer cooling requirement. famatic discrimination of deck
temperatures to suit real-time zone demands can do much to reduce
parasitic losses related to the mixing of airstreams at unnecessary
temperatures, but total eliminatioficooling and heating waste can
only be achieved by adding a bypass deck to each zone, as shown in
Figure 9-25. The zones are nowebo modify the deck tempera-
ture to suit the requirement ofettnighest zone demand. In addition,
the bypass deck eliminates the mixiof hot and cold air. The zone
thermostat can call, in sequence, for full hot air, a hot air and bypass
mix, full bypass, a cold air and bypass mix, and full cold air.

9.3.6 Eliminating Parasitic Heating in VAV Systems

In the past, VAV systems have saved fan energy, but not with-
out countervailing side effects. When the supply of 55°F [12.8°C]
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Figure 9-25. Modified multizone unit.

air to interior zones is reduced match space cooling loads, the
supply volume may be reduceddsg the minimum air change rate,
leading to air quality complaint&n antidote, involving reheat of

the minimum supply air volume, is also counterproductive with
respect to energy efficiency. When 55°F [12.8°C] air is supplied to
perimeter zones, it must be reheated to room temperature in winter
before it is heated further to overcome envelope heat losses. The
heat input to take air from 559@2.8°C] to room temperature is
parasitic. One way to overcome thigassupply air that is thermo-
statically controlled for each solar exposure. At the least, this
implies separate air supply zonifgg interior, south-facing perime-

ter, and other perimeter zones. For compartmented air-handling
systems, the air unit can be dguofed as shown in Figure 9-26.

Another popular solution is to add a fan to each air terminal, as
shown in Figure 9-27. The side-p@t fan in the air terminal is
sized to provide the desired minimuate of air circulation. It is
run only when the primary air supply falls below this critical value.

Reheating 55°F [12.8°C] air sulygo perimeter zones can be
avoided by ensuring that perimeter heat is not activated until the
cold air damper is at its mimum setting. Since the addition of
fans in a plenum space means that maintenance of bearings and
filters will occur in occupied spaces, the same effect can be
achieved using one central fan for each floor or major zone. This
central fan then recirculates air at a neutral temperature to
dual-duct-type terminals connected jointly to the cold air supply
and the neutral air supply. Perimeter air terminals can have
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optional heating coils, which are activated only after the cold air
damper is at its minimum setting.

9.3.7 Economizer Cycle (Free Cooling)

Air-handling systems that have access to 100% outdoor air can
provide full cooling without the assance of mechanical refrigera-
tion whenever the outdoor dry-bu#ir temperature is lower than
the required supply air temperagurSuch an air-side economizer
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cycle (Figure 9-28), which is most effective in northern climates, is
capable of saving up to 70% of mechanical refrigeration energy. In
southern climates, such as Florida, an air-side economizer is seldom
used. This is because the number of hours (especially occupied
building hours) during which the outdoor temperature falls below
the controlled space temperature ®ufficient to justify the invest-
ment in a relief fan, air-mixing chambers, and louvers necessary to
dissipate the building pressurization caused by supplying 100%
outdoor air during economizer operation.

Energy savings can be achieved with an air-side economizer

cycle via the following sequences:

The outdoor air temperature l@ver than the supply air tem-
perature required to meetetlspace-cooling load; compressors
and chilled-water pumps are turneffi and outdoor air, return

air, and exhaust/relief air dampeaire positioned to attain the
required supply air temperature.

The outdoor air temperature is higher than the required supply
air temperature but is lower than the return air temperature;
compressor and chilled-water pumps are energized; and the
dampers are positioned for 100% outdoor air. Outdoor air and
mechanical cooling provide the desired supply air temperature.
The outdoor air temperature exceeds the return air temperature
(dry-bulb economizer controfr the enthalpy of the outdoor

air exceeds the enthalpy of the return air (enthalpy economizer
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Figure 9-28. Air-side economizer cycle.
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control); the dampers are positioned to bring in the minimum
outdoor air required for acceptable indoor air quality.

To be truly effective, control of air-side economizer cycles
should not be based solely upany-bulb temperature conditions—
but upon enthalpy, as illustratéa Figures 9-29 and 9-30 (Dubin
and Long 1978). Enthalpy controls in the past have been difficult to
keep in calibration because theyshaccurately sense temperature
and humidity for optimum control. Because of this, many air-side
economizer cycles have been stiled to revert to a minimum set-
ting for ventilation when the dry-bulb temperature reaches 80°F
[26.7°C] (or an even lower value), depending upon local conditions
of temperature and humidity. Howeyeecent advancements in the
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Figure 9-29. Dry-bulb temperature economizer cycle.
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Figure 9-30. Enthalpy economizer cycle.
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sensing of outdoor humidity ta improved the reliability of
enthalpy controls, and theirage has become more common.

Air-handling systems that ladleasonable potential for 100%
outdoor air circulation may adopt a water-side-based winter
free-cooling approach by intercorating the chilled-water circuit
with the cooling tower. This can be done without a heat
exchanger—nbut at the risk of pipe corrosion, more expensive water
treatment, and eventual degrtida of system components. The
strainer shown in Figure 9-31 can effectively remove airborne dirt
from the tower discharge, but oxygen, which is added to the water
by the tower action, will be damaging to the chilled-water piping
circuit. This is generally an unacceptable risk, leading to the use of
a heat exchanger to separate the chilled-water circuit from the cool-
ing tower circuit. This adds first cost for the heat exchanger and
reduces the effectiveness of water-side cooling because of the addi-
tional timposed by the heat exchanger but is generally a reason-
able trade-off considering the potential effects of not using a heat
exchanger. In most climates, water-side economizers will usually
not prove as energy conserving as air-side economizers. They do,
however, have application in higise buildings, where restrictions
on shaft space may preclude air-side economizers, and in spaces
(such as data centers and cleanrooms) requiring higher than normal
(say, 45%—50%) wintertime relative humidity, where energy sav-
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Figure 9-31. Water-side economizer options.
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ings from an air-side economizepuld be offset by increased con-
sumption of energy for humidification.

Another form of reduced-energy cooling involves purging
conditioned areas with cool nighir prior to occupancy the fol-
lowing morning. This can avoid the use of mechanical cooling
energy to overcome the heat buildup from emergency/custodial
lighting, 24-hour plug loads, and heat released to the conditioned
spaces that was stored during the day (including solar radiation and
radiant heat from lighting fixtures). This purging cycle is highly
effective in dry climates with low nighttime temperatures, such as
in the southwestern United States, and has been used successfully
even in the Pacific Northwest (Ashley and Reynolds 1994).

9.3.8 Cold Air Supply Systems

Conventional HVAC systems are based upon a design supply
air temperature of around 55°F2[8°C] to ensure a relative humid-
ity of 50% at a room air tempaure of 75°F [23.9°C]. The advent
of ice storage and the ever-increasing cost of air distribution have
alerted designers to the potential afpplying less air at a lower
temperature. Supply air temperatures can be obtained as close as
5°F [2.8°C] to the primary coolant temperature. In the case of water
chillers, 40°F [4.5°C] water can provide 45°F [7.2°C] supply air. In
the case of an ice-based storage system, the 36°F to 38°F [2.2°C to
3.3°C] coolant can produce air siypfemperatures of 41°F to 43°F
[5.0°C to 6.1°C]. Design informatiofor supplying cold air in con-
junction with ice storage is given the “Thermal Storage” chapter
in the ASHRAE Handbook—HVAC Applicatio®&ich cold supply
air must be tempered with room air to prevent cold drafts. If this is
done in fan-powered boxes that ogde continuously, some of the
energy savings are lost. Supply otgléhat provide for substantial
induction of room (secondary) air are an energy-efficient alterna-
tive. If the cold supply air causes system surfaces to be cooled
below the ambient dew point, the surfaces must be insulated; this
includes air handlers, ducts, and terminal boxes. Since leakage from
cold air ducts aggravates any condensation problems, all such ducts
should be reliably sealed. Condensation problems during system
start-up (following shutdowns) nabe reduced by lowering the sup-
ply temperature gradually.

According to the ASHRAE coroft chart (Figure 3-1), the
lower relative humidity generated with cold air means that space
dry-bulb temperature setpoints can be increased up to 1°F [0.6°C]
for the same occupant comfort regge. To ensure full cooling and



246 SPECIAL HVAC SYSTEMS

dehumidification, face velocities aboling coils supplying cold air
should be in the 350 to 450 fpfh.78 to 2.29 m/s] range, with an
absolute maximum of 550 fpm [2.79 m/s] (Dorgan 1989). Some
designers have suggested higher upper limits for face velocities—
with typical values of 500-550 fpm [2.55-2.79 m/s] and 600 fpm
[3.06 m/s] as a maximum. In spaces with high sensible heat ratios
(SHR), cold air systems may produce undesirably low relative
humidities. A system to remedy thsguation uses cold air to satisfy
the latent cooling load and supgd additional sensible cooling
through 55°F to 60°F [12.8°C td6°C] chilled-water coils at the
mixing boxes. Operating a chilleo supply chilled water at that
temperature is very efficient, and a need for additional chilled-water
piping can be eliminated by using the fire sprinkler piping (insu-
lated to prevent condensation) to supply the chilled-water coils.
Meckler (1988) notes that this has been permittetlBA Stan-
dard 13, Standard for the Indlation of Sprinkler Systemshe
currency of this provision shoulte checked with the local author-

ity having jurisdiction.

The use of temperatures lower than 55°F [12.8°C] for supply
air permits the use of smaller ducts and fans. The reduced ceiling
space required for smaller ductnagesult in significant building
height savings in high-rise buildis. Perform an analysis to select
an appropriate discharge air teengture, based upon a comparative
economic analysis of the entire building, not just the HVAC&R sys-
tem. Such an analysis must comsiélrst-cost savings from smaller
equipment, a somewhat smaller air distribution system, and a
potentially lower building height in high-rise applications;
increases in first cost for a chiller that operates at a lower tempera-
ture; increased operating co$tem powered mixing boxes; and
reduced operating costs from lower air and water mass flow rates
(Dorgan 1989).

9.3.9 Water-Side Efficiency Opportunities

Savings are available from niable-flow pumping of chilled
water and condenser water andiable-speed tower fans. Water
chillers can benefit from varidédsspeed compressor motors and
variable supply water temperatures when air-handling systems
operate at partial loads. Chillers can also be designed to accept a
lower condensing water temperature than the conventional 85°F
[29.4°C], when available, to rede the thermodynamic head on the
compressor. Check with the chilleranufacturer to determine the
lowest acceptable condenser water temperature and specify operat-
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ing controls accordingly. The combination of compressor motor,
condenser-water pump motor, and tower fan motor has historically
been assumed to require one kilowatt input for each ton [3.5 kW] of
output. Variable temperature andriable-speed controls enable
this value to be virtually halved at part-load conditions for typical
cooling applications.

9.3.10 Bootstrap Heating

Another form of low-cost heating can be used in winter by
operating a chiller to handle cooling loads in interior spaces and
using the warm condenser water tlyenerated to offset perimeter
heat losses. This is especially the case for a facility that includes
high internal loads (often process-based), which requires cooling all
year. It might seem counterprodwetito use any form of “electri-
cal” heating when other, less exygd/e fuels are available. If prop-
erly operated, however, a water childan act as a heat pump with a
COP of up to 6. In this situatioheat reclaim may be less than half
as expensive as the next cheapest fuel. Additional piping and con-
trols are necessary to interface heating and cooling circuitry and to
add additional condenser tubing fdean heat exchange. Consider
these extra costs when conductingamalysis of savings available
from bootstrapping waste interidreat. Heating coils need to be
much larger because hot water supply temperatures are much lower
(105°F-115°F [41°C-46°C]) than those of conventional heating
systems. Potential savings musteéstimated and incorporated into
a life-cycle cost analysis that includes estimated additionts.cos

A “heat-pump chiller” should be operated only to provide the
cooling capacity actually requiredy the building spaces. If a
chiller must be false-loaded atlacapacities to generate adequate
heat, much of the bootstrap systeperating economy will be lost.
Control of a heat-pump chiller muse compatible with an econo-
mizer cycle. In other words, the mixed-air temperature (or
enthalpy), which determines therpentage of outdoor air, should
be set to permit the cooling coil &xtract the heat required by the
perimeter circuits. The balance tfe cooling is then performed
with outdoor air, while the heat pump operation boosts the heat
removed from the cooling coil to a useful heating temperature.

Buildings have occupied and unoccupied periods. During each
period, there is a balance point at some outdoor temperature where
heat gains (including the electicinput to the heat-pump chiller)
balance heat losses. Figures 9-32 and 9-33 indicate how such bal-
ance-point temperatures can be determined. They also illustrate the
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range of temperatures over whiobgl can be salvaged and usefully
transferred and where supplenagt heat may be required. The
bulk heat that can be bootstrapmgdow cost can be analyzed and
aggregated with hour-by-hour drin-type energy analysis pro-
grams. The result can then be compared with the additional invest-
ment in hardware required to implement the concept.

Figure 9-34 illustrates a form afontrol that allows a heat-
pump water chiller to draw heat frointerior zone cooling coils to
the extent required to satisfy tieg loads. Condensing water tem-
peratures should be established in the 90°F to 105°F [32°C to 41°C]
range for heating. Sufficient hit@y element surface needs to be
provided so that such relatively low-temperature water can satisfy
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the space heating loads. This seldom creates an investment penalty
when the coils also provide for cooling, as with induction units and
fan-coil units.

The chiller size required for rexin heating is often less than
one-third the size required for cooling. This may validate a
two-chiller selection, with a one-td-capacity chiller operating for
heating and both units operating for maximum cooling. Centrifugal
chillers experience some difficulty operating at low capacity with
higher condensing temperatures. Thus, chillers for heat pump duty
should be selected with care dapt as fully loaded as possible.

9.3.11 Heat Reclaim/Exchange

There are normally several opportunities for the exchange of
heat from an exiting fluid (air or vier) to an entering fluid (also air
or water) in the typical buildingMany of these opportunities are
cost-effective and can improve building energy efficiency. Air-to-
air heat exchangers (Section 9)4aPe an example of a commonly
encountered heat-reclaim system. See the “Applied Heat Pump and
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Heat Recovery Systems” chapter in tASHRAE Handbook—
HVAC Systems and Equipmdat examples of such systems and
their associated equipment. Ancreasing designer and owner
interest in combined heat and power (CHP) systems brings the
potential for more opportunities for beneficial heat reclaim.

9.4 “GREEN” HVAC SYSTEMS

A recent (and likely ongoing and ganding) interest in “green”
HVAC&R systems (see, for example, IRBHRAE GreenGuididas
focused attention on a number of HVAC&R system strategies that
are seen to support the intents and expectations of green design.
Ground-source heat pumps, aifeip heat exchangers, and under-
floor air distribution are among thestrategies. Each of these strate-
gies is addressed in general in &#HRAE Handboolkand in detail
in various ASHRAE special pubitions. The purpose of this sec-
tion is simply to outline these strategies.

9.4.1 Ground-Source Heat Pump

A ground-source heat pump (sometimes callggoaind-cou-
pled geothermal or water-source heat punpakes advantage of
the generally more benign climate belowground as compared to that
aboveground. Under cooling modeeogtion, heat is discharged to
a ground loop or well that prowéd a lower temperature heat sink
than ambient outdoor air temparag. During winter heating opera-
tion, heat is extracted from a soutbat is at a higher temperature
than ambient outdoor air. Numerous green buildings have utilized
some variation of a ground-source heat pump to improve building
energy performance. First costhigher than for a conventional air-
source heat pump, but operatiogsts are lower due to improved
COP values. See the “Applied Heat Pumps” and “Heat Recovery
Systems” chapters in tt &SHRAE Handbook—HVAC Systems and
Equipmenfor basic information on this strategy.

9.4.2 Air-to-Air Heat Exchangers

One means of improving the energy efficiency of an HVAC
system is to capture the heatamoling effect embodied in condi-
tioned air being exhausted frontailding. Often the easiest way to
utilize such a resource is to pass the heat or cooling effect to incom-
ing outdoor air (cold in the wintehot in the summer). Both sensi-
ble and latent exchanges are gibke depending upon the type of
equipment selected. See the “Air-to-Air Energy Recovery” chapter
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in the ASHRAE Handbook—HVAC Systems and Equiprfant
basic information on appropriate equipment and its integration.

9.4.3 Underfloor Air Distribution

Supplying conditioned air to gpace via an underfloor supply
plenum has captured the imagioatiof a number of HVAC design-
ers working on green buildings. Several benefits are claimed for this
distribution approach. Carefully nsidered design, construction,
and commissioning are critical the successful operation of an
underfloor air distribution sysin (Bauman and Daly 2003). Visit
the ASHRAE Web site (www.ashearg) for the most up-to-date
material on underfloor air distribution.

9.4.4 Green Systems and CO ,

Although the design of gredmuilding HVAC systems in the
United States currently tends to focus upon the energy implications
of system selection and operatianternationally there is increas-
ing environmental concern about carbon dioxide Cé&nissions
from buildings as a key contritar to global warming. The selec-
tion of HVAC&R systems and fuels can have a major impact upon
such emissions, which are conceded by most scientists to be linked
to global warming. This concern is likely to eventually migrate to
the United States and exert a dramatic impact on HVAC&R system
design. See the ASHRAE position statement on climate change for
background information othis issue (ASHRAE 1999).
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CHAPTER 10
HVAC&R CONTROLS

10.1 CONTEXT

Controls provide the critical link between HVAC design intent,
HVAC&R equipment and systems, and the operating building. Con-
trols are an integral part of the design of an HVAC&R system. They
implement design intent by operating the HVAC equipment as
required. Inappropriate or inoperaicontrols can cancel out good
design and construction and amplify occupant discontent with a
building and its systems. It is imperative that controls be designed
and implemented correctly. To provide a complete system solution,
an HVAC&R designer must consider how controls will make all
parts of the system function.

Controls are instrumental in obtaining an energy-efficient
building. Herzog and Carmody (19960t this fairly simply: equip-
ment should operate as inteddevhen intended, to the extent
intended. Anything else is inefficient. There is currently growing
interest in controls as a contributor to green building status. The
growing complexity and proprietarnature of building controls,
counteracted somewhat by improvements in control capabilities
and computerization, are importaissues that affect the role of
HVACG&R controls in the design and commissioning processes and
ultimate building success.

10.2 INTRODUCTION

This chapter outlines the fundantals of controls and illus-
trates principles for providing liable and easily maintainable con-
trol systems for a variety of aienditioning systems. Such control
is required to match system optwa with the need for space con-
ditioning. The simplest control is apn/OFF operation typical of
residential applications where, as a thermostat senses an increase in

253
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room temperature, the air conditioner is switcloeg and as the

temperature falls, it is switchemr. Most large HVAC&R systems,

however, use modulating controls.j.controls that vary the output
of the equipment being controlled,goovide for the control of tem-

perature, humidity, and air quality W@rious spaces in a building.

10.3 TERMINOLOGY

Figure 10-1 provides the legend fal the figures in this chap-
ter. Figure 10-2 shows a simple cooling coil control scheme. The
basic elements of the systentlude a sensor, which measures a
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control variable—in this case, d@mperature in the duct. The con-
troller compares the sensed value with the setpoint. The difference
between the measured variable and the setpoint is calledtrtre
The error signal is processed to change the output from the control-
ler. In this case, the output gawsa valve that modulates the flow
of water in the coil, thereby chgimg the temperature of the air
leaving the coil. The process by which the controller output is influ-
enced by the sensed variable that it controls is cdledback

Two types of feedback control strategies commonly used in
HVAC&R applications areproportional controland proportional
plus integral (PI) contral With proportional control, the controller
output varies in proportion to theror. In mathematical terms, the
controller output is

O=A+Kge, (10-1)
where
A = aconstant defining what tloeitput should be when the error
is zero,
Kp = proportional gain,
e = error,and
O = output.

For example, if a proportional controller was installed to control
the temperature leaving a chilled-water cooling coil and if the output
ranged from 0% to 100%, thénmight be 50 andk, might be 10.
Under these conditions, the output from the controller would be
100% when the leaving coil tempéure was 5° above the setpoint,
50% when the temperature andpsént were the same, and 0%
when the temperature was 5° below the setpoint. It would take a 10°
change in the leaving coil temperature to cause a 100% change in
the controller output. This is called tHeottling rangeof the con-
troller. As this example suggestthe controlled variable is only
rarely at the setpoint when proportional control is used.

As the name implies, proportional plus integral (PI) control
adds integral control action. In mathematical terms,

O=A+(Kp(e +K; edt, (8-2)
whereK; is the integral gain. By integrating the error signal over
time, the output from the controller is increasing or decreasing any

time the error is not zero. This forces the error to zero as steady state
is reached.
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10.4 CONTROL TYPES

Three types of control hardware are used in HVAC&R sys-
tems—pneumatic, analog electronic, and direct digital control
(DDC). Historically, pneumaticcontrols were used in most large
building applications. They arreasonably well understood by
designers and maintenance personnel, which was a compelling rea-
son for their use. A second advantage was that pneumatic valve and
damper actuators, besides being inherently modulating, are inexpen-
sive and reliable when compared to the electric motors and gears
required to produce the same cohforce with eéctric actuation.

Most pneumatic control equipment, however, requires a very clean
source of supply air. The air mus¢ dry and free of oil. While it
may not be difficult to install a sfem with clean air, one failure or
mistake, such as overfilling a coregsor with oil, can permanently
foul an entire pneumatic system. Another potential disadvantage of
pneumatic controls is that they are not particularly precise. Usually,
field calibration is required in order to obtain acceptable accuracy,
and periodic recalibration of thpneumatic instruments is required.

Modern analog electronic control equipment has several
advantages. Power is provided electrically, and there are no air com-
pressors, driers, or filters to m&in. Signals flow at the speed of
light, and controllers essentiallyave an instantaneous response
(signal processing is instantaneous; temperature sensors and motors
still have time constants). Electronic devices can be extremely
accurate and free of drift. Regiate temperature detectors made of
platinum, nickel, or other metals manufactured to tolerances of
0.5°F [0.3°C] are relatively inexpensive, do not require field calibra-
tion, and are drift free. They aresalinexpensive, and it is easy to
display electronic signals using digital readouts, providing for
ready diagnostics. Another advargag that it is relatively easy to
implement Pl control electronically. Pl control has important
energy-saving advantages that will be discussed later.

In the past, electronic contreystems were often more expen-
sive than pneumatic systems, partly because of the high cost of
electric valve and damper motors. Electronic control systems are
now, however, very competitive with pneumatic systems and can be
cheaper when integrated with a building automation system (BAS)
because many sensors can perform control and automation func-
tions, whereas additional sensors are required for BAS functions
with pneumatic systems. A problem with electronic control hard-
ware is that many different types of systems are in use. For exam-
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ple, some companies use inexpensive thermistor temperature
sensors while another uses platinum or nickel. One company may
use pulsed voltages to control actuators, while others use 0-9 or 2-10
volts. Some HVAC&R control companies use equipment that fol-
lows industrial control practice lgdinum resistance temperature
sensors and 2-10 volt and 4-20 mitip control signals). This prac-

tice makes components interchangeable and gives designers access
to a variety of high-quality industrial sensors and transducers.
ASHRAE has stepped into this a@fadesign with the development

of ANSI/ASHRAE Standard 135-2004, BACreA Data Commu-
nication Protocol for Building Automation and Control Netwgrks
which provides a protocol for data communication services in
building automation and control systems (ASHRAE 2004).

DDC has become the standardcontrol systems. Large inte-
grated systems as well as snslile control units for single-fan
systems are available for both new and retrofit applications. DDC
accepts analog electronic inputs from appropriate sensors, converts
them to digital, uses these digitized signals to produce digital out-
puts via software control algorithms resident in a local micropro-
cessor, and, finally, converts the digital output signals to analog
electronic signals to drive control actuators that may be electrical or
pneumatic. Figure 10-3 presents a schematic diagram of the DDC
system concept.

Perhaps the greatest single advantage of DDC is the flexibility
it provides because control is implemented through software rather
than hardware. Time sequencing, reset control, Pl loops, economizer
cycles, and a variety of other operational schemes are accomplished
by programming a microprocessarpt by modifying or adding
hardware. Of course, with thisywer comes the designer’s responsi-
bility to avoid unnecessary complexity. Another benefit of DDC is
precision and a complete absence of controller drift. For example,
once a temperature setpoint is entered into a digital controller, it
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Figure 10-3. DDC concept.
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remains in the microprocessor's memory unambiguously until it is
changed by an operator or untiethontroller fails. The concept of
recalibration is simply not paxf digital hardware, and mainte-
nance should be required only when the hardware fails.

All problems do not vanish, however, with DDC. Analog sen-
sors may still require periodicaalibration. A serious drawback of
DDC equipment is a proliferath of programming languages and
protocols, making DDC systemwommissioning and maintenance
difficult, particularly since the s interface into the nuts-and-bolts
of the controls logic is often noser-friendly. Programming of con-
trols is also an issue in thatist often not transparent to the design
team and/or readily available faaview by the design and commis-
sioning team. Controls programrginis moving out of the design
office and into the hands of spaltsts, thus becoming a less inte-
gral part of the design process to the potential detriment of inte-
grated design.

10.5 CONTROL STRATEGIES

Formerly, many details of control system design were left to
the discretion of the contractor. Thgsno longer true, as the costs
of building operation have escalatgargely as a result of increases
in energy costs), concern foregn building design has escalated
(via the impact of the U.S. Green Building Council’s LEEding
system), and control systems have become more complicated.
Today, HVAC&R designers must be intimately familiar with the
concepts and details of control systems and must be acutely aware
of how their design features affect operation and maintenance.
Building owners and operators waatiable and easily maintainable
control systems. This contradicts the move toward custom controls
programming. To meet these conflicting requirements, designers
must provide a complete conceptual design for the control system.
This includes:

« The control sequence of operation.
¢ A control logic diagram.

e Ladder diagrams showing theénactions between the various
parts of the system.

¢ A plan that allows the building and its air-conditioning systems
to be put into opation and commissioned.

e Clear and useful operations and maintenance information.
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Controls for a number of HVAC&R systems are discussed in
the following sections, and examples of control sequences are given
in Appendix F. The control schemzgiprovided usually assume that
electronic temperature sensing and control is to be used. Designers
who choose different control hardware must make the appropriate
mental adjustments to theadirams—although the underlying logic
remains generally unchanged.

10.5.1 VAV Systems

Figure 10-4 shows a completentrol system schematic for a
VAV system consisting of the Hlowing subsystems: individual
room air temperature control, supg@lir temperature control, mixed
air temperature control, and duct static pressure control. Room air
temperature control is achieved via VAV boxes controlled by room
thermostats. Thermostats and actuators are used to modulate the air
supply flow rate in response to room temperature. Most VAV boxes
also incorporate flow sensors to allow the box to maintain control
of flow rate under varying upstream duct pressures and provide
minimum and maximum airflow settings. VAV boxes that maintain a
set airflow regardless of inlet stapressure are referred to @es-
sure-independent terminalf the airflow through a VAV box does
change with changing inlet static psase, the box is referred to as a
pressure-dependent terminal

System-powered or self-powered (deriving motive power from
duct pressure only) VAV boxes aatso available, although not com-
monly used. Some of these dewcequire substantial duct pressure
to operate properly. If they aleing considered, it may be advis-
able to require independent pmrhance tests before approving
them for installation.

Heating is provided where required by reheat coils at the termi-
nal boxes or by baseboard convectors. The heating is controlled
either by the room thermostatloy an outdoor air temperature sen-
sor, as described in Appendix Baseboard convectors or small
fan-coil units (located at floor level or above the ceiling) are a pre-
ferred approach for heating extarizones, since their use permits
lower minimum airflow setting®n the VAV boxes and allows for
building warmup and night setback heating without turning on the
air-handling system.

Supply air temperature control should be accomplished using a
temperature sensor, a Pl controller, appropriate transducers, and a
two-way throttling or three-way mixing valve on the cooling coil
(as shown in Figure 10-4). Commissioning plans should include
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detailed descriptions of how tostethe control system for stable
operation under low and high dafv conditions and cooling loads.
Temperature sensors should beaked far enough downstream from
the fan discharge to ensure adequate mixing (but not farther than
25 ft [7.6 m]), and their locations should be shown on the control
drawings. Outdoor and return air dampers should be controlled to
achieve the appropriate temperature. This is done by a temperature
sensor connected to a Pl controtleat modulates the dampers. The
setpoint of the mixed air temperature controller should be lower
than the setpoint of the supphjr temperature controller by the
value of the temperature rise across the fan. Two temperature sen-
sors in the outdoor and return aiestms can be used in conjunction
with a comparator that evaluatib® temperature signals and returns
the outdoor and relief air dampers to their minimum positions
whenever the outdoor air is warmer (or has a higher enthalpy) than
the return air.

Construction details showing the connection of outdoor and
return air ducts to the air-haimtth equipment should be included in
the drawings. Baffles or other devices should be used to minimize
stratification in this part of thduct system. Complete mixing of the
outdoor and return air is necessdrne mixed-air temperature sen-
sor is to sense a meaningful value.

Modulation of fan speed (or alternative technique) is usually
employed in VAV systems to achieve energy efficiency, avoid
potentially damaging duct pressures, and permit the VAV boxes to
perform adequately. Consider Rintrol for this application. Vary-
ing the fan speed is the preferred control method. Not only is it the
most efficient, but it can alsoadulate to lower airflow rates and it
avoids the problems of stuck lmroken vanes or linkages. The com-
missioning plan should include a requirement to test the stability of
the control system with all the VAV boxes at their minimum airflow
setting. If fans can produce potentially damaging duct pressures, a
high-pressure limit switch or blowout panel should be provided.

Mutammara and Hittle (1990) compared the energy consump-
tion in high-rise office buildingé five different climates under a
variety of control strategies. They found that, except in hot, humid
climates, the most energy-efficient control strategies are (1) Pl con-
trol with an economizer and (2)Idadeck reset for perimeter zones.
Cold deck reset involves the userobm thermostat signals to reset
the discharge air temperature (discriminating control, see Section
9.3.3). While this system can pide additional energy efficiency,
reliability is a serious question. ikae of an individual room ther-
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mostat or tampering by an occupant could cause the air temperatures
to be adjusted to an unreasonably low value. Fan energy also
increases, which might lead to an increase in operating cost. Thus,
the simpler fixed deck temperature with Pl control and an econo-
mizer may be more attractive. Economizers are not recommended
for hot, humid climates becausesthumber of hours during which
they can be used effectivelysmall. Instead, minimum outdoor air

is provided for quality ventilation.

Return fans should generally be avoided in VAV systems
because good control of return fasglifficult and involves sophis-
ticated hardware. Return fans also require more energy than relief
fans, as shown in Section 6.8.2.4. If, however, a return fan is abso-
lutely essential for a particular application, it must be controlled.
Appropriate return fan control miniaes pressure fluctuations and
increases energy efficiency. Thenglest method is to use the output
from the supply duct static pressure controller to also modulate the
return fan. Figure 10-5 shows tlisheme. The success of this type
of control is dependent upon thaply and return fans having sim-
ilar performance characteristics throughout the flow range. It is
most effective if the fans are properly set up at full flow to provide
the right difference between supply and return airflow and if both
fans have similar part-load performance characteristics. A more
complicated, but more effectivecheme is to let the supply fan
speed adjust to maintain the minim duct static pressure, measure
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Figure 10-5. Simple return fan control.
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the supply airflow rate with a flow-measuring device, and use that
flow as an input to the return faontroller, as shown in Figure 10-

6. The speed of the return farowd be adjusted to provide the
desired air volume difference beten the supply and return fans.
This control requires careful s@tuBoth supply fan and return fan
flow measurements must be normalized to their respective full-flow
conditions. Even in the best circumstances, flow measurements
may then be only roughly correct.

Conventional flow-measuring stations are often used to control
return fans. Pitot tube racks provide a pressure signal that is trans-
formed to an electronic (or pneurcatcontrol signal by a pressure
transducer. Unfortunately, at low flow rates, the velocity pressure is so
low that it is almost impossible to sense this pressure, especially with
low-cost transducers. One solutiortasbuild a special duct section
with a reduced cross-sectional area. The flow stations can be placed
in these reduced cross sections where velocity is higher. One manufac-
turer recommends a minimum velocity of 700 fpm [3.6 m/s]. Reduced
cross sections should be sized to maintain this minimum velocity.
Alternatively, if space permits, a venturi can be built into a straight
section of both the supply and return ducts with the difference in
upstream and throat static pressure converted to flow velocity. Another
method, which provides a good velocity pressure signal even at low
airflows, is to install the airflow-measuring device in the fan volute,
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Figure 10-6. Flow-matching control of return fans.
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where the velocities are higher than in the ductwork. A very accurate
pressure transducer is required with whatever scheme is selected.

Another flow-measuring technique uses hot-wire anemome-
ters. If this approach is empley, appropriate air guides must be
provided so that the anemometers measure only translational flow
along the duct and not rotational torbulent flow caused by local
disturbances. The arrangement of properly connected hot-wire ane-
mometers intended to provide azge duct velocities must be spec-
ified in detail.

For most comfort applications, individual rooms can be con-
trolled with proportional thermostats with local (in-the-room) setpoint
adjustment. It is becoming common practice, however, to not provide
for local thermostat adjustment in commercial/institutional buildings
in an attempt to maximize energy efficiency andimine mainte-
nance. An alternative is to install temperature sensors with a slider
bar that permits local adjustment. The slider bar can be programmed
to establish how much temperature adjustment is allowed. The tem-
perature control profile for the VAV dampers and heating coil (or
baseboard heaters) should be as shown in Figures 10-7 and 10-8.

Room thermostats should not be located on exterior walls, in
dead corners, or in other unsuitable locations where they are likely
to be unduly affected by equipmemtccupant, or solar radiation
loads. The best locations are those that provide some air motion and
allow thermostats to sense the average room temperature. The loca-
tion of all thermostats should bedinated on the plans. If add-on,
tamperproof covers are used, thehould be constructed to allow
free air movement over the thermostat. Metal or plastic box-type
security enclosures with minimalrailits should not be used, since
they do not provide enough airflow over the thermostat for it to
respond rapidly to changing room conditions. If thermostats must be
installed on exterior walls, insulag bases should be used and the
wall penetration sealed airtight.

10.5.2 Single-Zone, Constant-Volume Air Systems

Very small single-zone air-hdling units are thermodynami-
cally equivalent to room fan-coil units or residential air-condition-
ing systems and can be controlleddiyple two-position electric or
electronic thermostat/valve systems common in this type of unit.

For larger single-zone systems, one of the schemes illustrated
in Figures 10-9 and 10-11 can be used. Figure 10-9 shows a mini-
mum configuration, which may provide inadequate control and
should be used only on closely coupled systems, i.e., systems with
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Figure 10-7. Room temperature control profile for “zero energy band”
thermostat (temperatures shown are merely suggested values).
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Figure 10-8. Room temperature control profile for “dead band” ther-
mostat (temperatures shown are merely suggested values).

relatively short ductwork and highir volume flow rates compared

to the room volume. In this same, a room or return air tempera-
ture sensor is connected to a single proportional controller, which
modulates the heating coil valve, mixing dampers, and cooling coil
valve in sequence.

The temperature control profiles should be as shown in
Figure 10-10. The outdoor and retuair temperature sensors are
used to return the outdoor and return air dampers to the minimum
position whenever the outdoor air is warmer (or of higher enthalpy,
if enthalpy control is used) than the return air. This economizer cycle
should have a hysteresis of uRtd [1°C], i.e., the cycle should be
initiated or terminated when the outdoor air is 2°F [1°C] cooler or
warmer than the return air. The proper sequencing of the valves and
dampers is achieved by carefully adjusting the positioners on the
equipment. Verification of success$fsequencing should be part of
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Figure 10-10. Temperature control profile for the minimum single-
zone control system shown in Figure 10-9.

the commissioning plan and onggi operations and maintenance
checks. The room temperature sensors should not be located in the
return air duct if the return air is drawn through lighting fixtures or

in any other case where the return air would be at a different temper-
ature than the room air. Under such circumstances, a wall-mounted
room thermostat should be used.

The scheme shown in Figure 10-¢hould be used in applica-
tions that have longer ductwork and require tighter control or that
serve very large rooms. This scheos®s a room or return-air tem-
perature sensor connected to a proportional controller to reset three
PI1 controllers. One controller modutatthe cooling coil valve, one
the heating coil valve, and ortke mixing dampers. The reset
scheme of Figure 10-12 should b&ed for this system. The mixed-
air and supply-air temperature sensors should be mounted as in the
VAV system.

If very tight temperature and hudity control is required, one
of the systems shown in Figur&6-13 and 10-14 should be used.
The system shown in Figure 10-13 is more efficient and can be used
where loads are fairly constant amdstly sensible (where reheating
is not required for humidity contilo Room temperature control is
achieved through a PI controllénat modulates the heating coil,
cooling coil, and outdoor and return air dampers in sequence. Air
temperature sensors return the outdoor air dampers to their mini-
mum position when the outdoor airhistter (or of higher enthalpy)
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Figure 10-12. Controller reset schedule for single-zone system shown
in Figure 10-11.

than the return air. Note that the cascade control system recom-
mended for single-zone systems is not used here because the system
is expected to run continuouslydatoad variations are expected to

be small and to occur slowly. Hence the temperature control system
can be set up to be fairly sluggish. In heavily loaded interior spaces,
no heating coil is needed because there is always a requirement for
cooling and plenty of heat is geaged in the space—except in situa-
tions where a dehumidification cycle is required.

The humidifier is controlled with a proportional controller
whose sensor is downstream of the humidifier. This controller is
reset by the output of the Pl corleo whose sensor is in the return
airstream or in the room. This adsiadding excess moisture to the
supply airstream, which could cawddpping in the discharge duct.

Figure 10-14 shows a more extensive humidity control system.
While it is more energy intensive, it ensures sufficient dehumidifi-
cation under more widely varyinigpads or in cases where latent
heat gains are higher. A constant supply air temperature is main-
tained by modulating the coolinzpil as well as the outdoor and
return air dampers in exactly tkame way and using the same com-
ponents as in the VAV system dabed in Section 10.5.1. A Pl con-
troller sensing return or roomrdemperature modulates the reheat
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coil valve to control the room temperature. The humidifier is con-
trolled as shown in Figure 10-13.

10.5.3 Dual-Duct Systems

A potential automatic control mgement for a dual-duct sys-
tem is shown in Figure 10-15. i adequate for most installations
and can be easily modified teuit particular applications and
requirements. The minimum outdoor air damper is open when the
fan is running, except when all areas are unoccupied during warm-
up. The hot duct temperature iswtmlled by the submaster hot duct
thermostat, which operates the heating coil valve (or valves) in
sequence. The control point of thiieermostat is reset by the outdoor
master thermostat according to a predetermined schedule.

The air in the cold duct is maained at the desired dew-point
temperature by the cold ductetimostat, which operates a cooling
coil valve. At a predetermined outdoor air temperature, the system
is switched to economizer cooyj by a two-position switchover
thermostat. When outdoor air is used for cooling, the cold duct ther-
mostat controls the operationtbe maximum outdoor air, exhaust,
and return air dampers through the use of a three-way air valve. This
thermostat also controls the operation of the cooling coil when
mechanical cooling is required.

The control of the central systeis simple, since it is asked
only to serve as a source of warm and cold dehumidified air. There
are numerous possible refinements for operating economies, venti-
lation optimization, and so forth.

Dual-duct systems with mechanical or automatic flow regula-
tors do not need fan or system static pressure regulation, since each
terminal unit compensates for any changes in backpressure. To take
full advantage of fan energy savings at reduced flow conditions in
dual-duct VAV systems, however, fan regulation is recommended.
This also helps to avoid high-pressure-drop noise effects in VAV
terminal units and is a more important consideration in dual-fan
systems.

10.6 COMPONENTS

Control valves must be sized to provide proper control stability
and authorityAuthorityis the ratio of the pressure drop through the
wide-open valve to the combined pressure drop through the valve
and coil or valve and heat exchanger. Line-size valves are almost
always too large. Valve sizes and valve coefficients should be
shown on a schedule on the plaBsual percentage valves (see
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Section 5.6.2) with a turndownti@a of 20:1 or better are usually
needed for most HVAC applitans. The authority of control
valves should usually be 0.3 or higher. Additional information on
valves is presented in Section 5.6.

Dampers are often provided widlir-conditioning systems and
are frequently too large. Foowtrol purposes, opposed-blade damp-
ers or a mixture of opposed- andalkel-blade dampers usually pro-
vide the best performance. In most cases, dampers should be smaller
than the return or outdoor air dughe wide-open velocity through
a damper that is to control doW should preferably be 1500 fpm
[7.6 m/s] or higher. Dampers should be shown on a schedule on the
plans. Experience has shown that copper, nylon, or thermoplastic
bushings on damper shafts may fail prematurely. Since dampers do
not receive routine maintenance in most HVAC systems, the use of
sealed ball bearings at the ends of shafts is recommended.

Positive positioners should be specified for most pneumatic
valves and actuators, except for the small actuators on VAV boxes,
reheat coils, or baseboard heatéysilot positioner is required to
reduce hysteresis, to improvetw@ator response, and to permit
adjusting of the gain of the controlled device.
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APPENDIX A

PROPOSED MECHANICAL AND
ELECTRICAL SYSTEMS FOR AN OFFICE
BUILDING WITH RETAIL STORES

This appendix provides an ou#firof building, system, and load
characteristics for a multi-use build that will provide a basis for
discussion and comparison in the following appendices.

As noted in Chapter 1, these appendices present examples of
real projects. These projects were selected for the first edition of
this manual and have been retained for the second edition. Some
design values may, as a result, appear dated. This is, however, not
too critical in the context of a process example. The specific charac-
teristics of any particular projecwill vary from those suggested
herein—as influenced by client requirements, project budget, appli-
cable codes and standards, and desieam intent. The purpose of
these appendices is not to show expected results or recommended
inputs for any given project but rather to outline design procedures
and considerations. Economic agsés and conclusions are partic-
ularly vulnerable to local conditions and assumptions. The conclu-
sions presented herein regarding economic decisions should not be
viewed as establishing general patterns or directions for design
decision making.

The analyses in these appendivgse conducted in I-P units.

Sl units have also been provijebut I-P and SI numerical values
may not correspond exactly due munding and approximations
during conversions.

A.1 BUILDING AND SYSTEM BASICS

1. Asingle fan room will be installed on each office floor; the fan
room will house a complete deory-packaged combination
air-handling unit and self-conteéd DX cooling system (coil
and refrigeration compressor), as follows:

a. The air-handling system will consist of two 11,000 cfm
[5190 L/s] supply air fans with inlet vortex dampers,

275
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pleated (flat) filters, cleanable precooling coils, DX-type
cooling coils, and controls.

b. Each DX unit will be rated at 35 tons [123 kW] and will
consist of two separate compressors arranged for sequen-
tial start and simultaneous use when the load requires.

c. The DX units on each floor will be connected to a
2500 ton [8790 kW] capacitynulti-cell cooling tower
located on the roof and with pumps located in the base-
ment. An auxiliary pair of condenser water risers will be
installed for use by future tenants.

d. The condenser water pumps and the auxiliary risers will be
piped such that it will be pogde to isolate one of the
tower cells with the auxiliary risers for winter operation.

2. The air distribution system on each floor will consist of a VAV
fan, medium-pressure ductwork upstream of the terminal
boxes, conventional VAV boxes serving the interior zone from
a common interior/perimeter air distribution main, and
fan-powered VAV boxes serving the perimeter zones. Heating
will be provided by means of electric resistance coils placed in
the low-pressure supply air duwork downstream of the indi-
vidual terminal boxes.

3. Ventilation air for the individual fan rooms will be provided via
a vertical, fan-pressurized air shaft. The fan will contain a heat-
ing section for preheating the outdoor air to 40°F [4.4°C] to
prevent freeze-ups at the indival floor units. The shaft will
be sized to provide up to 158300 cfm [1557 L/s]) outdoor
air to each floor’s air-handling system.

4. Two vertical exhaust shaftslvbe connected to exhaust fans
on the roof, capable of exhausting approximately 8 to 10 ach
from the largest floor in the building.

5. Stair pressurization fans will be capable of pressurizing the
individual stair shafts with outdoor air during alarm conditions.

6. A complete fire standpipe system serving sprinkler loops on
each floor will be connected two fire pumps piped in a cas-
cading arrangement.

7. Local electric domestic hot watkeaters will serve the tenant-
floor toilet rooms three or more floors at a time. Toilet rooms
will have floor drains as required by code.

8. Electric service at 480/277 l®will be obtained from a public
utility transformer vault, constructed under the sidewalk or
roadway adjoining the building, with service distributed



AIR-CONDITIONING SYSTEM DESIGN MANUAL 277

throughout the building via bus ducts run vertically through
electric closets on each floor.

9. An emergency electrical distribution system and an emergency
generator will be installed torovide power for life-safety and
other critical equipment in the event of a failure of the normal
power supply.

A.2 DESIGN CRITERIA

The values for design criteria and construction parameters listed
below were generally in compliance with prevailing standards at the
time the project was designed. Such standards (often codified) evolve
over time. A new design would generally be expected to comply with
the requirements of the curteversions of Standards 90.1, 62.1, and
55 (among others).

1. Design Conditions(extracted from climatic data for the locale
and the Owner’s Project Requirements)

Summer Outdoor 94°F [34.4°C] dry bulb
77°F [25.0°C] wet bulb
Indoor  78°F [25.6°C] dry bulb
60% RH maximum

Winter Outdoor 14°F [-10.0°C] dry bulb
Indoor  70°F [21.1°C] dry bulb
Humidity control None except in designated com-
puter rooms
Occupancy load 1 person per 109 ft
[1 person per 9.3
Lighting load 2.0 W/ [21.5 W/nf]
Receptacle load 2.0 W?‘I‘[21.5 W/n?]
Cooling tower Tower and auxiliary condenser

water system risers will be sized for
an additional plug load of 3.0 WAt
[32.3 W/n?] or 500 tons [1760 kW]
of equivalent cooling load.

2. Building Envelope Characteristics(U-factors in Btu/Ht? °F

[W/m? K])

Overall exterior wall Uy =0.35[1.98]
If facade contains 40%—-50% glass,
recommended wall value U,, = 0.10 [0.57]

Assumed value for glass Uy, =0.30[1.70]
Assumed glass shading coefficiené S 0.30 (a SHGC of approx-
imately 0.26)

Roof/ceiling assembly U, = 0.08 [0.45]
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3. Ventilation Criteria

Office spacesin response to concerns about acceptable indoor air
quality in office buildings (to avoid sick building syndrome), it was
decided by the client and design tetat a minimum of 15 c¢fm [7 L/s]

per person of outdoor air will upplied. Provision will be made at
each air-handling unit control panel to remotely vary the quantity of
outdoor air intake into each unitav€ontrol of the outdoor air damper
position. Toilet rooms and janitor’s closets will be exhausted at the rate
of 75 cfm[35 L/s] per fixture.Note that on any project an owner’s
directives regarding ventilation would be coordinated with current
requirements of local codes and national standards.

Electrical spacesln general, a minimum & ach will be mechani-
cally exhausted. Positive supphill be utilized for all areas con-
taining transformers or other dtedissipating equipment requiring
larger amounts of exhaust.

Main telephone room and elevator machine roonSonditions

will be provided in accordance with the requirements of these
equipment providers; it is anticipgat that these spaces will be con-
ditioned similarly to comfort-based spaces.

4. Acoustical Criteria
The following design criteria for background noise will be
used for the occupied spaces:

Offices NC-35 (except where adjacent to a fan room)
Corridors NC-40

Conference rooms NC-35

Lobby NC-45

5. Air Filtration

Outdoor air and recirculated air will be filtered at the air-han-
dling units by means of filters meeting the requirements of
Standard 62.1.
6. Domestic Hot Water

The domestic hot water system will be designed in accordance
with the “Service Water Heating” chapter in tASHRAE Hand-
book—HVACApplications Electric storage-type heaters providing
140°F [60°C] water to building pmbing fixtures will be provided
every three floors (with due considtion to anti-scalding controls).
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7. Provisions for Retail Areas

Metered electricity for each tenant’s use

Domestic cold water service

Sanitary drainage and vent connections

Valved condenser water outlets

Sprinkler connections (under “fire protection” scope of
work)

» Outdoor air for tenant ventilationeeds; if introduced at
storefront, the inlet must keminimum of 10 ft [3 m]
above street level

A.3 ESTIMATED LOADS

The following estimates are based on 625,0058,085 nf]
of gross office space plus lobby and two below-grade floors:

Demand Installed
Electric power 7600 kVA From preliminary load
study (not shown)
Refrigeration 1830 tons 2100 tons
[6436 kW]  [7386 kW]
Space heating 3350 kW 5200 kW

Domestic hot water heating 150 kW x39 kW + 78 kW for
future capacity

The maximum refrigeration demand and installed capacity
were determined as follows:

Base building, 600,000%4{55,762 nd] offices
(from computer analysis, not shown):

16,484,000 Btu/h [4832 kW] = 1374ons
[4832 kW]

Adjustment for additional

25,000 f¢ [2324 m’g office = 60 [211 kw]

Additional 1.0 W/ff [10.8 W/nf]

on office floors = 170 [598 kW]

Allowance for additional corner glass = 190 [668 kW]

Lobby plus two lower levels = 200 [703 kw]

5% of above for miscellaneous interior loads = 90 [317 kW]
Maximum demand with 40%—5/0.5 glass = 2000 [7034 kW]
Maximum demand with 40%—®8/0.3 glass = 1880 [6612 kW]

Check for reasonableness:
" 600,000/1,374 = 437%ton [55,762/4832 = 11.5 fkW)]
T 25,000/60 = 417 $iton [2324/211 = 11.0 AkW]
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The typical office floor will denand 65 tons [229 kW] of cool-
ing if the maximum building demarid shared equally among the
25 typical floors. Due to the expected load variation between floors,
it is recommended that each fldoe provided with a minimum of
70 tons [246 kW] of cooling capacity under a floor-by-floor
air-conditioning system conceftherefore, the minimum projected
installed capacity would be 2670 + 300 tons for lobby, etc. [26
246 + 1055 kW] = 2050 tons [72KW], and the proposed cooling
tower capacity is 2500 tons [8790 kW].

Note: The calculations for the heatj load and installed capacity
are not shown here. The supply air quantity for each typical office
floor, however, has been calculated as follows:

Base building, with 0.5/0.5 glass = 18,400 cfm [8683 L/s]
Additional 1 W/f£ [10.8 W/nf] = 3900 [1840]

Allowance for additional corner glass = 2000 [944]

Subtotal = 24,300 cfm [11,467 L/s]
Deduction for 0.3/0.3 glass = 2600 [1227]
Maximum operating air supply

for typical floor = 21,700 cfm [10,240 L/s]

A.4 ENERGY SOURCE AND UTILITY ANALYSIS

The available energy sourcesthe site and their estimated
average price per unit of consumptiatnthe time of project design
were set as follows:

Electric power, normal use 9.0¢/kWh

Electric power, heating 7.6¢/KWh

Natural gas, firm 47¢/therm [0.45¢/MJ]
Natural gas, interruptible 32¢/therm [0.30¢/MJ]
No. 2 fuel oll 60¢/gal [15.6¢/L]

Electric power prices are for delivered energy at the job site,
with perhaps 3% to 5% inefficiency or line losses prior to con-
sumption. The fossil fuel prices, on the other hand, are for raw
fuel, which, by means of a boiler plant, has to be converted into
heat energy.

When depreciated over a 20-year period (at a 10% interest
rate) and adjusted for owning costs and additional labor cost—
under the conditions assumed for this analydise heating
energy generated in a fossil fuel plant is more costly than pur-
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chased electric energy, especially where there is a reduced
demand charge for electrically heated buildingsis particular
conclusion is project- and site-specific.

The following is a comparison of overall energy production
costs, per million Btu [per 1,055,000 kJ], delivered to the system,
between the electric and tfessil fuel-heated building.

Fuel $ Plant Labor Plant Cost Total
Electric power 23.40 0.00 0.00 23.40
Firm gas 6.20 6.70 13.00 25.90
Interruptible gas ~ 4.20 6.70 13.00 23.90
oil 5.70 6.70 13.00 25.40

Note: Plant labor is based upon ardétbnal crew of 1.5, requiring
$60,000 per year more than the all-electric system. Owning or plant
amortization cost is based upone million dollars in extra con-
struction cost attributable to thmiler plant plus the penalty to be
paid for the “wet” system with hot-water heating boilers. Therefore,
conclusions on the various available energy sources are as follows:
1. Electric energy is more expensive in terms of its unit price and
annual heating energy cost, but it will prove to be more eco-
nomical when used in connectianith a “dry” resistance heat-
ing system. This is because a fossil-fueled plant, using No. 2
heating oil or natural gas amtistributing steam or hot water
through a “wet” piping systenwill raise the overall construc-
tion cost of the building by $1.0 to $1.2 million.

2. In the case of a refrigeratigntant for this project, the recom-
mended source of energy is electric power. Other types of
drives cannot generally competvith electric motor-driven
chillers. Over the past several decades, input to electric-drive
chillers has been reduced from roughly 0.85 to 0.90 kW/ton
[0.24 to 0.26 kW/kW] to araud 0.65 to 0.70 kW/ton [0.18 to
0.20 kW/kW] at the time of thiproject analysis, to around
0.55 to 0.65 kW/ton [0.16 t06.19 kW/kW] currently—a sub-
stantial series of reductions, while input requirements to
steam-driven chillers have remained essentially the same.

3. Although the utility or fuel cst for the gas-fired heating sys-
tem is lower than that of theesdtrically heated building, the
first cost of the gas-fired boilecannot be economically justi-
fied during the lifetime of this building project.
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A.5 CENTRAL VERSUS
DECENTRALIZED HVAC OPTIONS

Two possible options for locating the air-handling systems
have been evaluated:

Option 1.A central fan room located at the lowest floor (above the
entry lobby) and another one agthuilding penthouse, thus serving
the entire building from two locations. This option involves very
large air-handling units and extensive ductwork distribution.

Option 2.0ne fan room per floor. This option reduces equipment
size and ductwork distribution demands but places major equip-
ment on each floor.

The choice between central alodal-floor fan room schemes
depends upon the following:
1. Structural design, such as column transfer levels and similar
issues, encouraging the use of a central fan room.

2. Major tenants’ staffing and the preferred mode of servicing and
maintaining the mechanical and electrical systems.

3. Method of tenant utility metering and billing.

4. Anticipated overtime or off-hour use of the building systems

on different floors.
5. First cost, operating cost, and rental space considerations.
6. Building height restrictions, if any.
Space Requirements

1. Two central fan rooms(at the top and bottom of the building)

Outdoor cooling tower 3000%({280 n¥]
Penthouse mechanical and electrical room 9000 [840]
Lower mechanical and electrical room 7000 [650]
Chiller plant 4000 [370]

Duct area through typical floors 5000 [465]

Total 28,000 ft [2600 nf]

2. Fanrooms on each floor

Outdoor cooling tower 3000%{280 nf]
Typical floor fan room, 20 by 30 ft

[6.1 by 6.1 m] (@ 25 floors) 15,000 [1395]
Outdoor air intake shaft 1500 [140]
Smoke shaft 375 [35]
Lobby mechanical room 1200 [112]
Basement mechanical room 1200 [112]

Total 22,275 # [2070 nf]
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In this project, the proposedttural system does not require
column transfer space; therefore, théseno unused secondary
space suitable for mechanical equipmiestallation. There is no
known tenant preference for edthoption, and there are no height
restrictions. Frequent overtime and off-hour use of the building
HVAC systems is anticipated. Tleeappears to be no problem in
proportionately billing tenants favertime use of the system with-

out installing individual electrical meters on each floor.

The overall installed costs of the central fan room option and

the fan-room-per-floor option are approximately the same. From an
operating cost standpoint, there are two issues to be considered:

1.

The use of an air-side economizer in conjunction with the cen-
tral fan room option favors this concept by approximately
$23,000 per year in terms ofargy cost, as shown in the sum-
mary (A.6). This is because a water-side economizer (associ-
ated with the floor-by-floor fan room scheme) is less efficient
at or near outdoor temperatures when the changeover from the
cooling to the heating mode takes place. An air-side econo-
mizer can provide “free coolingdt temperatures below 55°F
[12.8°C] outdoors, whereas with the water-side economizer,
free cooling will not be available until the outdoor air tempera-
ture reaches 50°F—45°F [10.0°C—-7.2°C].

The requirement for off-hour ogaion of the system favors the

fan room per floor approackince complete shutdown of
unneeded systems is possible with this scheme whenever a
floor is not in use. With a central fan room scheme, although
energy savings via system turndown will be available, the
resulting energy savings are not anticipated to be as great as
available from complete shutdown of many units that would be
likely with a floor-by-floor system arrangement.

A.6 COMPARISON OF CENTRAL VERSUS
INDIVIDUAL REFRIGERATION SYSTEMS

1. Capital costs(not included in this appendix)
2. Operating costs(energy use in Btuftyr [MJ/m? yr])

Energy Use Utility Costs (%)
Scheme Electricity Gas Total

Air-side economizer 48,90855] 731,400 29,200 760,600
Water-side economizer 50,4(®73] 754,600 28,900 783,500
(with heat exchanger)
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The operating costs of the central chilled-water plant will be
lower during normal working hours since the larger machines are
more efficient and can also takalvantage of the considerable
diversity of loads in a large building.is during the extended peri-
ods of use beyond normal workingurs that the individual air-con-
ditioning units on each floor will be much more economical to
operate than a lightly loaded central chiller.

3. Maintenance Costs

The maintenance costs of antr@al chilled-water plant (with
multiple chillers) were anticipated tee less than the costs of main-
taining a multiplicity of individualrefrigeration packages. It was
also believed likely that replacement costs for individual units
would be higher than for the central plant. The likelihood of main-
tenance problems is much highfer the individual refrigeration
units, since regular maintenance can be carried out during the
off-season on the central chillers, even during water-side econo-
mizer operation, while preventiveaintenance is generally not
undertaken on installations wittumerous individual units.

4. Leasing Considerations

From a tenant’s standpoint, thencept of total control of one’s
office environment, day and night, is favorably looked upon by peo-
ple responsible for leasing space. There does not seem to be a draw-
back in apportioning the additioneost of overtime system use to
the tenants actually using the equipment, whether they are full-floor
or part-floor tenants.

5. Space Requirements

Investigation confirms that theea allotted to the fan room per
floor approach need not be emgjad to accommodate the addition
of a DX chiller section, wheredle central chiller plant approach
will require 4000 t [372 m’—] of space in the basement.

6. Flexibility, Reliability, and Redundancy

The central chiller plant approach, almost by definition, is
more flexible and more reliablend possesses a greater degree of
redundancy than the approach itwog individual cooling pack-
ages in each fan room. On the athand, if one of the main chillers
broke down during a peak-load day, the entire building would be
affected, whereas with the individuanits, only the respective floor
would be involved.

7. Energy Considerations

The project will be in compliance with energy codes applica-
ble at the time of design. Energy-efficiency enhancements, such as
heat recovery, economizer cycle, and thermal storage, are feasible
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with the central plant concept. These alternatives have been stud-
ied, however, and have not proved to be economically viable. The
greatest energy savings will be attained as a result of the decision
to use high-performance glass with a low (0.30 [1.70]) U-factor
and a low (0.30) shading coefficient (approximately equal to solar
heat gain coefficient).
8. Recommendation

Based on the foregoing, it was recommended that individual
packaged DX units be incorporatedthin each of the individual
floor air-handling systems in lieu of a central chilled-water plant.
This recommendation was made witie understanding that poten-
tial noise and vibration problems inherent in these units will be
addressed by an acoustical consultnd that the unit specified and
installed will have been successfully used in prior installations.

A.7 PERIMETER HVAC SYSTEM OPTIONS

Details of the heating energy calculations are not reproduced
here. Three perimeter heating schemes were investigated:

e VAV + perimeter baseboard heat
¢ VAV + perimeter fan-powered VAV (FPVAV)
¢ VAV + perimeter four-pipe fan-coil units

The following two tables summarize the results of a com-
puter analysis on the percentagyed type of glass in the facade
and the overall effectiveness thfe three types of perimeter sys-
tems studied.

Table A-1. Glass Properties and Energy Impacts

. Annual
srace e Pocet Sewr Gy
0.3[1.70] 0.3 40 4[21236(;0 $737,400
0.4 [2.27] 0.4 40 4[2,596?0 $760,600
0.5[2.84] 0.5 40 5[;888(;0 $782,500
0.4 [2.27] 0.4 50 5[2';’810?0 $782,500

* Btu/h ft? °F [W/mP K]
T Btu/f® yr [MI/m? yr]
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Table A-2. Comparison of Perimeter Systems

Esti- Utility Costs
Estimated ted y ® $ Net
: mate Present
Scheme  First Cost E )
$) nergy Electric Gas Total Worth
Use

VAV + perimeter baseboard

64,400

13,593,750 [732]

739,200 65,400 804,600 15,489,800

VAV + perimeter fan-powered VAV

13,750,000 4[;:280 737,300 24,000 761,300 15,425,300
VAV + perimeter four-pipe fan-coils
53,700

14,375,000 [610] 688,500 38,400 726,900 15,739,500

* Btufft2 yr [MI/m2 yr]

The following conclusions were drawn from this analysis:

The utility costs for the baseboard heating scheme are depicted
as being the highest because of the assumption of uncontrolled
heat delivery in winter. Otharontrol schemes, such as zoning
the baseboard radiation by exposure, would be expected to
change this conclusion.

The utility costs of the fouripe fan-coil system are the low-

est because more than 50% of the floor's cooling is being
accomplished through chilled water piped to the fan-coil
units. Compared to an all-air VAV system, the fan-coil system
uses much less fan energy to achieve the same amount of
perimeter cooling.

Despite the operating cost advantages of the fan-coil system,
the perimeter fan-powered variable-air-volume system dis-
plays the lowest overall cost. This is due to its low first cost
and its reasonably good energy performance compared to the
fan-coil system.

The major reasons for thus recommending the fan-powered

VAV system are:

1.

Its first cost is more accurately predictable because of its
common usage for this type of application. It is definitely
less expensive to install ah a comparable four-pipe
fan-coil system.

Its annual energy cost is 14%dehan that of the fan-coil sys-
tem and 37% less than that of the baseboard heating system.
The fan-powered VAV system’s ability to use the “heat of
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light” available from the ceiling plenum for winter heating is
the main reason for its superior performance.

3. The fan-powered VAV system would permit the use of
floor-to-ceiling glass (with 8 td2 in. [200 to 300 mm] sill
height) contemplated for this building, whereas standard
fan-coil units require higher sills (lower profile units are not
available at competitive prices). Note that this essentially archi-
tectural decision (valuing floor-to-ceiling glass) will likely
have winter comfort implications for occupants (without
under-glass radiation) unless high-performance glazing is used.

4. The heating elements provided with the fan-powered VAV
boxes can provide warm-up (in winter) without running the
air-handling system fans.irSilarly, they can providéempo-
rary heat prior to occupancy iifistalled without ductwork in
their permanent locations.

A.8 PROPOSED AIR DISTRIBUTION SYSTEM
FOR TYPICAL FLOOR

Under a fan-powered VAV system, a 5 ft [1.5 m] deep perim-
eter “isolation” zone will receive conditioned air from overhead
ductwork. One fan-powered variable-air-volume control box in
the suspended ceiling space will be assigned to each 450 ft
[42 m2] of floor area and will beantrolled by a zone thermostat.
Boxes will have electric resistance heating coils located down-
stream in the low-pressure ductwork. The perimeter zones will be
supplied with air through a continuous slot between columns via
4 ft [1.2 m] boots.

The interior zones of the floor will have conventional boxes,
one per 1000 ?t[93 rr12] of floor area, connected to a common
main supply air duct serving thentire floor. VAV boxes will be
controlled by zone thermostats. Supply air may be delivered
through conventional 2 by 2 ft [0.6 by 0.6 m] air diffusers suitable
for installation in a 2 by 4 ft [0.6 by 1.2 m] lay-in ceiling or
through 12 by 12 in. [300 by 300 mm] modular diffusers. Space air
will be returned primarily through air slots incorporated within the
lighting fixtures. A certain number of interior VAV boxes will have
duct heaters as required by the floor slab or roof exposure of the
space served or as required by special zoning or warm-up needs of
the space. Controls will be electronic with local DDC panels capa-
ble of handling desired local functioas well as forming part of a
central building control system.
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A.9 BUILDING AUTOMATION SYSTEM

A central and expandable building automation system (BAS) is
recommended. The system will semposed of a programmable
central monitoring, control, ansupervisory system that incorpo-
rates and integrates the following functions from the various local
DDC field panels:

1. Automatic temperature control system readouts and status of
equipment.

2. Energy management functions, such as logging of equipment
run-time and scheduled start/stop.

3. Central monitoring of VAV box air volumes, temperature set-
points, and zone temperatures.

4. Trend logging of zone temperatures and other key system

parameters.

System operation and maintenance scheduling.

Control of lighting systems.

7. Functions interfacing with the fire alarm system.

o o
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DESIGN CALCULATIONS FOR A
TYPICAL SINGLE-ZONE

HVAC SYSTEM

B.1 INTRODUCTION

The sample calculations in thégpendix and in Appendix C
illustrate the application of the gredures presented in Chapter 6,
“All-Air HVAC Systems.” Any conclusions drawn from this system
analysis apply only to the spécifapplication presented; they do
not necessarily apply universal§pecific values for various design
variables on a particular project would need to comply with local
codes and match the design intehthe owner and design team.
step-by-step procedure is given for the load components of each air
system accompanied by a corresponding psychrometric chart plot.
Several off-season operating conditicaare also analyzed to illus-
trate the ability of each systemraintain design conditions under
a wide range of loads.

The building analyzed here and in Appendix C is a multi-
exposure, multistory building. Treatment of the roof as to loads or
control zones is ignored, and all vertical separations are assumed
to be ceiling-to-floor assembliegthout a roof. All decks are con-
sidered floors separating conditioned spaces; therefore, deck losses
are a heat loss from, not a heat gain to, the ceiling plenum.

Supply and return ducts are asmd to be placed outside the
conditioned spaces, so that theyrdi affect ceiling temperatures.
This assumption is made for simgtycbut, if the supply ducts in
the return air plenum are insuldtend there are only small runs of
return air stub-ducting in the ceiling, the resulting error is small. It
is also assumed that the peak airflow for all rooms is governed by
room sensible heat loads.

All fan heat gains are assumedoitzur as a temperature rise at
the fan discharge even thougte thelocity pressure component of
fan energy occurs along the lehgtf the ductwork. This introduces

289
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a small psychrometric error whetaw-through and blow-through
systems are compared. The veloeitythe fan discharge is assumed
to be 2500 fpm [12.7 m/s] or 0.39 in. of water [97 Pa] velocity pres-
sure (VP). In a system with 6 in. of water [1.5 kPa] total pressure
(TP), this VP represents only 6.58bthe total pressure (or energy)
of the fan. Such an error is acagghfor simplicity in this analysis.

As noted in Chapter 1, this appendix presents an example from
a real project. This project was selected for the first edition of this
manual and has been retained for the second edition. Some design
values may, as a result, appear dated. This is, however, not too
critical in the context of a process example. The purpose of this
appendix is not to show expected results or recommended inputs
for any given project but rather to outline design procedures and
considerations. Economic analyses and conclusions are particu-
larly vulnerable to local conditions and assumptions. The conclu-
sions presented here regarding economic decisions should not be
viewed as establishing general patterns or directions for design
decision making.

The analyses in this appendisere conducted in I-P units. Sl
units have also been providedt P and SI numerical values may
not correspond exactly due to mding and approximations during
conversions.

B.2 BUILDING LOADS
B.2.1 Physical Data

Total conditioned area 160,000 10 stories, 126.5 by
126.5 ft)
[14,870 nf; 10 stories, 38.6 by
38.6 m]

Perimeter area 70,7002f{6570 nf] based on
16 ft [4.9 m] depth

Interior area 89,3004(8300 nf]

U-factors for ceiling assembly

Ceiling is 0.5 in. [12.7 mm] acoustical
lay-in tiles; heat flow down
U = 1/(0.23+1.19+0.92) =

0.43 Btu/hft2 °F
[1/ (0.041 + 0.209 + 0.162) =

2.44 Winf K]
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Floor is 2 in. [50 mm] concrete slab, tile
covered; heat flow up
U = 1/(0.23 + 0.40 + 0.05 + 0.61) =
0.77 Btu/hft? °F
[1 / (0.041 + 0.070 + 0.009 +

0.107) = 4.37 W/rAK]

Return-air suspended ceiling plenum with return air grilles in
ceiling on 150 ft [13.9 m’-] module locations, resulting in the ple-
num temperature being midway between room temperature and the
temperature of the air entering the return air duct.

B.2.2 Design Conditions for Full Load

Room design summer condition 76°F [24.4°C] db, 45% RH
Room design winter condition 76°F [24.4°C] db, 20% RH
Outdoor design summer condition 95°F [35.0°C] db/75°F
[23.9°C] wb
Outdoor design winter condition 0°F db [-17.8°C], 20% RH
Minimum outdoor air 0.2 cfm/[1.0 L/sm?]
= 32,000 cfm [15,100 L/s]

B.2.3 Summer Design Transmission Loads
(Solar and Conduction)

Assume no roof (for simplicity, see Section B-1); therefore,
loads are from walls and glass only, distributed over the 16 ft
[4.9 m] perimeter area that is partitioned from the interior area. The
following figures are in Btu/fit> [W/m?] of perimeter floor area.

Exposure N E S w
Block load 5.88[18.6] 6.90[21.8] 7.92[25.0] 39.9[125.9]
Maxi-
mg;‘:r']” 5.88([18.6] 32.2[101.6] &2[57.4] 39.9[125.9]
exposure

Each exposure (of 10 stories) has 17,6751843 nf] of floor
area. Total loads for the perimeter area are, therefore:

Block load 104 + 122 + 140 + 705 = 1,071,000 Btu/h [314 kW]
max load 104 + 569 + 322 + 7851,700,000 Btu/h [498 kW]



292 APPENDIX B

Conduction load per square foot of perimeter floor area is 5.45
Btu/h ft2 [17.2 W/n‘?]. The remainder is solar load:

Loads (1000 Btu/h [kW]) Total Conduction Solar
Block 1071 [314] 385[113] 685 [201]
max 1700 [498] 385[113] 1315[385]

B.2.4 Winter Design Block Transmission Load
(Conduction Only)

Load is 1,540,000 Btu/h [451 kW] or 21.8 Btu/h pef ft
[68.8 W/rr?] of perimeter floor area. Loads do not include trans-
mission from ceiling and floorcavities to room area. These
loads are noted for completenesgy. Winter conditions are not
analyzed in this appendix.

B.2.5 Lighting and Miscellaneous Electric Loads

The following tabulation includes ballasts, office equipment,
and other plug loads shown as design values with and without a
10% diversity allowance. Only stems with true VAV characteris-
tics in multiple zone applicatiorere allowed diversity reductions,
since constant-volume systems must provide capacities for max
(the sum of the individual peaks)Vhen the ceiling is a return air
plenum, only part of the lighting heat gain to the ceiling is retrans-
mitted to the room as a space heat gain. With a staga#ing in a
ducted return air system, however, all of it is retransmitted.

Loads per
unit area” max full load with 10% diversity
and total”
65% of heat
of lights
(emitted 3.04 1660° 2.74 1496
directly to [32.7] [487] [29.5] [439]
ceiling
plenum)
35% of heat
of lights
(emitted
directly to
room)

* W/t 2 [Wim?|
+ 1000 Btu/h [kW]

1.63 890 1.47 803
[17.5] [261] [15.8] [235]
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Loads per
unit area max full load with 10% diversity
and total
Miscella-
neousroom  0.56 306" 0.50 273
electric [6.0] [90] [5.4] [80]
loads
Total elec- 5.23 2856 4.71 2572
tric load [56.3] [837] [50.7] [754]
I%eh'l'igg 4.67 2550 4.21 2299
[50.3] [747] [45.3] [674]
alone

* Wt2 [Wim?]
1000 Btu/h [kW]

B.2.6 Occupancy Loads
(Assumed as a High-Occupancy Building)

The full occupant load i8378 occupants, with 67%{6.2 ]
per occulgant If the design permits diversity, 2440 occupants
with 75 ft“ [7.0 ] per occupant. Use 240 Btu/h [70 W] sensible
and 210 Btu/h [62 W] latent heat per occupant.

B.2.7 Design Data Full Load

Supply fan total pressure 6 in. [1490 Pa]
Return fan total pressure 1 in. [250 Pa]

Cooling coil leaving air dry-bulb temperature (summer)50°F [10.0°C]
Minimum room supply air temperature (winter) 55°F [12.8°C]

B.2.8 Intermediate Season Loads

Outdoor temperature = 65°F [@5°F wb [18.3°C/18.3°C]
Indoor minus outdoor _ 11°F [6.1°C]
temperature

48°F [8.9°C] minimum; control droop
2°F [1.1°C] lower

_ —223,000 Btu/h (heat loss) at 11°F

~ [-65.4 kW @ 6.1°C] without solar load

Cooling coil temperature

Transmission load

Heat gain from lights
at 75% full load
with 10% diversity
People load
at full load
with 10% diversity

2,143,000 Btu/h [628 kW]
1,927,000 Btu/h [565 kW]

570,700 Btu/h [167 kW]
513,600 Btu/h [151 kW]
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B.2.9 Special Room Loads

Table B-1 lists standard load components for typical rooms
under various operating conditiorEhe first set of calculations in
this appendix will help in undetending the numbers in the table.

B.2.10 System Calculations

For simplicity, all overall systersalculations are based upon
either the block loads ormax loads, assuming that summer sensi-
ble heat conditions govern all room air volumes. In unusual cases,
certain room air volumes and rogmeak calculations may indicate
that ventilation, humidity, or winter sensible heat concerns may
govern, but these conditions raredgcur and are ignored in the
present analysis. In all cases, pathe stress is given to system cal-
culations as they affect roooonditions, particularly humidity.

B.3 LOAD CALCULATION FOR
CONSTANT-VOLUME SINGLE-ZONE SYSTEM

Although the nature and the magnitude of the stated design
criteria were chosen to permit analysis and comparison of the
results for fairly sizable buildings with a requirement for zoning
flexibility, they are used here as the loads for a simple, sin-
gle-zone system to illustrate basic procedures. Even though the
type of system analyzed here is not recommended as a design
solution for this application, the results serve to illustrate that the
use of more sophisticated air systems might result in appreciable
increases in air, refrigeration, and heating capacities to achieve
the desired effects. Figure B-1 represents the system cycle and
shows the state of air at all lo@ats noted in Figure 6-I(A). The
corresponding points on the psychrometric chart and the compo-
nent heat quantities absorbediberated between points are illus-
trated in Figures 6-1(B) and 6-1(C). Assume that the simple,
single-zone load is identical toalsimultaneous peak load of the
entire building, as if there were just one large area with diversity.

B.3.1 Cooling Cycle Calculations at System Peak

Step 1Find trial room sensible heat gain; it cannot be finalized
until heat gains from the ceiling and floor cavities are determined
after finding the average plenum temperature. Assume that 40% of
heat from ceiling-mounted lightingill be transmitted to the room,
both down through the ceiling angh through the floor below (see
Figure B-1).
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Table B-1a. Special Room Loads
(Basic Form) (I-P Units)

1 2 3 4 5

Perimeter Perimeter
Executive  Conference
Office Room

Lecture and Interior
Projection Clerical

Perimeter
Office

Area, 3

Full load
electrict W/t

Full load
occupancy

Location

5000 320 400 1800 320

4.0 6.0 5.75 5.0 4.5

250 3 6 36 4

Interior Interior South North West

Room Peak Cooling, 95/75 dayl00% Lighting and Occupancy

Conduction
load

Solar load
Plenum load

Occupancy
sensible load

Room
sensible load

Occupancy
latent load

Room
internal load

SHR = Room
sensible heat
ratio
Cooling at
Part Load,>
65/65 day
Conduction
loal
(solar = 0)

Plenum load

Occupancy
sensible load

Room
sensible load

Occupancy
latent load

Room
internal load

SHR = Room
sensible heat
ratio

0 0 2180 9800 1740

0 0 5100 774 11,024

60,000 720 1440 8650 960

52,500 630 1260 7550 840

@ 0% @ 65% @ 80% @ 25% @ 80%
lighting lighting lighting lighting lighting

0 0 -1266 -569¢ -1016

60,000 720 1440 8650 960

52,500 630 1260 7550 840

All loads are in Btu/h (unless otherwise noted).
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Table B-1b. Special Room Loads

(Basic Form) (S| Units)

1 2 3 4 5
. Perimeter Perimeter .
Lecture 'and Interior Executive  Conference Perimeter
Projection Clerical 8 Office
Office Room
Area, nf 465 30 37 167 30
Full load
electrict W/ft? 43 65 62 54 48
Full load 250 3 6 36 4
occupancy
Location Interior Interior South North West

Room Peak Cooling, 35.0/23.8ay, 100% Lighting and Occupancy

Conduction
loa

Solar load 0 0
Plenum loafl

Occupancy
sensible load

0 0 0.64

1.49

17.59 0.42

Room
sensible load

Occupancy

latent load 15.39

0.18 0.37

Room
internal load

SHR = Room
sensible heat
ratio
Cooling at
Part Load5,
18.3/18.3 day

Conduction
loac? 0 0
(solar = 0)

Plenum load

@ 0%
lighting

@ 65%
lighting

@ 80%
lighting

-0.37°

Occupancy

sensible load 17.59

0.42

Room
sensible load

Occupancy

latent load 15.39

0.18 0.37

Room
internal load

SHR = Room
sensible heat
ratio

2.87 0.51
0.23 3.23
2.54 0.28
221 0.25
@ 25% @ 80%
lighting lighting
-1.67 -0.3¢
2.54 0.28
221 0.25

All loads are in KW (nless otherwise noted).
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Notes for Table B-1 (a and b)Only the basic criteria that appio any system design are given
in this table.Blanks are left where data wiary from one system to anothBio diversity in
individual rooms is allowed at peak.

1. Electrical loads in specific aeaary from the average of 5.23 \W/{66.3 W/nf],
depending upon plug loads aodhonstandard ceiling lightg. Loads are intended to be
actual demands, nobnnected loads.

2. Loads are pure wall andagls conduction witho allowance or prorating for roof.
3. These are solar loads overdaabove conduction loadsefts (2) and (3) for each area

correspond to the Btu?f[kW/mz] maximum loads from Seion B-2.3, Summer Design
Transmission Loads. Only RoaBy south, is given at itsoon peak; all dter rooms peak
individually but simultaneusly in late afternoon.

4. Direct heat emissions fronghting to any room &rconsidered to tbe same for all sys-
tems, but indirect transmission through flamd ceiling from the return air plenum are a
function of the average ceiling temperatwvéjch varies with theeturn air volume from
the room and the temperature above the deckelow the flooradjacent to uncondi-
tioned spaces.

5. The percent of full load lightg is indicated for eacltoom. Systems lighting for all 65/
65°F [18.3/18.3°C] outdoor conititis is 75%. For interior spaces, 65% of full load light-
ing is assumed a realistic minum in a preplanned, modulighting system for an area
without business machines and task lampsegdincal occupancy svahes are rarely pro-
vided. For a perimeter officeith a light switch, 80% ¢hting load is assumed when
occupied and 0% when unoccupied; for @mahce rooms, 25% when occupied and 0%
when unoccupied.

6.  The conduction valueshown constitute calculated values at théor the indicated out-
door temperature. They are appl as internal loads only specific system tabulations,
for air volume calculations, to the extenatlthey are not balaad by auxiliary heating
systems (e.g., perimeter radiat or terminal heating coils).

In Btu/h [kW]:

Heat gain from ceiling and - 0.4 x 1,496,000 = 598,400
floor

[0.4x 439 = 175]
Lighting and miscellaneous

. 803,000 + 273,000 = 1,076,000
heat gain

[235 + 80 = 315]
Simultaneous maximum

190 ) 1,071,000 [314]
transmission heat gain

People load = 2140 occupants @ 240 = 513,600
[2140 @ 70 W = 150 kW]
Sensible heat load (trial) = 3,259,000 [955]

Step 2.Find the supply air temperature and the trial supply and
return airflow. With a draw-through coil and the fan and drive com-
pletely enclosed in the fan plenum, all the heat of the supply fan,
motor, and drive, as well asethsupply duct transmission loss,

becomes a temperature rise in the supply air after the cooling coil.
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VALUES:

m = 62.44 [16.91] the = 75.53 [24.18] temperature in °F [*C]

ts = 79.85 [26.58] tsf = 80.38 [26.88] enthalpy in Btu/lb [kJikg]

Wm = 0.00307 WR = 0.0038 humidity ratio in Ibflb [kg/kg)
Ir = 79.44 [26.36] TR = 76.0 [24.44]

cc = 50.0 [10] 1s = 55.25 [12.92]

SHRR = 0.885 tm = 86.44 [30.24]

hm = 30.68 [71.36]  ho = 38.51 [89.81]
DESIGN (wbtR = 62.0 [16.67] hR = 27.85 [64.78])
whtcc = 48.4 [9.11]  {Echw = 44.4 (5.89]
ACTUAL (wbtR = 60.1 [15.61])
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DRY-BULB TEMPERATURE, FI[C]

Figure B-1. Psychrometric analysis for single-duct, single-zone system.

(0.363(total pressure in inchgs
(fan efficiency)(motor efficiency (drive efficiency)
(B-1a)
(0.829 (total pressure in kBa
(fan efficiency) (motor efficiency(drive efficiency)
(B-1b)

Fan temperature rise

Fan temperature rise
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Fan temperature rise = (0.363) (6) / (0.6) (0.9) (0.95)
= 4.25°F, independent of airflow
= [(0.829) (1.49) / (0.6}0.9) (0.95) = 2.4°C]

Assuming a 1°F [0.6°C] temperature gain from that portion of
the supply duct that passes thro@§tiF [32°C] unconditioned sur-
roundings, the supply air tempéure becomes 50 + 4.25 + 1 =
55.25°F [10.0 + 2.4 + 0.6 = 13.0°C].

Using Equation (1) in Chapté, the trial supply air quantity
for sensible cooling is obtaines 3,259,000 / (1.1) (76 — 55.25) =
142,800 cfm [955,213 / (1.224.4 — 12.9) = 67,387 L/s]

Recirculated airflow equals supply airflow minus outdoor airflow.

Recirculated airflow = 142,800 — 32,000 = 110,800 cfm
[67,387 — 15,100 = 52,286 L/s].

Now check the assumed heat gain from the ceiling and floor.
Using the appropriate equatioroifn the “Duct Design” chapter of
the ASHRAE Handbook—Fundamentathe difference between
room and return air plenum temperatures is found from:

(lighting heat in plenum) / ((0.5) (floor and ceiling conduction)
+ (1.1) (return airflow)
(1,496,000) / (0.5) ((60,000) (0.77 + 0.43))
+((1.1) (110,800)) = 6.87°F

[(438,478) / (0.5) ((4,870) (4.37 + 2.44))
+((1.2) (52,286)) = 3.86°C]

where

1,496,000 [438,478] = lighting hegto plenum (from Step 1)
160,000 [14,870] = flooarea (from B-2.1)

0.77 [4.37] = floor U-factor (from B-2.1)

0.43 [2.44] = ceiling U-factor (from B-2.1)

110,800 [52,286] = return (reculated) airflow (see above)

The difference between room temperature and average return
air plenum temperature is one-haffthat value, and the heat gain
from the ceiling and floor plenums then becomes:

(160,000) (0.77 + 0.43) (87) / 2 = 659,520 Btu/h
[(14,870) (4.37 + 2.448.86) / 2 = 195,441 W]

Step 3A revised try for airflow, repeating steps 1 and 2 with new
values gives the following:
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Heat gain from ceiling and floor = 659,520 Btu/h [193.3 kW]

Lighting and miscellaneous heat gain
= 803,000 + 273,008 1,076,000 Btu/h
=[235.4 + 80.0 = 315.4 kW]

Simultaneous maximum transmission gain
=1,071,000 Btu/h [313.9 kW]

People load = (2140 occupahf{240) = 513,600 Btu/h
= [(2140) (0.07 kW) = 150.5 kW]

Sensible heat load (revised) = 3,320,120 Btu/h [973.1 kW]

Revised supply airflow
=(3,320,120) / (1.1) (76 55.25) = 145,460 cfm
[(973,127) / (1.2) (24.4 12.92) = 70, 639 L/s]

Revised recirculated airflow 145,460 — 32,000) = 113,460 cfm
[70,639 — 15,101 = 55,538 L/s]

Temperature difference
= 1,496,000 / (96,000 A(1) (113,460)) = 6.77°F
[438,478 / (50,632 +1(2) (55,538)) = 3.74°C]

Return air plenum temperature
= (76 + 6.8) = 82.8°F [24.4 + 3.76 = 28.2°C]

Heat gain from ceiling and floor
= (160,000) (0.77 + 0.43p.77/2) = 649,920 Btu/h
[(14,870) (4.37 + 2.44(3.74/2) = 189.4 kW]

Return plenum heat gain
=(1.1) (113,460) (6.77°F) = 844,937 Btu/h
[(1.2) (55,538) (3.74) = 249.3 kW]

Total direct lighting heat emission to plenum
= (649,920 + 844,937) = 1,494,857 Btu/h
[(189.4 + 249.3) = 438.7 kW]

This is within 0.08% of the direct heat emission stated in the
breakdown criteria. Note that this is 44% instead of the 40% light-
ing load fraction assumed. The total heat gain contribution from
direct and indirect heat of light is 1,076,000 + 649,920 =
1,725,920 Btu/h [505,867 kW] or 678f the total electric load.

Step 4 Find the room sensible heatio and check to see that the
design room temperature is obtainable. Use Figure B-1(A). Plot the
room design air state of 76°F [24.4°C] db, 45% RH.
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Room sensible heat load 3,321,100 Btu/h [973.4 kW]
Room latent heat load 2140 occupantslO [61.6 W]

= 449,400 Btu/h [131.7 kW]

Room total internal load 3,770,500 Btu/h [1105 kW]
Sensible heat ratio (3,32100) / (3,770,500) = 0.88

Draw a line with this slope thugh the design state and note
that the required supply air teemature of 55.25°F [12.92°C], after
a 5.25°F [2.92°C] rise from the 39{10°C] coil temperature, could
not possibly fall anywhere alortis process line—see dotted line
in Figure B-I(A). A reasonableoil temperature must be assumed
before the actual room humidity ratio and total system load can be
determined, since the latter is a function of actual, not design,
humidity.

A final adjustment to the calated loads must always be made
based upon a given room design condition, when the state of air
leaving the actual selected coil is low enough in dew point to
depress the room humidity beldie selected design condition. If
reconciliation is not made betweé#re calculated load and the air
load from the psychrometric chart conditions, the calculated load
may be too low. Also, since tliimal leaving coil air condition can-
not be determined until the total system load is known, a generali-
zation will suffice to zero in on a reasonable coil condition. It is
based upon the average coil surface temperature, which may be
approximated closely as the intersea of the cooling line with the
saturation curve (assumed straight), in this casefine extended
in Figure B-1(A). The generalization may be expressed as:

(tccs — tEchw) / (wbtcc — tEchw) = Kcce (B-2)
where
tccs = colil surface temperature as defined previously
tEchw = entering chilled-water temperature
wbtcc = wet-bulb temperature of air leaving coil
Kcc chilled-water coil constant

Kcc isa function of the ratio of é&nded surface to prime sur-
face of a coil. It varies frombaut 0.5 for circular fin coils with
8 fins per in. [0.32 per mm] spacing to 0.7 for those with 14 fins per
in. [0.55 per mm] and from aboutto 0.75 for continuous plate
fin coils. The overall effect for a giveechwis to raise the leaving
coil dew-point temperature as the extended surface ratio increases.
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The designer should always check the assumed cooling coil temper-
ature against that obtainable with final coil selection.

Step 5Find the dry-bulb temperatures and humidities of return air
and mixed air. These humidities caryolme found by trial and error
using Equations (B-1) and (B-2). From Equation (B-1), the return
fan temperature rise equals (0.3@) in.) / (0.6) (0.9) (0.95) =
0.71°F [(0.829) (0.248) (0.6) (0.9) (0.95F 0.40°C]. Assume a
return duct transmission gaiin the unconditioned space) of
0.29°F [0.16°C]. Then the return air temperature becomes 76 + 6.77
+ 0.29 + 0.71 = 83.8°F [24 + 3.76 + 0.16 + 0.39 = 28.7°C]
(pointr in Figure B-la). Also plot poino, the state of outdoor air.
From Equation (5a) in Chapter 6, and the developed 22% outdoor
air ratio, the mixed-air temperatusefound to be 83.8 + 0.22 (95 —
83.8) = 86.26°F [28.7 + 0.235 — 28.7) = 30.09°C].

Assume a coil witiKcc = 0.5. Graphically, start with a lower
room humidity than the design condition and plot in sequence the
temperatures of Equation (B-2) such tKatc = 0.5. This occurs
whenwbtcc =48.4°F [9.1°C]tccs =46.4°F [8.0°C], andEchw=
44.4°F [6.89°C]. Figure B-la showisis at a room condition of 76°F
db/60°F wb [24.4°C/15.6°C] (RH = 38.7%), which is considerably
below the 45% design relative humidity. At this point, coil selection
should be checked with actual mdacturer's data to verify that
conditions areattainable with an optimum selection of coil area,
rows, water flow ratetEchw,and water temperature rise.

Step 6.Find the final total system cooling load from load compo-
nent summation and psychrometric chart values.

Room sensible heat 3,321,100 Btu/h [973.4 kW]
Room latent heat 449,400 [131.7]
Room total heat 3,770,500 Btu/h [1105 kW]

Light heat in return air 844,937 [247.7]
Return duct and fan
(1.1) (113,460) (F) = 124,806 [36.6]
Supply duct and fan, sensible
(1.1) (145,460) (52) = 840,032 [246.2]
Outside air, sensible
(2.1) (32,000) (95 #6) = 669,000 [196.1]
Outside air, latent
(4840) (32,000) (0.01410 - 0.00752) =
1,019,000 [298.7]
Total calculated load 7,268,275 Btu/h [2130 kW]
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Step 7Find the total coil load from the enthalpy difference between
mixed air and coil leaving air.

Coil load  (4.5) (145,460) (30.5619.43) = 7,287,400 Btu/h
[(1.2) (68,643) (71.08 45.19) = 2132 kW]

Step 8Find the total load from temperature and humidity ratio dif-
ferences across the coil.

Sensible coil load (1.1) (145,46(86.26 — 50.0¥ 5,801,818 Btu/h
[(1.2) (68,643) (30.15 — 10.0) = 1660 kW]

Latent coil load 484& 145,460 (0.00885 — 0.00683) =
1,422,520 Btu/h

[(3) (68,643) (8.85 — 6.83) = 416 kW]
Total coil load = 7,224,338 Btu/h [2076 kW]

B.4 COMMENTS

a. Steps 6, 7, and 8 illustrate good reconciliation between three
calculation methods, including the psychrometric chart analy-
sis, to synthesize the total load.

b. Note that the entire ceiling plenum load becomes a system load
only when all the air from the room is returned to the supply
fan. In the extreme case (if alletheturn air were relieved after
the return air fan) the heat from the ceiling plenum that is
added to the return air never becomes a system cooling load.

c. The full load with a 5.23 WAt[56.3 W/nf] electric load
requires only (145,460 cfm) / (160,000)ft= 0.91 cfm/fé
[(68,643 L/s) / (14,870 fn= 4.62 L/s m] because of the heat
of lighting in the return air, @n with a moderate supply air
temperature difference of 20°F[11.5°C]. If the ceiling were
not used as a return air plenum, this load of 845,230 Btu/h
[248 kW] would become a room sensible load requiring
approximately 37,000 more cfri],460 L/s], or a total supply

of 1.14 cfm/f€ [5.79 L/s nd].

d. Figure B-I(B) shows the psychrometrics for winter conditions.
For an explanation of winter conditions, see Appendix C.
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DESIGN CALCULATIONS FOR A
SINGLE-DuCT VAV SYSTEM WITH
PERIMETER RADIATION

C.1 INTRODUCTION

This analysis is for the sanbilding considered in Appendix
B. Data not shown here are takigom that appendix. The follow-
ing description defines the building systems in more detail. The
focus of this appendix is uponetlinterrelationship of loads, indoor
air quality concerns, and confsofor a VAV HVAC system with
perimeter radiation as applied this particular building context.
Any conclusions drawn from thésalysis of systems apply only to
the specific application presented and do not necessarily apply uni-
versally.Specific values for various design variables on a particu-
lar project would need to complyith local codes and match the
design intent of the owner and design te@tthough the values
presented here are specific to this example, the issues discussed are
typical for applications of this type of system.

1. A continuous perimeter hot-water radiation system is assumed
with scheduling of the supplyater temperature from the out-
door air temperature. It is sized throughout for adequate auxil-
iary heat to maintain a 76°F [24.4°C] room temperature by
replacing the heat loss via muction plus any infiltration.
Scheduling options are illustrated.

2. Full-closing VAV units are assumed in this example, but means
for maintaining a minimum acceptable air motion and ventila-
tion rate without minimum positioning are illustrated. Note
that, in general, it is not good practice to use full-closing VAV
boxes in occupied spaces.

3. Multiple-zone flexibility is illustrated by examining interior
and perimeter exposed areas of different uses.

4. The benefits of full diversity are taken.

305
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5. Table C-1 (part “@” in I-P units; part “b” in Sl units) completes
the basic information from Table B-1 for this particular system.

As noted in Chapter 1, thigppendix presents an example from
a real project. This project was selected for the first edition of this
manual and has been retained for the second edition. Some design
values may, as a result, appear dated. This is, however, not too crit-
ical in the context of a process example. The purpose of this appen-
dix is not to show expected results or recommended inputs for any
given project but rather to outline design procedures and consider-
ations. Economic analyses and clusions are particularly vulner-
able to local conditions andassumptions. The conclusions
presented here regarding economic decisions should not be viewed
as establishing general patterns or directions for design decision
making.

The analyses in this appendisere conducted in I-P units. SI
units have also been providedt P and SI numerical values may
not correspond exactly due to rding and approximations during
conversions.

C.2 CALCULATIONS AT SUMMER PEAK

The calculations and psychrometric chart for the simple, sin-
gle-zone cooling application with draw-through fan may be con-
sidered identical to this VAV apgfation for the analysis of average
system conditions at summer stn. Figure C-1(A) therefore
shows, using solid lines for system averages, the identical summer
plot as in Figure B-1, while the dotted processes are for special
rooms defined in Table C-1. The room state subscript numerals cor-
respond to the colummumbers in the table.

Note 4 in Table C-1 shows the direct lighting heat emission to
each room from ceiling fixtures and miscellaneous room electric
loads plus the indirect heat afunction of the building’s average
ceiling temperature rather than as a percentage of the individual
maximum direct lighting heat emission to the ceiling. The plenum
temperature is therefore a function of the percent of the system’s
entire full-load ceiling lighting, indegendent of the specific ceiling
lighting intensity for any specific room.

Room 1: Lecture and Projection, Peak Load (see column 1, Table
C-1). Take ceiling lighting alone as 3 W/tBZ.Z W/r‘r12], miscella-
neous electrical loads as 1 V@/[ILO.S W/m’-], and the temperature
difference between plenum aand room air as 3.39°F [1.88°C]
(from Appendix B). Again, as iAppendix B, assume 35% of the



Table C-1a. Special Room Loads (I-P Units)

1 2 3 4 5
Lecture and Interior Perimeter Perimeter Perimeter
Projection Ger_leral Executive Conference Office
Offices
Area, fE 5000 320 400 1800 320
Full load electrict W/ft? 4.0 6.0 5.75 5.0 45
Full load occupancy 250 3 6 36 4
Location Interior Interior South North West
Room cooling peak on 95°F db dayl00% (full load) lighting and occupancy
Conduction loa#i 0 0 2180 9800 1740
Solar load 0 0 5100 774 11,024
Plenum loafl 55,300 4657 5260 22,056 3375
Occupancy sensible load 60,000 720 1440 8650 960
Room sensible load 115,300 5377 13,980 41,280 17,099
Occupancy latent load 52,500 630 1260 7550 840
Room internal load 167,840 6007 15,240 48,830 17,939
SHF = room sensible heat factor 0.69 0.9 0.92 0.85 0.95
cfm/ft2 attg = 55.25°F 1.01 0.74 1.85 1.0 2.34
Room relative humidity, % 46.6 38.6 40.0 40.0 37.6
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Table C-1a. Special Room Loads (I-P Units)

(continued)

1 2 3 4 5
Lecture and Interior Perimeter Perimeter Perimeter
Projection Ger_leral Executive Conference Office
Offices
. % FL % FL % FL 25% FL % FL
Cooling at part loac® (65°F/65°F day) ((Izi)g(t)wtiong @I)i;iir:g @?iQSk?tir:g @Iigk?tir?g @IiQBFE)tir(I)g
Conduction load offset by radiati%tsolar =0) 0 0 0 0 0
Plenum loafl 19,200 3409 4441 10,595 2887
Occupancy sensible load 60,000 720 1440 8650 960
Excess radiation 0 0 0 0 400
Room sensible load 79,200 4129 5881 19,245 4247
Occupancy latent load 52,500 630 1260 7550 840
Room internal load 131,700 4759 7141 26,794 5087
SHF = room sensible heat factor 0.60 0.87 0.82 0.72 0.83
cfm/ft? atty=58.1°F 0.80 0.66 0.75 (exh) 0.65 0.65
Room relative humidity (%) 55.0 47.7 45.5 48.5 44.5

O XIAN3ddVY  80E



Table C-1a. Special Room Loads (I-P Units)  (continued)

1 2 3 4 5
Lecture and Interior Perimeter Perimeter Perimeter
Projection General Executive Conference Office
Offices
Cooling at Heating Peak on 0°F Day

Conduction loafl (reference only) 0 0 -8730 -39,300 -6990

Peak solar load 0 0 8800 300 5250
Maximum plenum load 55,300 4657 5260 22,056 3375
Maximum occupancy sensible load 60,000 720 1440 8650 960

Excess radiation 0 0 4150 0 4100

Maximum room cooling load 115,300 5377 19,650 31,006 13,685

cfm/ft? atts= 55.25°F 1.17 0.74 2.15 0.76 2.17

Minimum room cooling load &t = 61.5°F 15,000 2620 4150 10,595 4100

cfm/ft? atts= 61.5°F 1.01 0.05 0.65 (exh) 0.65 0.65

All loads are in Btu/h.
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Table C-1a. Special Room Loads (I-P Units)  (continued)

Notes for Table C-1la

(1) Electrical load in specific areas vary from the average of 5.233\tpending upon wall and floor ¢ettusage or nonstandard ceiling liighy. Loads are intended to represent
actual demands, nabnnected loads.

(2) Loads are pure wall and glass conduttigth no allowance or prorating for roof.

(3) These are solar loads over and abovelgciion loads. Items (2) and (3) for eaka correspond toghmaximum loads (Blftz) from Section B-2.3Summer Design Trans-
mission Loads. Only Room 3, south, is giwa its noon peak; all otheooms peak individually bigimultaneously in late atnoon.

(4) Direct heat emission fronglits to any room is consideredtte the same for all systensit indirect transmissions thrghi floor and ceilings frorthe return air plenum are a
function of the average ceilingmperature, which varies withe return air volume from tlreom and the temperature abokie tleck or below the flo@djacent to unconditioned
spaces.

(5) The percent of full loaddhting indicated applies only the indicated rooms. Generaliloling lighting for all analysesising 65/65°F outabr conditions is 75%. For interior
spaces, 65% of full load lighting is assed a realistic minimum in @replanned, modular lightingystem for an area withoektensive plug loads andstalighting, since local
occupancy switches are rarely pided. For a perimeter office withlight switch, 80% lighting lad is assumed when occupitd 0% when unoccupigfbr conference rooms,
25% when occupied dr0% when unoccupied.

(6) The conduction values shown constitute calculated values at fiiethe indicated outdoor temperatuféey are applied as internal loaafdy in specific systems tabulations,
for air volume calculations, to the extehat they are ndialanced by auxiliary heating systems (e.g., perimeter radiattennoinal heating coils).
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Table C-1b. Special Room Loads (Sl Units)

1 2 3 4 5
Lecture and Interior Perimeter Perimeter Perimeter
Projection General Executive Conference Office
Offices
Area, nf 465 30 37 167 30
Full load electrict W/m? 43 65 62 54 48
Full load occupancy 250 3 6 36 4
Location Interior Interior South North West
Room cooling peak on 35°C db day, I® (full load) lighting and occupancy
Conduction loai 0 0 0.64 2.87 0.51
Solar load 0 0 1.49 0.23 3.23
Plenum loafl 16.21 1.36 1.54 6.46 0.99
Occupancy sensible load 17.59 0.21 0.42 2.54 0.28
Room sensible load 33.79 1.58 4.10 12.10 5.01
Occupancy latent load 15.39 0.18 0.37 221 0.25
Room internal load 49.19 1.76 4.47 14.31 5.26
SHF = room sensible heat factor 0.69 0.9 0.92 0.85 0.95
L/s m? attg= 12.9°C 5.13 3.76 9.40 5.08 11.89
Room relative humidity, % 46.6 38.6 40.0 40.0 37.6
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Table C-1b. Special Room Loads (S| Units)

(continued)

1 2 3 4 5
Lecture and Interior Perimeter Perimeter Perimeter
Projection Ger_leral Executive Conference Office
Offices
. % FL % FL % FL 25% FL % FL
Cooling at part load® (18.3°C/18.3°C day) (T:i)g?wtiong @";‘T’tir‘:g @:iQSF?tir:g @Iigk?tir?g @Iigsk?tir?g
Conduction load offset by radiati%tsolar =0) 0 0 0 0 0
Plenum loafl 5.63 1.00 1.30 3.11 0.85
Occupancy sensible load 17.59 0.21 0.42 2.54 0.28
Excess radiation 0 0 0 0 0.12
Room sensible load 23.21 1.21 1.72 5.64 1.24
Occupancy latent load 15.39 0.18 0.37 2.21 0.25
Room internal load 38.60 1.39 2.09 7.85 1.49
SHF = room sensible heat factor 0.60 0.87 0.82 0.72 0.83
L/s m? attg=14.5°C 4.06 3.35 3.81 (exh) 3.30 3.30
455 48.5 445

Room relative humidity (%) 55.0 47.7

D XIAN3ddY 2IE



Table C-1b. Special Room Loads (S| Units)  (continued)

1 2 3 4 5
Lecture and Interior Perimeter Perimeter Perimeter
Projection General Executive Conference Office
Offices
Cooling at Heating Peak on —17.8°C Day
Conduction loafl (reference only) 0 0 -2.56 -11.52 -2.05
Peak solar load 0 0 2.58 0.09 1.54
Maximum plenum load 16.21 1.36 1.54 6.46 0.99
Maximum occupancy sensible load 17.59 0.21 0.42 2.54 0.28

Excess radiation 0 0 1.22 0 1.20
Maximum room cooling load 33.79 1.58 5.76 9.09 4.01
L/s m? atty= 12.0°C 5.94 3.76 10.92 3.86 11.02
Minimum room cooling load &t = 16.4°C 4.40 0.77 1.22 3.11 1.20
L/sm? atty= 16.4°C 5.13 0.25 3.30 (exh) 3.30 3.30

All loads are in kW.
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Table C-1b. Special Room Loads (Sl Units)  (continued)

Notes for Table C-1b

(1) Electrical loads in specific aresary from the average of 56.3 Wrdepending upon wall and fipoutlet usage or nonstandard ceilirghting. Loads are intended to represent
actual demands, nebnnected loads.

(2) Loads are pure wall and glass conduttigth no allowance or prorating for roof.

(3) These are solar loads over and abovelaction loads. Items (2)él (3) for each area correspbio the maximum loads (kW#) from Section B-2.3, Summer Design Trans-
mission Loads. Only Room 3, south, is giwa its noon peak; all otheooms peak individually bigimultaneously in late aftnoon.

(4) Direct heat emission fronglits to any room is consideredte the same for all systensit indirect transmissions thrghi floor and ceilings frorthe return air plenum are a
function of the average ceilingmperature, which varies witthe return air volume from tlreom and the temperature abokie tleck or below the flo@djacent to unconditioned
spaces.

(5) The percent of full loaddhting indicated applies only the indicated rooms. Generaliloing lighting for all analysesising 18.3/18.3°C outdooorditions is 75%. For inte-
rior spaces, 65% of full load lighting &sumed a realistic minimum in a preplanmaddular lighthg system for an area wiht extensive plug loads atask lighting, since local
occupancy switches are rarely pided. For a perimeter office withlight switch, 80% lighting lad is assumed when occup#attl 0% when unoccupied; for conference rooms,
25% when occupied dr0% when unoccupied.

(6) The conduction values shown ctige calculated values at thé for the indicated outdoor temperatuféey are applied as internal loaddyoin specific sygtem tabulations,
for air volume calculations, to the extehat they are ndialanced by auxiliary heating systems (e.g., perimeter radiatiennoinal heating coils).
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VALUES:
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Figure C-1. Psychrometric analysis for single-duct VAV system with
separate perimeter radiation at design loads.

lighting load enters the room. Rodmads are then as follows (in
Btu/h [kW]):

Electrical load (1 + (0.35) §3(5000) (3.41) = 35,000
[(10.76 + (3.76) (3)) (465) = 10.26]
Load from plenums (500q1.2) (3.39) = 20,340
[(465) (6.8) (1.88) = 5.96]
Occupant sensible  (250) (240) = 60,000
[(250) (0.070) = 17.59]
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Room sensible 115,340 [33.81]

Occupant latent (250) (210) = 52,500
[(250) (0.0620) = 15.39]

Room total internal 167,840 [49.19]

Sensible heat ratio SHR = 115,340/167,840 = 0.69
[33.81/49.19 = 0.69]
Room supply air rate (115,340)(1.1) (76 — 55.25)] = 5051 cfm =

1.01 cfm/fé
[(33,810) / ([1.2] [24.4 — 12.9]) = 2384 L/s =
5.13 L/sm?]

Draw lines-R1through points in Figure C-1(A) at a slope of
SHR = 0.69 for graphical solutiasf room state at 76°F [24.4°C]
db, 46.6% relative humidityRH1). This is not as low as the design
condition but is considered accdptg therefore, no design reheat
(or its equivalent) is required for this mode.

Columns 2 through 5 in Table C-1 are addressed in a similar
manner. Only results that require discussion are explained below.

Room 2: Interior Clerical, Peak Load (see column 2, Table C-1)

Btu/h t2 [kW]

Electrical (1.5 W/t + (0.35) (4.5 W/t ceiling)) (320 f})
(3.41) = 3355
[(16.1 + (0.35) (48.4)) (29.7) = 0.98]

Plenums (320 ) (1.2) (3.39) = 1302
[(29.7) (6.8) (1.88) = 0.38]

Sum 4,657 [1.36]

Supply air rate = (5377) / (1.1) @Z5) = 236 cfm at full load =
0.74 cfm/ft

[(1576) / (1.2) (11.5) = 111 L/s = 3.76 L/$m
Draw lines-R2at SHR = 0.9 for room relative humiditiRid2) of
38.6%

Room 3: Perimeter Executive Office, South-Facing, Noon Peak
(column 3, Table C-l)

From assumed loads, Appendixsection B-2.3 (Btu/h [kW]):
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Conduction (400) (5.45) = 2,180
[(37.2) (17.2) = 0.64]
Solar (400) (18.2 — 5.45) = 5100
[(37.2) (57.4 — 17.2) = 1.50]
Lighting (1 +[0.35] [475]) (400) (3.41) = 3632
[(10.8 +[0.35] [51.1]) (37.2) = 1.07]
Plenums  (400) (1.2) (3.39) Btu/tfft 1628
[(37.2) (6.8) (1.88) = 0.48]
Sum 12,540 [3.67]

Room supply air rate = (13,980gd¢ / (1.1) (20.75) = 612 c¢fm =
1.53 cfm/fe
[(4098) /1.2) (11.53) = 297 L/s = 7.98 Lis?]

Draw lines-R3at SHR = 0.92 for room relative humiditiRid3) of
40% (this line is not shown in Figure C-la)

Room 4: Conference Room, North-Facing, Peak Load (column 4,
Table C-I) Btu/h [kW]:

Conduction (1800) (5.45) = 9800
[(167) (17.2) = 2.87]
Solar (1800) (5.88 — 5.45) = 774
[(167) (18.6 — 17.2) = 0.23]
Electrical (1 + (0.35) (4)) (1800) (3.41) = 14,730
[(10.8 +[0.35] [43.0]) (167) = 4.32]
Plenums (1800) (1.2) (3.39) = 7326
[(167) (6.8) (1.88) = 2.15]
Sum 22,056 [6.47]

Room supply air rate = (41,280 peak) / (1.1) (20.75) = 1808 cfm =
1.0 cfm/ft
[(12,099) / (1.2) (11.53} 875 L/s = 5.24 /s

Draw lines-R4at SHR = 0.85 for room relative humiditiR14) of
40%.

Room 5: Perimeter Office, West, Late Afternoon Peak (column 5,
Table C-l) Btu/h [kW]:
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Solar (320) (39.9 — 5.45) = 11,024
[(29.7) (125.9 -17.2) = 3.23]
Electrical [0.5 + (0.35§4)] (320) (3.41) = 2073
[(5.4 +[0.35] [43.0]) (29.7) = 0.61]
Plenums (320) (1.2) (3.39) = 1302
[(29.7) (6.8) (1.88) = 0.38]
Sum 14,399 [4.22]
Room supply air rate = (17,09@ak) / (1.1) (20.75) = 749 cfm =
2.34 cfm/ft
[(5,012) / (1.2) (11.53) =362 L/s =
1.13 L/sm?|

Draw lines-R5at SHR = 0.95 for room relative humiditiRid5) of
37.6%.

C.3 CALCULATIONS FOR PART-LOAD COOLING

C.3.1 System Analysis for Outdoor Conditions 65/65°F
[18.3°C/18.3°C], No Sun, 75% Electric and 100%
Occupancy Loads

With true VAV, only the following changes on the psychromet-

ric chart have an effect on room conditions (see Figure C-2):

1.

The cooling coil temperature wilffer a natural control droop
from the discharge thermostat that controls it as well as from
the controller of the refrigerated medium. For part-load humid-
ity control, it is desirable to permit this to occur, and some
designs even have a desiredajy programmed into their con-
trol cycle. Note, however, that this tends to increase the throt-
tling ratio for VAV-controlled zones.

The temperature rise from sipfan heat and duct gains may
change as the result of a drop in system air volume and differ-
ent ceiling plenum balances and temperatures. Although Equa-
tion B-1 shows the fan heat tearature rise to be independent

of airflow rate, it is an inverse function of fan efficiency at any
given operating condition. This may vary in any given fan, as
the constant static pressure control operates the various devices
and may rise or fall, depending upon the position of the
full-load operating point on thefficiency curve, the type of
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Figure C-2. Psychrometric analysis for single-duct VAV system with
separate perimeter radiation at outdoor conditions of 65°F/65°F
[18.3°C/18.3°C].

control, and the part-load value. For consistency in compari-
sons within these appendices, it is assumed that variable-inlet
vanes are used and, within the range of 100% to 50% of system
volume, the bhp is taken to lpeoportional to the percent of
full-load volume. Therefore, the temperature change is 48 +
5.25 =53.25°F [8.9 + 2.9 = 11.8°C]his tends to keep the fan
rise constant within the sttt range regardless of volume.
Note, however, that the fan efficiency for variable-speed drives
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remains constant in the range typical for VAV systems. Vari-
able-speed drives would be the norm for most current projects.

3. For any given room latent load, the room SHR decreases as the
room supply air volume is deeased to meet reduced room
sensible loads.

4. At constant room airflow ratg¢he temperature rise from the
ceiling heat of lighting is prmortional to the percent of full
lighting load. This percentage, however, varies inversely with
room air supply volume. Repetie trial-and-error solution for
this quantity, illustrated in steps 1 through 3 of the cooling load
calculations in Appendix B, for 75% lighting and miscella-
neous electric loads, full occupancy, and a greater ratio of
lighting loads into the room &ém the 44% found previously.
With a substantially lower room air volume, assume a ratio of
57% because of the inverse relationship.

Direct lighting to room Btu/h (kW)

and miscellaneous

electrical loads (0.75) (1,076,000) = 807,000
[(0.75) (315,376) = 237]

Plenum loads (0.57) (0.75) (1,496,100) =
639,580

[(0.57) (0.75) (438,507) = 187]
Sensible occupant load

at full load with diversity 513,600 [151]
Transmission load 0 [0]

(balanced by radiation)

Total room sensible load 1,960,180 [575]

Supply air of 78,300 cfm [36,950 L/s] is at a temperature of
53.25°F [11.8°C], allowing for agé to room air temperature of
22.75°F [12.64°C]. This represerid% of the full-load air supply
and an average of 0.49 cfri/f2.49 L/sm?. Assume, however,
that 0.65 cfm/ft [3.30 L/sm? is the minimum acceptable value
(see Section C-3.2.5) for a towfl 104,000 cfm [49,078 L/s]. In
actual operation, when a controller senses a system reduction to this
desired minimum point, the supply air temperature can be sched-
uled to rise to some tolerable pbthat still permits adequate cool-
ing at this minimum volume. In this case, fiof 17.9°F [9.9°C],

i.e., a supply air temperature of 38F [14.5°C], would be neces-
sary with a cooling coil temperatuof 52.85°F [11.6°C] as shown
in the upper cycles of Figure CH2 this coil temperature were too



AIR-CONDITIONING SYSTEM DESIGN MANUAL 321

high or if the load were lowethe basic outdoor air radiation sched-

ule could be elevated as a second step, after the maximum accept-
able supply air temperature has been reached—all from the same
flow-volume sensing device. It iasonable to assume that 58.1°F
[14.5°C] is satisfactory until its asis checked for desired perfor-
mance in the special rooms, and the 104,000 cfm [49,078 L/s] may
be used for the first try in the modified ceiling temperature rise
equation, as before:

(0.75)(1, 496 110
" [(0.5)(160, 000(1.2)] + [(L.1)(104 00032, 000]

I-P = 6.4°F
(0.75)(438, 510

Sl: [(0.5)(14, 870(6.8)] +[(1.2)(49, 078— 15, 103)]

= 3.6°C

There is no need to check theahlwad from the plenums, since
it was predicated on an arbitramssturn air rate of 104,000 — 32,000
= 72,000 cfm (49,078 — 15,101 = 33,977 L/s). However, the
trial-and-error cycle must be closed by checking the amount of heat
from lighting directly emitted tdhe plenum against the assumed
value of (0.75) (1,496,000 &t) = 1,122,000 Btu/h [(0.75)
(438.5 kW) = 328.9 kW], which checks very closely as shown in
the following calculation (Btu/h [kW]).

Load from plenums to room (160,000) (1.2) (3.2) = 614,400
[(24,870) (6.8) (1.8) = 180.1]
Load from plenums to return air (1.1) (72,000) (6.4) = 506,900
[(1.2) (33,977) (3.56) = 148.6]
Total = ~ 1,121,300
[328.7]

5. Were it not for the need to raise the supply air temperature
above the design point to control air volume, the system per-
cent-of-full-load-operation would have no effect on the room
relative humidity, since the latter is strictly a function of that
temperature, not the system load. For this particular system
load, and a required supply &&mperature of 58.1°F [14.5°C],
simple chilled-water temperature or flow control may be con-
sidered first if most or all rooronditions can be satisfied with
the higher dew-point temperature at the cooling coil. Terminal
reheat, ceiling induction, or local fan recirculation with ceiling
plenum mix may be a more eanical solution (in both dol-
lars and energy use) than main air system reheat to take care of
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especially difficult rooms (see lower left of Figure C-2). All
room conditions can now be checked from Figure C-2 without
the need to plot average system conditions. Only cooling coil
and supply air temperatures are relevant.

C.3.2 Room Analyses for Outdoor Conditions 65/65°F
[18.3°C/18.3°C], No Sun, wi th Electric and Occupancy
Loads as Noted in Table C-1

The calculations follow the previous pattern. Special condi-
tions are highlighted below.
1. Room 1 at zero lighting and full occupancy (Btu/h [kKW]).

Room electrical load during projection from isolation booth
=0[0]

Plenum loads

= (5,000 ff) (1.2) (3.2) = 19,200

[(465 ) (6.8) (1.77) = 5.63]

Completing the summation in Table C-1 as before with SHR =
0.60 requires a coil temperaturefiiod the supply air temperature.
With a rise of 5.25°F [2.92°C] (assuming thatwill stay substan-
tially the same with decreased air volume and a smaller temperature
difference between plenum and slypair), then the coil tempera-
ture is 58.1 — 5.25 = 52.85°F [54- 2.92 = 11.58°C]. With a lower
air velocity across the coil, thealging air will be more saturated
than at full load; so, in Figure Cte upper cycle is plotted at 52.85/
51.6°F [11.58/10.89°C], and the shypmir will be at 58.1/53.0°F
[14.5/11.67°C]. For SHR = 0.60, relative humidiBH2 = 55%.

This result warrants an inter@gj observation that is seldom
considered by designers when examining part-load and no-load
conditions. Unless a particularam is under a roof (or over an
unconditioned space, or its ceilimgvity is completely isolated
from the remaining ceiling cavitteon the floor, or unless all
building lighting is suspended thin the room) the room is never
under a true no-load condition, eav with no lighting or occu-
pancy. Thus, there is always a notable plenum load when a build-
ing is occupied and, if the perimeter conduction loss is
adequately treated, the floor and ceiling heat gains constitute a
year-round heat gain and these auéfs also act as radiant heat-
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ing panels. Without this effect, this crowded lecture room with-
out operating lighting would have an SHR of 0.535 and a relative
humidity of 59.5% (see Figure C-2, lisgeR1]). This effect is even
more pronounced in lowering roonumidity when recessed light
fixtures are used in deadceiling with a higher plenum tempera-
ture.
2. Room 2 at 65% electric and 100% occupancy loads.

The table is self-explanatory. In order to avoid graphically
overloading Figure C-2, the psyonetric conditions for this room
are not shown in the figure.
3. Room 3 at 80% electric and 100% occupancy loads.

The conduction load is neutralized by radiation and is there-
fore zero.
4. Room 4 at 25% lighting and 100% occupancy loads.

Similarly, the conduction load is zero. The room airflow rate is
977 cfm [461 L/s], which equals 0.54 cfmd/f2.74 L/sm?. Since
this is less than the 0.65 cfn¥/f8.30 L/sm? criterion (see Section
C-3.2.5), even though it meets cooling requirements and the room
has an infrequent use pattern, apeskient that takes care of such a
space without penalizing the entire system is worth considering. One
of the simplest ways to provigeinimum air motion in a conference
room, if temperature and humidity control are not a problem, is to
employ an exhaust fan at the minimum desired unit airflow value
with makeup from neighboring apes through relief grilles. This
permits the target criteria to tsatisfied with minimal additional
cost. From a psychrometric peesgtive, 977 cfm [461 L/s] mixes
with an extra 198 cfm [93 L/s] otlief air at room conditions when
the room is occupied. This yieldse same room relative humidity
with a satisfactory volume of total air movement.
5. Room 5 at 80% lighting and 100% occupancy loads.

This room needs 188 cfm [89 L/s] or 0.59 cff[8.0 L/sm?.
The intense solar effect at design condition places too much of a throt-
tling demand on a west perimeter zone during sunless periods, with a
similar but less intense situation for the east exposure. During weather
below 76°F [24.4°C], this can be taken care of with separate zoning of
east and west radiation and selective reset of the radiation schedule for
excess radiation, when appropridgtemaintain the minimum airflow
in the shaded rooms. Thus, Room 5 would need only 400 Btu/h
[117 W] excess radiation to maintain 0.65 cff[8.30 L/sm?]. If
moving shadows result in simultaneous sunlit and shaded rooms on
the same exposure, with the shaded room set for radiation to maintain
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0.65 cfm/f€ [3.30 L/sm?], the sunlit room will have excess cooling
available to neutralize the solar radiation effect in each module (16 ft
deep, 1 ft wide [4.9 by 0.3 m]) ia west exposure of (1.1) (2.34 —
0.65 cfm/ff) (76 — 58.1) = 33.3 Btu/h%{(1.2) (11.89 — 3.30 L/s®)

(24.4 — 14.5) = 102 kW/fh which is more than required to neutralize
the excess radiation and the sun effect in a sunlit room. During
weather above 76°F [24.4°C], the problem is nonexistent because the
additional conduction load brings the sensible load and the room air
rate within the criteria limits.

Since room types 2, 3, and 5 constitute practically the entire
building and can be maintained 48.5% relative humidity or less
with a supply temperature of 58FL[14.5°C], the designer should
explore raising this temperatuaed even lowering the room tem-
perature somewhat below 76°F [2423 in order to raise the room
airflow rate. In the illustration givetthere is no doubt that the west-
and east-side exposures cobkl brought up to 0.65 cfm?‘l‘[3.30
L/s mz] with supply air scheduling alone, leaving radiation
sequence reset only for more sgrént requirements. The tabulation
is shown with excess radiation.

With effective distribution, 0.65 cfmﬁt[3.30 L/smz] can pro-
duce in excess of 10 fpm [0.05 m/s] air motion in the occupied
zone. Simple VAV systems under certain part-load conditions can
operate satisfactorily with congrhbly less than that value,
although occupant complaints haween encountered. The designer
must use judgment in appraisingse results, and the effect of air
quality control and code restrictions during part-load operation,
upon the design. Diffusers with aghiinduction ratio may be help-
ful in avoiding potential low-circulation problems.

C.4 COOLING CALCULATIONS FOR
WINTER PEAK LOAD

This analysis assumes outdoor conditions of 0°F [-17.8°C] and
relates to Figure C-1(B).

C.4.1 System Load Calculations at Peak Cooling,
100% Lighting, Occupancy, and Solar Loads

When the entire perimeter conduction and infiltration heat loss
is balanced by auxiliary radiatiothere is no transmission heat gain
from the wall, only a solar gain.

The entire air system is on a year-round room cooling cycle
except for an interior warm-up period or for interior spaces with
exposed roof or floor. Therefore, no main system coil heat is
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required unless the mixed air temperature at minimum outdoor air
volume is lower than needed to maintain the desired supply air tem-
perature after fan and supply ducahgains have been added to the
mixed-air temperature.

Since a high-limit humidity control problem is nonexistent
below 58°F [14.4°C] outdoor air igperature, the supply air tem-
perature may be determined oe thasis of providing enough cool-
ing for all spaces—while not b so low as to create air
movement or cold draft problems.

For maximum cooling conditions, take full lighting and occu-
pancy loads and an assumed block solar gain of 530 MBh
[155.3 kW]. This load has not been calculated, but can be shown to
be approximately 77% of the 685 MBh [200.8 kW] summer block
peak.

Btu/h [kW]
Solar load 530,000 [155.3]
Plenum load (assumed same as on
95/75 [35.0/23.9]day) 650,900 [190.8]
Direct lighting and electrical loads 1,076 000 [315.4]
Occupant sensible load 513,600 [150.5]
Total room sensible load 2,770,000 [811.9]

This requires 140,680 cfm [66,387 L/s] at 58.1°F [14.5°C],
the same supply temperature as that used for the 65°F/65°F
[18.3°C/18.3°C] condition. Hence, for practical purposes (since
the full-load volume was 145,500 cfm [68,662 L/s]), take all ple-
num, lighting, electrical, and occupancy values the same as for full
load, and the above loads for the 95°F [35°C] day can be used for
the 0°F [-17.8°C] day in the Table C-1 summary. Room conditions
may be examined for the extreme conditions of maximum and
minimum cooling in each room without regard to room humidity.

C.4.2 Room Calculations at 0°F [-17.8°C] for
Maximum and Minimum Room Cooling under
Maximum System Cooling Conditions

1. Rooms 1 and 2, Interior

At maximum cooling, Table C-1 indicates that any interior
space would require the same airwfitees and temperatures as for
peak summer conditions. As a practical matter, wide experience
with interior constant-volume cooling systems has shown that the
supply air temperature must be several degrees higher in the winter
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than in the summer to avoid complaints. Therefore, assume that
ordinary interior rooms, such as Room 2, can be satisfied with
58.1°F [14.5°C] supply air and the same air volumes as for the
peak summer condition. Consequently, the cﬁﬂlfts m2] values

for such interior offices are fieat peak summer values, even
though the higher supply temperawalculates out to 1.17 cfnfift
[5.94 L/sm?. The lecture room is left at the calculated higher
1.17 cfm/ff [5.94 L/sm?] peak volume because of the high occu-
pancy density and its effect on indoor air quality.

For minimum cooling, the worst type of situation that could
occur in general office areas would be for local air distribution to be
designed for greater modular flexibility with a peak capability of
handling 6 W/ft [64.6 W/nf] of lighting for full load in the Table
C-1 criteria, including a 1 WAt[10.8 W/nf] allowance for miscel-
laneous electrical loads and a 6%)[&.6 mz] per occupant concen-
tration. If a particular tenant had no miscellaneous electrical loads
and only 4 W/ [43.0 W/nf] ceiling lighting with no occupancy,
the only cooling load is the direkitjhting load plus a reduced ple-
num load if the situation were &xist over the entire floor without
air volume reduction. The designer is left with many choices, such
as (a) accepting lower minimum air volumes, (b) raising system
volume with higher coil and supptgmperatures to preserve cool-
ing capability in perimeter areag&;) terminal reheat or induction
reheat for low part-load areas, or (d) local recirculation. To carry
through the simple VAV approach,is assumed here that a combi-
nation of higher supply air terapature (controlled from system
volume) and lower room tempeuaé will be programmed to main-
tain a minimum 0.65 cfmﬁt[3.30 L/smz] of supply air at 61.5°F
[16.4°C]. These results are shownTable C-1 as the two extremes
with 58.1°F [14.5°C] supply aifor maximum cooling and 61.5°F
[16.4°C] for minimum cooling.

The lecture room with an sismed minimum load of no light-
ing, 25% occupancy, and a subsia@rbad from a common ceiling
plenum would have a load of lgril5,000 + 20,340 = 35,340 Btu/h
[4.4 + 5.9 = 10.3 kW]. In the wst case, however, such a room
would be isolated for fire ratingurposes and remain with no heat
load except the 15,000 Btu/h.§d4kW] from occupancy, shown for
minimum cooling in Room 1. Aocal fan unit, which mixes VAV
system supply air and recirculated air to produce a constant
1.01 cfm/f€ [5.13 L/sm?], can handle all situations (in lieu of over-
airing). The processes for suclumit are shown as a dotted line in
the upper cycle of Figure C-2. Withccupancy as the only load,
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process lines-R1 is at an SHR of 240/450 = 0.53. The supply air
statesl” at 64.3°F [17.9°C] is the mixture required for full occu-
pancy, andl' at 73.1°F [22.8°C] for 25% occupancy, both yielding
room air of 76°F db [24.4°C], 59%H. If this type of room suf-
fered any heat losses (i.e., exposure), then reheat should be consid-
ered to keep relative humidity below 60%.

2. Room3

At minimum cooling with 61.5°F [16.4°C] supply air, a mini-
mum volume of 0.65 cfmAt[3.30 L/sm? requires a sensible load
of 4150 Btu/h [1.2 kW] to mabain a room temperature of 76°F
[24.4°C], or 3300 Btu/h [0.97 kW] to maintain 73°F [22.8°C]. The
former will occur with 80% ligting and one occupant, while the
latter will occur with about 70% lighting and one occupant, both
without any excess radiation otheat. When a building facade has
moving shadows, it is usually imgctical to provide individual
room control of radiation output dacade zoning to avoid excess
radiation in the sunlit areas. Itéasier to design on the basis of all
areas receiving enough radiation to neutralize the minimum VAV at
some supply temperature, suchtes61.5°F [16.4°C] of this exam-
ple, when any area is sunlit without an internal load. Thus, the
shaded areas will receive enougRcess radiation to keep all
south-facing VAV controls at the minimum air volume, while rooms
in the sun require some additiomal to neutralize the radiation and
maintain control on a year-round cooling cycle. Therefore,
4150 Btu/h [1.2 kW] is used in Table C-1 and is assumed to have
come from some combination of lighting and excess radiation. For
example, a shaded south-faciegm could conceivably be unoccu-
pied, unlit, and without solar gaiwhile the remainder of the build-
ing is generally occupied. Assuming individual room VAV control,
such a room would have to beabed by radiation only enough to
handle the conduction loss plus the minimum air volume of
0.65 cfm/ff [3.30 L/sm?] tempered from 61.5°F to 76°F [16.4°C to
24.4°C]. To design for thisvorst condition requires 4150 Btu/h
[1.2 kW] of excess radiation, which becomes a cooling burden in a
sunlit, fully loaded identical rooran the same radiation riser with-
out individualized room radiatioroatrol. This is the reason for the
4150 Btu/h [1.2 kW] of radiatiomoad (excess) for Room 3 and
4100 Btu/h [1.2 kW] for Room 5.

At maximum noon cooling, theinter design condition in the
south governs the peak room airflow but, with true VAV, only the
south-facing branches and diffusers need be sized to handle the
peak—not the system fan, since air that is not required in other



328 APPENDIX C

areas is probably available. Wishipply air at 58.1°F [14.5°C] and
the 4150 Btu/h [1.2 kW] excess raton for the worst-case sce-
nario, this room needs 2.15 cfnd/f.0.9 L/sm?] to maintain 76°F
[24.4°C] instead of the summer peak of 1.85 cf{ft4 Lism?,
an increase of 0.3 cfm?fl[l.S L/s n?]. If all south-facing offices
were the same, an additial volume of (17,675 4tof south-facing
perimeter) (0.30 cfm/) = 5,302 cfm [(1643 ) (1.5 L/s nf) =
2465 L/s] would be required at the period of south peak. Other cal-
culations for full-load cooling oa 0°F [-17.8°C] day (not shown)
indicate a diversity reserve ¢145,000 — 121,400) = 24,100 cfm
[(68,426 — 57,289 = 11,137 L/s]w&al hours later, which trans-
lates into a much greater resemuring the south peak, especially
when occupancy and lighting diversity is allowed for the entire
southern facade, because most of the offices have a lighting load of
4.5 WI/f? [48.8 W/nf] rather than 5.75 WA[61.9 W/nT].
3. Room 4, North Conference Room

The north, winter, maximum oting load without conduction
gain, being considerably lowethan the summer load, is still
enough to permit 0.76 cfm?f(3.86 L/smz]. No excess radiation is
required, since all north-facing rooms would receive only enough
radiation to balance the conduction losses.

The minimum cooling load witB5% lighting and no solar and
no occupancy needs only 0.37 cffft.88 L/sm?] from the VAV
system at 61.5°F [16.4°C] supply air, but air movement can be kept
to the minimum 0.65 cfm#At[3.30 L/smz] with the exhaust fan and
relief from an adjacent area.
4. Room5

The cooling load can vary fromero to 13,685 Btu/h [4.0 kW]
with full solar, occupancy, and lighting. A maximum 0°F [-17.8°C]
day cooling load requires 2.87 cfrﬁ/fﬂ14.6 L/s mz] of 55.25°F
[12.92°C] air, while a no-load roomequires 4100 Btu/h [1.2 kW]
excess radiation to provide the minimum 0.65 cf#jt30 L/sm?]
with 61.5°F [16.4°C] air. This excess radiation may be treated as
described for Room 3.
5. Condition at Zero Lighting

Although there might be an occasional occupied perimeter
space without lighting or plenum gains, a practical solution is
excess radiation for typical rooms, such as 3 and 5, and exhausters
for special rooms. It is assumed that general office interior areas are
not occupied unless the lighting am, and, if the entire interior
were unlit and unoccupied, a full-throttling VAV terminal could go
to complete shutoff. Occasional interior spaces without operating
lighting would have a plenum gain of 3.4 Btu/f it0.7 Winf] if
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surrounded by spaces with an average of only 65% full-load light-
ing. This would result in a reded room temperature of 66.3°F
[19.1°C] with 0.65 cfm/ft [3.30 L/sm? of 61.5°F [16.4°C] supply

air. This is more tolerable, however, than the lower temperatures
encountered with a constant-air-volume system and less
energy-consuming than addingheat to the system.



APPENDIX D
ALL-WATER SYSTEM

D.1 PROJECT CONTEXT

The project featured in this appendix is a new high-rise apart-
ment building located in a large city on the east coast of the United
States. The developer already owned several other apartment build-
ings in the area. This project svéargeted primarily toward child-
less business couples in the middle income bracket. The majority of
the apartments were to have one or two bedrooms. The engineer
presented several system alteiest in the concept development
phase of design. Although not tbesigner’s first choice, the devel-
oper opted for a basic two-pipe fan-coil system. The developer
already owned and operated other buildings with such systems and
was aware of and comfortable with the system's foibles. Tenants in
those buildings complained about stuffiness and lack of cooling
during the spring and fall—but not enough to affect the occupancy
rates. The leases stipulated that cooling would be provided from
May 15 to September 15. Secumnehis knowledge of system per-
formance and costs, the clientdiot want to spend more money
for a four-pipe system or one withiater-source heat pumps. The
engineering project manager reletly accepted the decision but
convinced the owner to bid an altative design that would provide
positive ventilation. If the cost of this alternative was close to the
base bid, the owner would accept it.

The designer was concerned that there would be inadequate
cooling during spring and fall ithe living areas with a southern
exposure. Assuming 60 cfm [28 L& infiltration through the win-
dows for the heat balance equat{beat gain equals heat loss), the
changeover point for a south-facing living room was checked:

(hourly heat gain, solar (lighting) + (people

P = (L.1)(infiltration cfm)(t, —t..) + (UA)(t, —t;.) (B-1a)

331



332 APPENDIX D

s (hourly heat gain, solar (lighting) + (people D-1b
= (1.2)(infiltration L/s)(t, —t.) + (UA)(t, —t..) (D-1b)

Solving for the changeover temperattyge
teo =t — (hourly heat gain, solar + lights + people)
[ ((L.1) (infiltration cfm) + UA)
[teo =t — (hourly heat gain, solar + lights + people)
1 ((1.2) (infiltration L/s) + UA)]

The following values were estimated for September 15 at
1p.m.:

76°F— 5000: solat 300: lights+ 250: people

teo(I-P) = > >
(1.1)(60 cfm) + (0.6)(100 ft") + (0.08)(100 ft")
teo= 35°F
_ 24.4°C— 1466: solar 87.9: lights+ 73.3: people
t.o(SI) =

(1.2)(28 L/9) + (3.4)(9.3 nf) +(0.45)(9.3 nf)
teo = 1.0°C

The record low for September 15 at the building location was
43°F [6.1°C], which occurred early in the morning. Thus, if cooling
were discontinued any time near this date, discomfort from high
temperatures in the living quarters would be a near certainty. At this
point, the engineer explained hisncerns to the owner, suggesting
they provide separate zoning fwuthern exposures to allow cool-
ing at outdoor temperatures below those normal for September, plus
the addition of supplementary heat to permit control when the solar
load was not present but the zomas still indexed to the cooling
mode. The owner rejected theoenmendation because of the com-
plexity and additional expense. &lengineer recorded in writing
his concerns, his recommendation, and the owner’s decision.

Fortunately, this process did tnend badly because the engi-
neer proposed an alternative bid. The engineer designed a ventila-
tion system for the apartments that was combined with the corridor
air-conditioning system, which was part of the base design. The
system included heat recovery provisions from the central toilet
exhaust to temper the ventilation supply in a rooftop air-condition-
ing unit. Since alternative unit leetions were not burdened with
the ventilation cooling load, some money was saved by selecting
smaller fan-coil units and reducipipe sizes and pump capacity. A
credit was thereby obtained against the increased ventilation system
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cost. The additional cost for the alternative design submitted by the
low bidder was $23,000, which was accepted by the owner. The
engineer also received a fee for the additional design effort.

Epilogue: Three years later, the developer undertook another,
larger apartment project with a new architect—but requested the
engineer who designed the previqueject. This time, apartment
ventilation was included in the base design. Supplemental electric
heat was considered as an alternative.

D.2 DESIGN EXAMPLE

Any conclusions drawn from this system analysis apply only to
the specific application presented and do not necessarily apply uni-
versally. Specific values for various design variables on a particu-
lar project would need to complyith local codes and match the
design intent of the owner and design team.

D.2.1 Design Parameters

The following design example concentrates on two aspects of
all-water system design—unit selection and method of providing
ventilation air.

Apartment building living room, intermediate floor:

Space Properties

Conditioned area 20 15 ft = 300 f
[6.1x 4.6 m=28m

Gross wall area 28 10 ft high = 200 ft
[6.1%3.1m=18.9

Window area 5.5 18.2 ft = 100 ff
[1.7x5.6m=95m

Glazing and shading Insulating glass, each light 0.25 in.

[6 mm] thick heat-absorbing outer
light, clear inner light, light-colored
venetian blinds

SC = 0.36 (SHGC = approximately 0.31),

U = 0.60 Btu/hit? °F [3.4 W/nf K]

(estimated for both summer and winter)

Wall Insulated masonry

U = 0.08 Btu/Ht? °F
[U = 0.45 W/nf K]
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Peak Coincident Internal Heat Gains

Lights, fan, and equipment 300 W

Two people, very light work

Sensible heat gain 230 Btu/h [67.4 W] each

Latent heat gain 190 Btu/h [55.7 W] each

Design Criteria

Ventilation 15 cfm/person [7.1 L/s] or 60 cfm
[28 L/s] to make up for kitchen
exhaust

Infiltration Assumed to be 60 cfm [28 L/s]

without ventilation supply, 0 if sep-

arate ventilation supply is included
Ventilation supply (alternative) 60 cfm [28 L/s] at 65°F db, 62°F

wb [18.3°C, 16.7°C] at summer

peak

65°F [18.3°C] db at other times

Design Conditions

Outdoors Cooling 95°F [35°C] db, 75°F wb
[23.9°C]; heating 10°F db [-12.2°C]
Indoors Cooling 76°F db, 63°F wb [24.4°C/

17.2°C]J; heating 70°F [21.1°C] db
D.2.2 Unit Selection

Units selectedare for a two-pipe, dual-temperature system
using floor-mounted, under-windowrfecoil units with three-speed
fans. Units can be selected for similar pressure losses (as described
below) so that the water distribution system will be self-balancing
or automatic flow-regulating valves can be used. A safety factor of
10% is desired in the capacity of the units.

Comments on Unit Selection (refer to Tables D-1 and D-2)

1. If the sensible heat ratio (SHR) of the room is lower than the
SHR of the coil, the space humidity may be slightly higher
than the design value. The SHR of both roand coil will
adjust until a balance is struck. The room latent load may
decrease slightly as humidity rises, and the coil will con-
dense more moisture as thewdpoint of the entering air
increases. Under most circumstances, this is not a design
concern.
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Table D-1a. Summary of Apartment Building
Living Room Loads and
Fan-Coil Unit Selections * (I-P Units)

Cooling Peak Loads N E S W
July July Sept.2 July 6
Time of Room Peak 4:00 11:00 2:00 6:00
p.m. a.m. p.m. p.m.
Qcond = E‘;gduc“on 1300 600 800 1300
Qsol = Solar load 900 4700 4800 5200
i
Qsoccs  OCCUPANCY 4505 1500 1500 1500
sensible load
Qsinf= IMfilration 0650 60 goo 1200
sensible load
_ Room
Qs= sensible load 5000 7400 7900 9200
_ Occupancy
Ql occ= latent load 400 400 400 400
S Infiltration
Qlinf= latent load 1200 1200 1200 1200
_ Room
Ql = latent load 1600 1600 1600 1600
_ Room
Qt= total load 6600 9000 9500 10,800
Room
RSHR sensible 0.76 0.82 0.83 0.85
heat ratio
Fan-coil unit selection 4 6 6 6
Airflow, cooling, high fan 400 620 620 600
speed, cfm
Rows of coil based on
10°F WTRF 3 3 3 4
Sensible cooling capacity 6700 9100 9100 11,800
Total cooling capacity 8200 9500 9500 13,100
Catalog flow rate, gpm 1.6 1.9 1.9 2.7

Pressure drop, ft 6 2 2 4
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Table D-1a. Summary of Apartment Building
Living Room Loads and
Fan-Coil Unit Selections * (I-P Units) (continued)

Cooling Peak Loads N E S w
July July Sept.2 July 6

Time of Room Peak 4:00 11:00 2:00 6:00
p.m. a.m. p.m. p.m.

Adjusting flow rate for more equal pressure loss

Flow rate, gpm 1.6 2.7 2.7 2.7
Pressure drop, ft 6 4 4 4
Adjust_ed sensible cooling 6700 9600 9600 11,800
capacity

Adusted total cooling  g509 10,800 10,800 13,100
capacity

Coil sensible heat factor 0.82 0.89 0.89 0.90

Heating loads without credit famternal and solar heat gain

Qcond wall 500

Qcond window 3700

Qinfiltration 4100

Q' =room heat loss 8300 8300 8300 8300
Coil capacity at cooling

11,400 16,200 16,200 18,700
gpm

* All loads and capaities in Btu/h
T Lighting, equipment, and people
¥ Water temperature rise
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Table D-1b. Summary of Apartment Building
Living Room Loads and
Fan-Coil Unit Selections * (SI Units)

Cooling Peak Loads N E S w
July July Sept. 2 July 6
Time of Room Peak 4:00 11:00 2:00 6:00
p.m. am. p.m. p.m.
Qcond = Iconduc“on 381 176 235 381
oad
Qsol = Solar load 264 1378 1407 1524
iy
Qsocce OCCUPANCY g a0 440 440
sensible load
. . Infiltration
Qs inf= sensible load 381 176 235 352
_ Room
Qs= sensible load 1466 2170 2317 2697
_ Occupancy
Ql occ= latent load 117 117 117 117
s Infiltration
Qlinf= latent load 352 352 352 352
_ Room
Ql= latent load 469 469 469 469
_ Room
Qt= total load 1935 2639 2786 3166
Room
RSHR sensible 0.76  0.82 0.83 0.85
heat ratio
Fan-coil unit selection 4 6 6 6
Airflow, cooling,
high fan speed, L/s 189 293 293 293
Rows of coil based on
5.6°C WTR 3 3 3 4
Sensible cooling capacity 1964 2667 2667 3459
Total cooling 2403 2785 2785 3840
capacity
Catalog flow rate, L/s 0.10 0.12 0.12 0.17
Pressure drop, kPa 17.9 5.98 5.98 11.96



338 APPENDIX D

Table D-1b. Summary of Apartment Building
Living Room Loads and
Fan-Coil Unit Selections * (SI Units) (continued)

Cooling Peak Loads N E S w
July July Sept. 2 July 6

Time of Room Peak 4:.00 11:00 2:00 6:00
p.m. am. p.m. p.m.

Adjusting flow rate for more equal pressure loss

Flow rate, L/s
Pressure drop, kPa

Adjusted sensible cooling 1964

capacity
Adjusted total
cooling capacity

Coil sensible heat factor

0.10 0.17 0.17 0.17
17.9 1196 1196 11.96
2814 2814 3459
2403 3165 3165 3840
0.82 0.89 0.89 0.90

Heating loads without credit famternal and solar heat gain

Qcond wall

Qcond window
Qinfiltration

Q' =room heat loss

Coil capacity at cooling
L/s

147
1085
1202
2433 2433 2433 2433
3341 4748 4748 5481

* All loads and caacities in W
T Lighting, equipment, and people
¥ Water temperature rise
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Table D-2a. Summary of Apartment Building Living Room
Loads " and Fan-Coil Unit Selections—If Ventilation Air Is
Supplied by a Separate System (I-P Units)

Cooling Peak Loads N E S W
July 4 July Sept. 2 July
Time of Room Peak 4:00 11:00 2:00 6:00
p.m. a.m. p.m. p.m.
Room
Qs = sensible 3000 6100 6400 7300
load
Room
Ql= latent 1000 1000 1000 1000
load
Room
Qt= total 4000 7100 7400 8300
load
RSHR =roomsensi- 75 g5 086  0.87
ble heat ratio
Unit selection 2 4 4 4
Airflow, cooling, high 175 400 400 390
fan speed, cfm
Rows of coil based on
10°F WTR 4 3 3 4
Sensible cooling 4000 6700 6700 8000
capacity
Total cooling capacity 4600 8200 8200 9100
Catalog flow rate, 10 16 16 19
gpm
f(t:atalog pressure drop, 5 6 6 1
Adjusted flow rate, 18 18 18 18
gpm
Adjusted pressure 6 8 8 9

drop, ft
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Table D-2a. Summary of Apartment Building Living Room
Loads * and Fan-Coil Unit Selections—If Ventilation Air Is
Supplied by a Separate System (I-P Units)  (continued)
Cooling Peak Loads N E S W
July 4 July Sept. 2 July
Time of Room Peak  4:00 11:00 2:00 6:00

p.m. a.m. p.m. p.m.
Adquted senglble 2900
cooling capacity

Adjusted total cool- 8800

ing capacity

Heating loads
Qt=room heat loss 4500 4500 4500 4500
Coil capacity at cool-
ing gpm

* All loads and capaeities in Btu/h
T Water temperature rise

7700 15,000 11,500 13,000

Table D-2b. Summary of Apartment Building Living Room
Loads * and Fan-Coil Unit Selections—If Ventilation Air Is
Supplied by a Separate System (Sl Units)
Cooling Peak Loads N E S w

July 4 July Sept. 2 July
Time of Room Peak  4:00 11:00 2:00 6:00

p.m. a.m. p.m. p.m.
Room

Qs = sensible 879 1788 1876 2140
load
Room

Ql= latent 293 293 293 293
load
Room

Qt= total load 1172 2081 2169 2433

RSHR =room sensible
. 0.
heat ratio

Unit selection 2 4 4 4

75 0.86 0.86 0.87
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Table D-2b. Summary of Apartment Building Living Room
Loads * and Fan-Coil Unit Selections—If Ventilation Air Is
Supplied by a Separate System (S| Units)  (continued)
Cooling Peak Loads N E S w
July 4 July Sept. 2 July
Time of Room Peak  4:00  11:00  2:00 6:00

p.m. a.m. p.m. p.m.
Airflow, cooling, high 83 189 189 189
fan speed, L/s

Rows of coil based on

5.6°C WTR 4 3 3 4
Sensible cooling 1172 1964 1964 2345
capacity

Total cooling capacity 1348 2403 2403 2667
Catalog flow rate, L/s  0.06 0.10 0.10 0.12

Catalog pressure drop,
6.0
kPa

Adjusted flow rate, L/'s 0.11 0.11 0.11 0.11
Adjusted pressure
drop, kPa

Adjusted sensible
cooling capacity
Adjusted total cooling
capacity

17.9 17.9 32.9

17.9 23.9 23.9 26.9
2315

2579

Heating loads

Qt=room heat loss 1319 1319 1319 1319
Coil capacity at cool-
ing gpm

* All loads and capacities in W
T Water temperature rise

2257 4397 3371 3810
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2. Few unit manufacturers design their coils for consistency of
pressure drop and inherentlifdmlancing. By adjusting the
flow values obtained from cdtay ratings, a fairly tight range
of unit coil pressure drops cdoe achieved. While ratings are
presented in catalogs accordiogvater temperature rise, there
is no need to select units fdrose rises and the flows indicated.

In actuality, the rise through awypil will be determined by the
load imposed on it. The return water temperature for the sys-
tem will be based upon the tbtsum of unit flows and the
block system cooling load. If only a few flow values are
assigned to all the units on aojact, the design procedure for
the water distribution system is greatly simplified.

3. A ducted ventilation supply offers superior performance over
infiltration or open-window ventilation. It also adds to the
project cost. Yet, as the alterivat selections indicate, there is
some offsetting cost benefit resulting from smaller unit sizes
and, due to the lower flow requirement, smaller piping and
reduced pumping. If the ventilation air is adequately dehumidi-
fied, very little latent cooling is required of the fan-coil units. If
the water supply to the units can be designed for a temperature
of 50°F [10°C] or highetlittle condensation should occur on
the coils. This is desirable r@duce dependence on the drain
pans and condensate removal piping, which are vulnerable to
clogging. Moreover, a wet coil is going to collect more dirt,
which then becomes a moist medium for biological growth,
odor collection, and subsequéntroduction into the airstream.

4. Note that the factor of safety for the west-facing living room,
following unit flow adjustment, is less than the desired 10%.
There are several design options: increase the unit size, accept
a lower factor of safety, increase water flow for all units, or
lower the entering water temperature. The answer will reside
with the designer's judgmentyeighing the specific project
conditions and cost implications.

5. The chilled-water supply temperature is tentatively selected at
45°F [7.2°C], based upon past experience. A higher tempera-
ture generally results in somewhartger units and higher space
relative humidity; however, the refrigeration plant could be
smaller and have a higher COP. The opposite results occur with
lower temperatures; therefore, balance is sought. The pro-
posed 45°F [7.2°C] temperatureaiso well suited to selecting
cooling coils and air-handling unitisat serve other areas of the
building.
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As the fan-coil units are being selected, a slight adjustment of
the supply chilled-water tempaure may produce less expen-
sive equipment options.

Heating capacities of coils selected for cooling are usually
more than adequate because of the higher temperature differ-
ence between the heating water and room conditions. It may be
reasonable to evaluate the heating capacity at reduced flow and
to consider operation with deced pumping capacity during
the heating mode. Fine-tunirthe heating water supply tem-
perature usually results in very limited initial cost reduction for
the effort. In this example, 110{83.3°C] has been chosen for
the heating water supply temperature and is (somewhat arbi-
trarily) based upon past practice.



APPENDIX E

PRELIMINARY COMPARISON OF
CONVENTIONAL AND ICE STORAGE
SYSTEMS FOR A FOUR-STORY
OFFICE BUILDING

E.1 CONTEXT

This comparison involves both energy analysis values and
energy cost values for a real building project. Specifics of energy
use will vary from project to project but will tend to follow the gen-
eral patterns suggested herein. Economic analyses, however, are
often very dependent upon the cost of energy and particularly the
relative costs of competing or alternative energy sources. This cost-
dependency must be kept in mind when reviewing this comparison.

The example presented in théppendix is a four-story,
264,200 ft [24,555 n?] office building designed to operate as a
low-energy-use building with an annual energy budget of
77,500 Btu/f¢ (22.7 kWh/ft) [244 kWh/nf]. Energy costs were
estimated to be $237,000 per year or $0.9(89.68/nf] per
year—based upon favorable hydroelectric utility rate schedules and
expressed in Canadian dollars.

This appendix presents an example of a real project. This
project was selected for the first edition of this manual and has been
retained for the second edition. Some design values may, as a
result, appear dated. This is, however, not too critical in the context
of a process example. The speadifi@racteristics of any particular
project will vary from those suggested herein—as influenced by cli-
ent requirements, project budget, applicable codes and standards,
and design team intent. The purpagehis appendix is not to show
expected results or recommended inputs for all possible projects
but, rather, to outline design procedures and considerations.

345
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A number of design strategies can reduce energy costs below
the budget of $237,000 per ye8uch strategies include:

e Circuiting of perimeter zone @ttric lighting for daylighting
and peak cooling load control.

e Computerized switching or low-voltage switching of lighting
circuits.

e Discriminator control for supply air temperature.

¢ Building automation system (BAS) with direct digital control
(DDC).

*  Energy-efficient motors.

e Variable-speed pumping.

Thermal storage is another gdde option. The analysis pre-
sented here comparescanventional variable-air-volume (VAV)
system with water chilleagainst dow-temperature-air VAV system
with ice storageThe ice storage system will save $2200 per year
based upon the stated utility ratéfie ice storage system'’s capital
cost is estimated to be equal to or less than that of the conventional
system, according to the mechanical design team for the building.

E.2 BUILDING CHARACTERISTICS

The office building incorporates east and west office wings
linked by a circular rotunda. The total conditioned floor area is
264,200 ¢ [24,555 nf]. The conditioned floor areas are summa-
rized as follows:

Concourse level 67,100°f6237 nf]
Ground level 53,500 #[4972 nf]
Second level 50,400%{4684 nf]
Third level 48,200 f [4480 nf]
Fourth level 45,000 f[4182 nf]
Total floor area 264,200%{24,555 nf]

The building was divided into discrete thermal zones for a
computer-based simulation of energy use. Five zones (with areas
expressed in #{m?]) were used in the energy simulation:
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Floor Area Roof Area  Wall Area  Glass Area

Rotunda 52,350 11,250 11,064 5188
[4865] [1045] [1029] [482]
Floor Area  Roof Area wall Glass Area
Area
North zone 33,900 6780 10,290 9016
[3151] [630] [956] [838]
Southeast 20,125 4025 12,000 9475
[1871] [374] [1115] [881]
Southwest 20,125 4025 12,400 8962
[1871] [374] [1152] [833]
Interior 137,700 27,540 — —
[12,797] [2560] — —
Totals 264,200 53,620 45,754 32,641
[24,555] [4983] [4252] [3034]

* Glass area includes skylight glazing.

The interior zone requires only cooling and ventilation since
this zone has no significant enveélosses or gains; the other four
zones require both heating and cooling.

Thermal characteristics of thealls, roof, and windows are
summarized as follows:

Wall R-20[3.52]

Roof R-20[3.52]

Glass R-3 [0.53] with 0.40 shading coefficient (or an SHGC of
approximately 0.34)

The occupancy loads for the building are:

Lights 1.5 W/fE [16.1 W/nf]

Tenant equipment 1.0 W7‘f[10.8 W/m?]
Miscellaneous electric 0.5 W#{5.4 W/nf]

People 1 person/lSOzftl person/14 r’r]

E.3 PRELIMINARY ENERGY BUDGET

The preliminary energy budget for the building was based upon
the building characteristics andopgcted operation schedules. This
energy budget is summarized below for the conventional chiller
HVAC system and for the ice storage HVAC system.
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Conventional Ice Storage
Energy
End Use KWh/ft 2 yr % KWh/ft 2 yr %
[KWh/m 2 yr] [KWh/m 2 yr]
Heating 5.2 [55.9] 23 5.2 [55.9] 23
Cooling 1.3[14.0] 6 2.1[22.6] 9
Fans and 2.0[21.5] 9 1.7 [18.3] 75
pumps
Electric 6.3 [67.8] 28 6.3[67.8] 28
eqmpment
Lighting 6.6 [71.0] 30 6.6 [71.0] 29
Domestic hot 0.8[8.6] 4 0.8[8.6] 35
water
Electric 22.2 KWh/fE yr 22.7 KWh/fE yr
energy budget [238.9 kWh/nf yr] [244.3 KWh/nf yr]
Energy cost $240,000/yr $237,800/yr

The utility rates used for ¢henergy simulation were:

Electricity
Demand $3.68/kW

Energy 3.69¢/kWh on-peak (7na.to 9 p.m. Monday through
Friday)
2.50¢/kWh off-peak

Natural Gas
Demand Not applicable

Energy  $4.50 per million cubieet [$1.59 per 10,000%h

E.4 END-USE ANALYSIS

Figure E-1 and Table E-1 break down the total annual energy
costs into major energy end-uses: space cooling, space heating,
water heating, operation of farad pumps, lighting, and other
equipment (e.g., appliances, cangrs, and process equipment).
The cooling costs are calculated éoconventional cooling system.
This information is useful fopinpointing opportunities for savings.
Detailed summaries of the energy simulation program inputs and
outputs are shown in Tables E-2 and E-3. Note that they inalude
energy uses, not just HVAC&R.

Thermal energy storage (TES) cooling systems use electric
chillers to cool water or salt Bgions or to make ice during times
of the day when electric rates are lower (off-peak). The stored
cooling is then used for air conditioning when the demand (and
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the price) for electricity is higher (on-peak). Figures E-2 and E-3
provide a comparison of electricity use for a conventional cool-
ing system versus a TES (ice stge) system. Note that the TES
system shifts much of the elecity used for air conditioning
from on-peak to off-peak periods.

E.5 MONTHLY OFF-PEAK COOLING ANALYSIS

The on-peak period was assumede 7 a.m. to 9 p.m., Mon-
day through Friday. All other tinsewere assumed to be off-peak.
Tables E-4 and E-5 compare the monthly breakdown of energy use
for each HVAC system during time-of-day periods.
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Figure E-1. End-use costs—conventional cooling.

Table E-1. Annual End-Use Breakdown—Conventional

End Use Cost, $ % Total Ercjesrgy Demand
Cooling 17,338 7 346,751 492 kW
kWh
Heating 22,641 9 47,028 42 therm/h
therm
(4,961,454 (4431 MJ/
MJ) h)
Hot water 3516 2 7301 therm 2 therm/h
(770,256 (211 MJ/h)
MJ)
Fans and 25,703 11 514,038 310 kw
pumps kWh
Electric 83,577 35 1,671,607 357 kW
equipment kWh
Lighting 87.239 36 1,744,862 396 kW
kWh

Total 240,014 100




Table E-2a. Energy Simulation for Conventi

onal System—I-P Units (Values Rounded)

HVAC Systems Performance (million Btu or million cfmh)

System Jan Feb Mar Apr May June July Aug Sep Oct Nov Dec Year
Values
Cooling 0 0 7 29 123 229 278 274 174 63 6 0 1184
Heating 1115 1018 630 70 16 0 0 0 5 23 558 1069 4703
Heat pump 0 0 0 0 0 0 0 0 0 0 0 0 0
Fans and 39 36 36 22 61 98 106 106 86 45 26 39 698
pumps
Hot water 62 56 62 60 62 60 62 62 60 62 60 62 730
Supply fan 70 64 73 60 69 75 84 83 68 61 72 74 851
energy
Supply 59 53 57 50 47 45 48 48 44 46 54 60 610
airflow
Outstanding 32 28 35 38 33 22 19 18 28 39 36 33 361
airflow
Return fan 15 14 16 15 17 20 22 22 17 15 17 16 206
energy
Sensible 0 0 16 81 407 820 1032 1021 590 167 12 0 4146
cooling load
Sensible 588 530 428 192 56 0 0 0 21 74 294 546 2730
heating load
Latent 0 0 2 19 119 256 338 333 173 34 1 0 1274
cooling load
Humidifica-
fon load 2 3 0 0 0 0 0 0 0 0 0 0 6
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Table E-2a. Energy Simulation for Conventional System—I-P Units (Values Rounded)

(continued)

Building Loads (million Btu)

Iltem Jan Feb Mar Apr May June July Aug Sep Oct Nov Dec Year
Transmission 502 —450 —394 —255 199 -137 —109 —112 —179 ) 301 —449 3334
Infiltration 56 -50 58 65 64 41 —26 -33 51 -76 61 -50 -631
Solar loads 171 155 189 202 229 236 247 247 231 223 192 178 2499
Eq;‘gi’r?"se”t 314 284 316 303 314 304 314 315 305 315 305 315 3703
L'g;‘itr']';g 495 448 498 478 496 479 495 496 480 496 482 497 5838
People gains 106 96 107 102 106 103 106 106 103 106 103 106 1250
Operating Costs ($)
End Use Jan Feb Mar Apr May June July Aug Sep Oct Nov Dec Year
Cooling or 0 0 99 407 1886 3565 4269 4215 2710 876 84 0 17,338
heat pump 1
Cooling or 0 0 0 0 0 0 0 0 0 0 0 0
heat pump 2
Heating 5367 4899 3997 338 76 0 0 0 21 113 2684 5149 22,641
system 1
Heating
system 2 0 0 0 0 0 0 0 0 0 0 0 0 0
Fans and
oumps 1721 1606 1726 1350 2249 2989 3262 3236 2658 1674 1590 1793 25,703
Hot water 208 270 300 287 299 286 298 299 289 299 290 299 3516
system 1
Hot water 0 0 0 0 0 0 0 0 0 0 0 0 0

system 2
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Table E-2a. Energy Simulation for Conventional System—I-P Units (Values Rounded)

(continued)

Operating Costs ($)

End Use Jan Feb Mar Apr May June July Aug Sep Oct Nov Dec Year
Electrical 6718 6205 6731 6550 7420 7288 7438 7445 7307 6725 6569 6729 83,577
equipment
Process 0 0 0 0 0 0 0 0 0 0 0 0 0
equipment
Lighting 7003 6479 7026 6832 7754 7604 7764 7768 634 7016 6861 7024 87,239
Total 21,107 19,459 19,878 15764 685 21,732 23,031 22,963 202 16,702 18,078 20,993 240,014
operating cost
Energy Consumption (units = *kWh; **therm)
End Use Jan Feb Mar Apr May June July Aug Sep Oct Nov Dec Year
hc"""”g oo 0 2093 8498 26,096 67,031 81,403 80,376 51015 18497 1763 0 346,751
eat pumpl
Cooling or 0 0 0 0 0 0 0 0 0 0 0 0 0
heat pump 2*
Heating 11,146 10,175 8301 702 159 0 0 0 45 233 5575 10,694 47,028
system 1** ' ’ ' '
Heating
system 2+ 0 0 0 0 0 0 0 0 0 0 0 0 0
Fans and
oumps* 36,318 33,167 36,532 28207 082 56,193 62,217 61,701 5083 35360 33353 37,893 514,038
Hot water 618 560 622 597 621 598 619 620 602 620 603 6621 7301
system 1
Hot water
system 2+ 0 0 0 0 0 0 0 0 0 0 0 0 0
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Table E-2a. Energy Simulation for Conventional System—I-P Units (Values Rounded) (continued)
Energy Consumption (units = *kWh; **therm)
End Use Jan Feb Mar Apr May June July Aug Sep Oct Nov Dec Year
eﬁ'j;‘r:‘;i't 141,751 128,149 142,448 136,806 142,012 137,041 181,82141,954 137,554 142,036 1848 142267 1,671,607
Process
equipment™ 0 0 0 0 0 0 0 0 0 0 0 0 0
Lighting* 147,766 133,804 148,890 142,688 148,407 142,987 148,0438,110 143,714 148,197 3872 148,491 1,744,862
Total
Electric, kWh 325,835 295,103 329,780 316,209 369,557 403,252 433,494 432,127 382,319  344,11216,935 328,672 4,277,437
Gas, therm 11,765 10,735 8923 1299 817 596 619 620 646 853 6178 11,315 54,329
Peak Electric Demand (kW)
End Use Jan Feb Mar Apr May June July Aug Sep Oct Nov Dec
Cooling or 0 0 0 0 339 478 792 492 415 0 0 0
heat pump 1
Cooling or 0 0 0 0 0 0 0 0 0 0 0 0
heat pump 2
Heating 0 0 0 0 0 0 0 0 0 0 0 0
system 2
Fans and 67 67 67 57 235 296 310 306 281 88 66 67
pumps
Hot water
system 2 0 0 0 0 0 0 0 0 0 0 0 0
Electrical 357 357 357 357 357 357 357 357 357 357 357 357
equipment
Lighting 396 396 396 396 396 396 396 396 396 396 396 396
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Table E-2b. Energy Simulation for Conven

tional System—SI Units (Values Rounded)

HVAC Systems Performance (rilion kJ or million L/s h)

\S/ystem Jan Feb Mar Apr May June July Aug Sep Oct Nov Dec Year
alues
Cooling 0 0 7 31 130 242 293 289 184 67 6 0 1249
Heating 1176 1074 665 74 17 0 0 0 5 24 589 1128 4752
Heat pump 0 0 0 0 0 0 0 0 0 0 0 0 0
Fans and M 38 38 23 64 103 112 112 91 48 27 41 738
pumps
Hot water 65 59 65 63 65 &3 65 65 63 65 63 65 766
Supply fan 74 68 77 63 73 79 89 88 72 64 76 78 901
energy
Supply 28 25 27 24 22 21 23 23 21 22 26 28 290
airflow
Outstanding 15 13 17 18 16 10 9 9 13 18 17 16 171
airflow
Return fan 16 15 17 16 18 21 23 23 18 16 18 17 218
energy
Sensible
cooling load 0 0 17 86 429 865 1089 1077 622 176 13 0 4374
Sensible heat- ¢, 550 452 203 59 0 0 0 22 78 310 576 2879
ing load
Latent 0 0 2 20 126 270 357 351 183 36 1 0 1346
cooling load
Humidifica-
fon load 2 3 0 0 0 0 0 0 0 0 0 0 6
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Table E-2b. Energy Simulation for Conventional System—SI Units (Values Rounded)

(continued)

Building Loads (million kJ)

Iltem Jan Feb Mar Apr May June July Aug Sep Oct Nov Dec Year
Transmission 530 —475 —416 —269 210 -145 —115 —118 —189 &2 —318 474 3521
Infiltration 59 53 61 69 -68 43 —27 -35 54 -80 —64 53 676
Solar loads 180 164 199 213 242 249 261 261 244 235 203 188 2639
Eq;‘gi’r?"se”t 331 300 333 320 331 321 331 332 322 332 322 332 3907
L'g;’itr'gg 522 473 525 504 523 505 522 523 506 523 509 524 6159
People gains 112 101 113 108 112 109 112 112 109 112 109 112 1321
Operating Costs ($)
End Use Jan Feb Mar Apr May June July Aug Sep Oct Nov Dec Year
Cooling or 0 0 99 407 1886 3565 4269 4215 2710 876 84 0 17,338
heat pump 1
Cooling or 0 0 0 0 0 0 0 0 0 0 0 0
heat pump 2
Heating 5367 4899 3997 338 76 0 0 0 21 113 2684 5149 22,641
system 1
Heating
system 2 0 0 0 0 0 0 0 0 0 0 0 0 0
Fans and
oumps 1721 1606 1726 1350 2249 2989 326 3236 2658 1674 1590 1793 25,703
Hot water 208 270 300 287 299 286 298 299 289 299 290 299 3516
system 1
Hot water 0 0 0 0 0 0 0 0 0 0 0 0 0

system 2
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Table E-2b. Energy Simulation for Conventional System—SI Units (Values Rounded) (continued)

Operating Costs ($)

End Use Jan Feb Mar Apr May June July Aug Sep Oct Nov Dec Year
Electrical 6718 6205 6731 6550 7420 7288 7438 7445 7307 6725 6569 6729 83,577
equipment
Process 0 0 0 0 0 0 0 0 0 0 0 0 0
equipment
Lighting 7003 6479 7026 6832 7754 7604 7764 7768 634 7016 6861 7024 87,239
Total 21,107 19,459 19,878 15764 &85 21,732 23031 22,963 202 16,702 18,078 20,993 240,014
operating cost
Energy Consumption (units = *kWh; **GJ)
End Use Jan Feb Mar Apr May June July Aug Sep Oct Nov Dec Year
hc"""”g oo 0 2093 8498 26,096 67,031 81,403 80,376 51015 18497 1763 0 346,751
eat pumpl
Cooling or 0 0 0 0 0 0 0 0 0 0 0 0 0
heat pump 2*
Heating
system 1 1176 1073 876 74 17 0 0 0 5 25 588 1128 4962
Heating
system 2* 0 0 0 0 0 0 0 0 0 0 0 0 0
Fans and
pumps* 36,318 33,167 36532 28,207 @832 56,193 62217 61,701  50®3 35360 33353 37,893 514,038
Hot water 65 59 66 63 66 63 65 65 64 65 64 66 771
system 1
Hot water
oystem 2* 0 0 0 0 0 0 0 0 0 0 0 0 0
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Table E-2b. Energy Simulation for Conventional System—SI Units (Values Rounded) (continued)
Energy Consumption (units = *kWh; **GJ)

End Use Jan Feb Mar Apr May June July Aug Sep Oct Nov Dec Year
eﬁljrcntr:failt* 141,751 128,149 142,448 136,806 142,012 137,041 181,82141,954 137554 142,036 1848 142,267 1,671,607
. qmﬁfﬁw 0 0 0 0 0 0 0 0 0 0 0 0 0

Lighting* 147,766 133,804 148,890 142,688 148,407 142,987  148,04%18,110 143,714 148,197 3M72 148,491 1,744,862

Total
Electric, kwh 325,835 295,103 329,780 316,209 369,557 403,252 433,494 432,127 382,319 344,11216,935 328,672 4,277,437

Gas, GJ 1241 1133 941 137 82 63 65 65 68 90 652 1194 5731
Peak Electric Demand (kW)
End Use Jan Feb Mar Apr May June July Aug Sep Oct Nov Dec
Cooling or 0 0 0 0 339 478 792 492 415 0 0 0
heat pump 1
Cooling or 0 0 0 0 0 0 0 0 0 0 0 0
heat pump 2
Heating 0 0 0 0 0 0 0 0 0 0 0 0
system 2
Fans and 67 67 67 57 235 296 310 306 281 88 66 67
pumps
Hot water
systom 2 0 0 0 0 0 0 0 0 0 0 0 0
Electrical 357 357 357 357 357 357 357 357 357 357 357 357
equipment

Lighting 396 396 396 396 396 396 396 396 396 396 396 396
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Table E-3a. Energy Simulation Ice Stor age System—I-P Units (Values Rounded)

HVAC Systems Performance (million Btu or million cfmh)
System

values Jan Feb Mar Apr May June July Aug Sep Oct Nov Dec Year
Cooling 0 0 30 69 211 317 390 366 259 162 38 0 1862
Heating 1180 1078 882 79 18 0 0 0 5 26 594 1137 4997
Heat pump 0 0 0 0 0 0 0 0 0 0 0 0 0
Fans and 39 36 48 40 79 116 121 121 100 69 44 39 851
pumps
Hot water 62 56 &2 60 62 60 62 62 60 62 60 62 730
Supply fan 49 45 51 47 48 50 56 55 46 44 50 52 593
energy
Supply 41 37 40 35 33 31 33 33 31 32 37 40 422
airflow
Outstanding 31 28 33 32 27 19 17 17 22 30 34 33 323
airflow
Return fan
energy 8 8 9 9 D 1 13 13 10 9 10 9 19
Sensible
cooling load 0 0 49 186 504 834 1002 991 652 318 57 0 4594
Sensible 645 582 477 220 68 1 0 0 25 88 336 603 3043
heating load
Latent 0 0 23 85 252 412 481 471 333 176 23 0 2253
cooling load
Humidifica-
fon load 1 2 0 0 0 0 0 0 0 0 0 0 3
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Table E-3a. Energy Simulation Ice Storage System—I-P Units (Values Rounded) (continued)

Building Loads (million Btu)

Iltem Jan Feb Mar Apr May June July Aug Sep Oct Nov Dec Year
Transmission 502 —450 393 —254 198 -137 —109 111 —179 B 300 —448 3327
Infiltration 56 -50 58 65 64 41 —26 -33 51 -76 61 -50 632
Solar loads 171 155 188 202 229 236 247 247 231 223 192 178 2499
Eq;‘gi’r?"se”t 314 284 316 303 314 304 314 315 305 315 305 315 3702
'-'g;‘itr']';g 495 448 498 478 496 479 495 496 480 496 481 497 5839
People gains 106 96 107 102 106 103 106 106 103 106 103 108 1250
Operating Costs ($)
End Use Jan Feb Mar Apr May June July Aug Sep Oct Nov Dec Year
Cooling or 0 0 416 1225 3042 4446 5365 063 3700 2350 530 5 26,115
heat pump 1
Cooling or 0 0 0 0 0 0 0 0 0 0 0 0 0
heat pump 2
Heating 5681 5189 4245 378 85 0 0 0 24 125 2859 5476 24,064
system 1
Heating
system 2 0 0 0 0 0 0 0 0 0 0 0 0 0
Fans and
oumps 1339 1254 1489 1323 1985 2484 2615 2613 2225 1777 1426 1394 21,932
Hot water 208 269 300 288 299 288 298 208 290 208 290 299 3512
system 1
Hot water 0 0 0 0 0 0 0 0 0 0 0 0 0

system 2
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Table E-3a. Energy Simulation Ice Storage System—I-P Units (Values Rounded) (continued)

Operating Costs ($)

End Use Jan Feb Mar Apr May June July Aug Sep Oct Nov Dec Year
Electrical 6774 6231 6704 6423 6984 6573 6670 6696 6705 7048 6504 6758 80,047
equipment
Process 0 0 0 0 0 0 0 0 0 0 0 0 0
equipment
Lighting 7031 6506 6999 6999 7299 6858 6962 6986 005 7353 6793 7054 83,558
Total

) 21,093 19,448 20,152 16,336 695 20,649 21,911 21,658 1994 18,950 18,402 20,985 239,227
operating cost

Energy Consumption (units = *kWh; **therm)

End Use Jan Feb Mar Apr May June July Aug Sep Oct Nov Dec Year
hggfgﬂﬁqgrl* 0 0 8833 26,097 61,860 92705 114,076 07B28 75918 47,353 11,218 102 545429
hg;’{}','ﬂr%g“z* 0 0 0 0 0 0 0 0 0 0 0 0 0

Heating 11 10,77 1 7 17 5 11372 49.974
system 1%+ 800 0776 8816 85 8 0 0 0 50 60 5936 3 9,9

S?;Zﬂ:%* 0 0 0 0 0 0 0 0 0 0 0 0 0

Fans and

bumps+ 28,136 25781 31640 28176 884 51,789 55602 55389 4564 35804 30,230 29,347 457,967
S';gfe"xqatl‘i’* 618 560 622 597 621 508 620 620 601 620 602 621 7300

S“y‘;tt;”rﬁtgi 0 0 0 0 0 0 0 0 0 0 0 0 0
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Table E-3a. Energy Simulation Ice Storage System—I-P Units (Values Rounded) (continued)

Energy Consumption (units = *kWh; **therm)

End Use Jan Feb Mar Apr May June July Aug Sep Oct Nov Dec Year
eﬁlti;tr:failt* 141,740 128,146 142,446 136,813 142,015 137,034 131,83141,950 137,557 142,034 1857 142,269 1,671,645
. qmﬁfﬁw 0 0 0 0 0 0 0 0 0 0 0 0 0

Lighting* 147,770 133,802 148,699 142,684 148,415 142,983  146,04318,101 143,712 148,198 3469 148,499 1,744,965

Total
Electric, kwh 317,646 287,729 331,618 333,770 392,641 424,510 459,539 452,767 402,834 373,48R3,275 320,217 4,420,006

Gas, therm 12,418 11,336 9438 1381 997 598 620 620 651 880 6540 11994 57,273
Peak Electric Demand (kW)
End Use Jan Feb Mar Apr May June July Aug Sep Oct Nov Dec
Cooling or 0 0 0 0 253 253 253 253 253 253 0 0
heat pump 1
Cooling or 0 0 0 0 0 0 0 0 0 0 0 0
heat pump 2
Heating 0 0 0 0 0 0 0 0 0 0 0 0
system 2
Fans and 57 57 59 39 138 183 199 194 166 112 50 58
pumps
Hot water 0 0 0 0 0 0 0 0 0 0 0 0
system 2
Electrical 357 357 357 357 357 357 357 357 357 357 357 357
equipment

Lighting 396 396 396 396 396 396 396 396 396 396 396 396
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Table E-3b. Energy Simulation Ice Stor

age System—SI Units (Values Rounded)

HVAC Systems Performance (rilion kJ or million L/s h)

System Jan Feb Mar Apr May June July Aug Sep Oct Nov Dec Year
Values
Cooling 0 0 32 73 223 334 412 386 273 171 40 0 1944
Heating 1245 1137 931 83 19 0 0 0 5 27 627 1200 5274
Heat pump 0 0 0 0 0 0 0 0 0 0 0 0 0
Fans and M 38 51 42 83 122 128 128 106 73 46 41 899
pumps
Hot water 65 59 & 63 65 63 65 65 63 65 63 65 766
Supply fan 52 48 54 50 51 53 59 58 49 46 53 55 628
energy
Supply 19 17 19 17 16 15 16 16 15 15 18 19 202
airflow
Outstanding 15 13 16 15 13 9 8 8 10 14 16 16 153
airflow
Return fan
eneray 8 8 10 10 11 12 14 14 11 10 11 10 129
Sensible
cooling load 0 0 52 196 532 880 1057 1046 688 336 60 0 4847
Sensible 681 614 503 232 72 1 0 0 26 93 355 636 3213
heating load
Latent 0 0 24 90 266 435 508 497 351 186 24 0 2381
cooling load
Humidifica-
fon load 1 2 0 0 0 0 0 0 0 0 0 0 3
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Table E-3b. Energy Simulation Ice Storage System—SI Units (Values Rounded)

(continued)

Building Loads (million kJ)

Iltem Jan Feb Mar Apr May June July Aug Sep Oct Nov Dec Year
Transmission 530 —475 —415 —268 209 -145 —115 —117 —189 ) 317 473 3513
Infiltration 59 53 61 69 -68 43 —27 -35 54 -80 —64 53 666
Solar loads 180 164 198 213 242 249 261 261 244 235 203 188 2638
Eq;‘gi’r?"se”t 331 300 333 320 331 321 331 332 322 332 322 332 3907
L'g;’itr'gg 522 473 525 504 523 505 522 523 506 523 508 524 6158
People gains 112 101 113 108 112 109 112 112 109 112 109 114 1323
Operating Costs ($)
End Use Jan Feb Mar Apr May June July Aug Sep Oct Nov Dec Year
Cooling or 0 0 416 1225 3042 4446 5365 063 3700 2350 530 5 26,115
heat pump 1
Cooling or 0 0 0 0 0 0 0 0 0 0 0 0
heat pump 2
Heating 5681 5189 4245 378 85 0 0 0 24 125 2859 5476 24,064
system 1
Heating
system 2 0 0 0 0 0 0 0 0 0 0 0 0 0
Fans and
oumps 1339 1254 1489 1323 1985 2484 2615 2613 2225 1777 1426 1394 21,932
Hot water 298 269 300 288 299 288 298 298 290 298 290 299 3512
system 1
Hot water 0 0 0 0 0 0 0 0 0 0 0 0 0

system 2
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Table E-3b. Energy Simulation Ice Storage System—SI Units (Values Rounded) (continued)

Operating Costs ($)

End Use Jan Feb Mar Apr May June July Aug Sep Oct Nov Dec Year
Electrical 6744 6231 6704 6423 6984 6573 6670 6696 6705 7048 6504 6758 80,047
equipment
Process 0 0 0 0 0 0 0 0 0 0 0 0 0
equipment
Lighting 7031 6506 6999 6999 7299 6858 6962 6986 005 7353 6793 7054 83,558
Total

) 21,093 19,448 20,152 16,336 695 20,649 21,911 21,658 1994 18,950 18,402 20,985 239,227
operating cost

Energy Consumption (units = *kWh; **GJ)

End Use Jan Feb Mar Apr May June July Aug Sep Oct Nov Dec Year
hggfgﬂﬁqgrl* 0 0 8833 26,097 61,860 92705 114,076 07B28 75918 47,353 11,218 102 545429
hg:toplnlﬂrgngrz* 0 0 0 0 0 0 0 0 0 0 0 0 0

S;f:rtr']”f** 1245 1137 930 83 19 0 0 0 5 27 626 1200 5272

S?;Zﬂ:%* 0 0 0 0 0 0 0 0 0 0 0 0 0

Fans and

bumps+ 28,136 25781 31,640 28176 864 51,789 55602 55389  45@4 35804 30,230 20,347 457,967

s“yiie%a&ii 65 59 66 63 66 63 65 65 63 65 64 66 770

S“y‘;tt;”rﬁtgi 0 0 0 0 0 0 0 0 0 0 0 0 0
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Table E-3b. Energy Simulation Ice Storage System—SI Units (Values Rounded) (continued)
Energy Consumption (units = *kWh; **GJ)

End Use Jan Feb Mar Apr May June July Aug Sep Oct Nov Dec Year
eﬁlti;tr:failt* 141,740 128,146 142,446 136,813 142,015 137,034 131,83141,950 137,557 142,034 1857 142,269 1,671,645
. qmﬁfﬁw 0 0 0 0 0 0 0 0 0 0 0 0 0

Lighting* 147,770 133,802 148,699 142,684 148,415 142,983  146,04318,101 143,712 148,198 3469 148,499 1,744,965

Total
Electric, kwh 317,646 287,729 331,618 333,770 392,641 424,510 459,539 452,767 402,834 373,48R3,275 320,217 4,420,006

Gas, GJ 1310 1196 996 146 84 63 65 65 69 93 690 1265 5042
Peak Electric Demand (kW)
End Use Jan Feb Mar Apr May June July Aug Sep Oct Nov Dec
Cooling or 0 0 0 0 253 253 253 253 253 253 0 0
heat pump 1
Cooling or 0 0 0 0 0 0 0 0 0 0 0 0
heat pump 2
Heating 0 0 0 0 0 0 0 0 0 0 0 0
system 2
Fans and 57 57 59 39 138 183 199 194 166 112 50 58
pumps
Hot water
systom 2 0 0 0 0 0 0 0 0 0 0 0 0
Electrical 357 357 357 357 357 357 357 357 357 357 357 357
equipment

Lighting 396 396 396 396 396 396 396 396 396 396 396 396
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Table E-4. Monthly Electric Use for Air Conditioning—
Conventional Cooling

Energy Consumption, Total
onth Peak Demand ) 9y KWh P Energy
Off- Semi- On-
kW Hour Peak Peak Peak kWh
January 67 9 11,472 0 24,855 36,327
February 67 9 10,480 0 22,689 33,169
March 67 9 12,499 0 26,127 38,626
April 57 10 3541 0 33,164 36,705
May 574 14 0 0 79,144 79,144
June 774 14 0 0 123,229 123,229
July 802 14 0 0 143,629 143,629
August 798 14 0 0 142,074 142,074
September 696 14 0 0 101,047 101,047
October 88 14 7707 0 46,148 53,855
November 66 10 11,202 0 23,906 35,108
December 67 9 12,020 0 25,878 37,897
All year 802 - 68,909 0 791,865 860,773
Table E-5. Monthly Electric Use for Air Conditioning—
Ice Storage
Peak Energy Consumption, Total
Demand kWh Energy
Month Off- Semi- On-
kW' Hour Peak Peak Peak kWh
January 57 9 8886 0 19,257 28,143
February 57 9 8141 0 17,643 25,784
March 59 9 13,623 0 26,844 40,467
April 39 10 10,873 0 43,398 54,271
May 391 14 14,873 0 87,353 102,227
June 436 10 46,724 0 97,769 144,493
July 452 10 60,501 0 109,180 169,682
August 447 10 57,746 0 104,974 162,721
September 421 14 31,641 0 89,926 121,567
October 365 14 8883 0 74,270 83,153
November 50 10 14,266 0 27,185 41,451
December 58 9 9296 0 20,155 29,451
All year 452 - 285,435 0 718,012 1,003,446




APPENDIX F
CONTROLS

This appendix describes representative sequences of control
operations for a variety of HVAGystems. The symbols used in the
figures and the underlying contrphilosophies for these systems
are given in Chapter 10.

The purpose of this appendix is to suggest the logic inherent in
control sequences—not to defiseguences for all possible systems
and equipment. Generic controlnsigols are used in the illustrating
figures, and the general descriptis are applicable to all-electric/
electronic controls (including DDC) as well as pneumatic controls.

F.1 VAV SYSTEM, FAN SPEED CONTROL,
RADIATION HEATING, NO RETURN FAN—

SEQUENCE OF OPERATIONS
Refer to Figures F-1 and F-2.
A. Start-up
1. The supply fan may be started and stopped in one of two
ways:

Manually. The HAND, OFF, AUTO (H-O-A) switch on the
fan motor starter can be set in thenD (or ON) position to
start the fan and in th@rFr position to stop the fan.

Automatically. With the fan motor starter switch in the
AUTO position, the VAV systerhas three modes of opera-
tion—OFF, NORMAL, andwARM-UP.

2. Normal operation is initiate(usually at the beginning of
the working day) by a contact closure from local time
clock switch TC1. (In many gfications, a central build-
ing automation system [BAS] may be used.) This contact

369
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closure provides power to the fan motor starter. Power to
the hot-water temperature control panel, VAV temperature
control panel, and static psege control panel is supplied
through relay contacts R2-I, R2-2, and R2-3.

At the end of the occupied period, the time clock switch
TC1 (or a BAS) deenergizes the fan starter relay, conse-
qguently interrupting power to all the control panels.

To guard against freezing in the building, two-position low-
limit electric freeze protection thermostats (T7) are located
as shown in the drawings. If the temperature drops below
the setpoint of any of the freeze protection thermostats, relay
R1 is energized. Through auxiliary contact R1-1, power is
supplied to the hot-water temperature control panel and,
through a control signal (not shown), the zone thermostats
are made operable to control at the warm-up temperature set-
point. Auxiliary contact R1-2 (normally closed) opens, and
the VAV temperature control panel remains deenergized.
Through auxiliary contact R1-3, the fan motor starter is
energized, and power is supplied to the static pressure con-
trol panel (through auxiliary contact R2-3). With no power to
the VAV temperature control panel, the outdoor air dampers
and the cooling coil valve remain closed. Heat is delivered
through a baseboard heating element in the zone controlled
by the zone thermostat. With the fan on, heat is distributed
throughout the building. On a rise in room temperature, the
contacts on the freeze protection thermostats open, returning
the system to theFr state.

To provide a preoccupancy warm-up cycle, auxiliary con-
tacts on time clock switch TC2 (or contacts remotely con-
trolled by a BAS) are energized for a period before
occupancy. Closure of these contacts has the same effect as
the closure of contacts on one of the freeze protection ther-
mostats. At the end of the warm-up period, the system
begins normal operation.

B. Static Pressure Control

1.

2.

The static pressure at a representative point in the ductwork
is held constant by the sitapressure control panel.

A tube connects a static psese tap in the ductwork to
static pressure sensor DP1 located in the static pressure
control panel. The output of the pressure sensor is com-
pared to the static pressure setpoint in PI controller C3.
The output of controller C3 is connected to fan motor
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speed controller MSC on the supply fan. Duct static pres-
sure sensor DP2, via its PI controller C3, and PI controller
C4 operate through a comparator controller so as to modu-
late motor speed controller MSC to a safe high static pres-
sure limit in the ductwork.

The panel is equipped with a soft start circuit. When
power is supplied to the sika pressure control panel
through relay contact R2-3, a delay of about 15 seconds
occurs while the output of controller C3 is ramped to zero.
During this delay, the output of controller C3 is discon-
nected from controller MSC. After the delay, the output
from controller C3 is reconnected to controller MSC,
allowing the supply fan toun. The setpoint is gradually
ramped from zero up to thesileed setpoint (as determined
by the setpoint adjustment Kol after which the soft start
circuit no longer affects the control system.

The panel is equipped with manual control features,
which, by turning the timer and pressing t&r button,
allow the output of the panel to be adjusted by turning the
manual adjust knob. When the panel is switched to the
manual mode, the soft startraiit first disconnects the
input to controller MSC. Akr a delay of about 15 sec-
onds, the input to controlléSC is reconnected, and the
voltage output to controlleMSC is ramped from zero to
the desired voltage as determined by the position of the
manual adjust knob. Once the manual adjustment voltage
is reached, any manual output changes (i.e., manually
changing the output from 0% to 100%) will pass through a
voltage buffer to prevent sudden changes from causing
excessive duct pressures and keep the fan motor drive from
tripping its circuit breakers. The system is returned to
automatic control when the timer runs down or when the
reset button is pushed. When this occurs, the soft start cir-
cuit functions as if the fan were just being started. The
timer or reset button shall ongnable the soft start circuit
when the system is being s#hed from manual to auto-
matic control. This shall prevent the timer from cycling the
system after it has been placed in the automatic mode via
the reset button.

C. Supply and Mixed-Air Temperature Control

1.

The supply air temperature is controlled by PI controller
C1, located in the VAV taperature control panel.
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The cooling coil chilled-water valve V1 is modulated by
controller C1 using the sensedpply air temperature from
temperature sensor T1. Thleilled-water control valve V1

is interlocked to the supply fan through relay R to return to
its normally closed (NC) position with the fan off.

The mixed-air temperature is controlled by PI controller
C2, located in the VAV temperature control panel.

The outdoor, relief, and return air dampers are modulated
by controller C2 using the ssed mixed-air temperature
from temperature sensor T2. The output from controller C2
is connected to the comparator controller, which will pass
the controller signal only if the outdoor air enthalpy (or
temperature) is less than the return air enthalpy (or temper-
ature) as sensed through enthalpy sensors ESOA and
ESRA (or similar temperature sensors). The comparator
controller compares this signalith the signal from the
minimum positioning adjustment knob SW1. If the output
for this comparison is lessah the output from SW1, the
minimum positioning signal will operate the return, out-
door, and relief air dampers at their minimum position
unless in the economizer mode. When the use of greater
than minimum outdoor air is economical (in economizer
mode), the signal from controller C2 will be higher than
the signal from SW1 and wibperate the outdoor, relief,
and return air dampers accordingly.

Hysteresis is required in the comparator relay controller. A
differential is required between the outdoor air enthalpy (or
temperature) and the return air enthalpy (or temperature) to
prevent cycling.

When the system is off (no power to the control panels) or
if the supply fan is off (through relay R), the return, out-
door, and relief air dampers return to their normally closed
position.

D. Zone Air Temperature Control

1.

Zone air temperature control is achieved by zone tempera-
ture sensors sending a sigrtal an application-specific
controller (ASC) to modulate individual VAV boxes.
When heating is required, the room temperature sensor
also modulates the baseboard heater valve.

Thermostat calibration and selection of actuator ranges
shall be coordinated to provide the control action shown in
Figures 10-7 and 10-8 (Chapter 10).
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E. Hot Water Temperature Control

The temperature of hot water supplied to the baseboard heaters
is controlled by the hot watéemperature control panel.

Interlocks

Smoke detectors (SD1 and SD2), the low-temperature safety
switch (FZ), and the high-statpressure limit switch (HPLS)

are wired in series with the fan motor starter and relay R2 to
stop the fan in the event of smoke, extremely low temperatures,
or damagingly high pressures. The ladder schematic on the
drawings shows how equipment is to be interlocked.

F.2 VAV SYSTEM, FAN SPEED CONTROL, REHEAT,
NO RETURN FAN—SEQUENCE OF OPERATIONS

Refer to Figures F-1 and F-2.
The sequence of operations is identical to that described in Sec-

tion F.1, with the following exceptions:

1.

The last three sentences ungart A.4 are replaced with the
following: “Heat is provided through a reheat coil in the zone
duct controlled by the room thermostat. On a rise in room tem-
perature, the contacts on the freeze protection thermostats open,
returning the system to the off state.”

In part D, line 3, the wordsaseboard heateaire replaced with

the wordsreheat coil

In part E, line 1, the wordsaseboard heatesare replaced with

the wordgeheat coils

F.3 VAV SYSTEM, FAN SPEED CONTROL, RADIATION
HEATING, RETURN FAN—SEQUENCE OF OPERATIONS

Refer to Figures F-3 and F-4.

A. Start-up

1. The supply fan and returnnfanay be started and stopped
in one of two ways:

Manually. The HAND, OFF, AUTO (H-O-A) switch on the
fan motor starter can be set in tHD (or ON) position to
start the fan and in theFrF position to stop the fan.

Automatically. With the fan motor starter switch in the
AUTO position, the VAV systerhas three modes of opera-
tion—OFF, NORMAL, andwARM-UP.

2. Normal operation is initiated (usually at the beginning of
the working day) by a contact closure from local time
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clock switch TC1 (or, commonly, a central building auto-
mation system [BAS]). This contact closure provides
power to the fan motor starte M1 and M2, and relay R2.
Power to the hot-water temperature control panel, the VAV
temperature control panel, atite static pressure control
panel is supplied through relay contacts R2-1, R2-2, and
R2-3.

3. At the end of the occupied period, time clock switch TC1
(or a BAS) deenergizes the fan starter relays, consequently
interrupting power to all the control panels.

4. To guard against freezing in the building, two-position
low-limit electric freeze protection thermostats (T7) are
located as shown in Figurés3 and F-4. If the tempera-
ture drops below the setpoint of any of the freeze protec-
tion thermostats, relay R1 is energized. Through auxiliary
contact RI-I, power is supplied to the hot water tempera-
ture control panel and, thrgh a control signal, the zone
thermostats are made operatdecontrol at the warm-up
temperature setpoint. Auxiliary contact R1-2 (normally
closed) opens, and the VAV temperature control panel
remains deenergized. Througbxiliary contacts R1-3 and
R1-4, the fan motor starters are energized, and power is
supplied to the static pressure control panel (through auxil-
iary contact R2-3). With no power to the VAV temperature
control panel, the outdoor air dampers and the cooling coil
valve remain closed. Heat is delivered through a baseboard
heating element in the zone controlled by the zone thermo-
stat. With the fan on, heds$ distributed throughout the
building. On a rise in roontemperature, the contacts on
the freeze protection thermatd open, returning the sys-
tem to the off state.

5. To provide a preoccupancy warm-up cycle, auxiliary con-
tacts on time clock switch TZ(or contacts remotely con-
trolled by a BAS) are energized for a period before
occupancy. Closure of these contacts has exactly the same
effect as the closure of contacts on one of the freeze protec-
tion thermostats. At the end of the warm-up period, the
system begins normal operation.

B. Static Pressure Control

1. The static pressure at a representative point in the ductwork
is held constant by the siapressure control panel.
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2. A tube connects a staticggsure tap in the ductwork to
static pressure sensor DP1 located in the static pressure
control panel. The output of the pressure sensor is com-
pared to the static pressurégsent in Pl controller C3. The
output of controller C3 is connected to fan motor speed
controller MSC on the supply fan and the motor speed con-
troller MSC on the return fan. Duct static pressure sensor
DP2, via its PI controller C4, and PI controller C3 operate
through a comparator controller so as to modulate motor
speed controller MSC to a sdf@gh static pressure limit in
the ductwork. The return fan operates in a similar fashion
from duct static pressure sensor DP3 through PI controllers
C5 and C3 and a comparative controller.

3. The panel is equipped with a soft start circuit. When
power is supplied to the sika pressure control panel
through relay contact R2-3, a delay of about 15 seconds
occurs while the output of controller C3 is ramped to zero.
During this delay, the output of controller C3 is discon-
nected from each controller MSC. After the delay, the out-
put from controller C3 is reconnected to each controller
MSC, allowing the supply faand return fan to run. The
setpoint is gradually ramped from zero up to the desired
setpoint (as determined by the setpoint adjustment knob),
after which the soft start cu¢t no longer affects the con-
trol system.

4. The panel is equipped with manual control features,
which, by turning the timer and pressing s&r button,
allow the output of the panel to be adjusted by turning the
manual adjust knob. When the panel is switched to the
manual mode, the soft start circuit first disconnects the
input to each controller MSQAfter a delay of about 15
seconds, the input to each controller MSC is reconnected,
and the voltage output to each controller MSC is ramped
from zero to the desired voltage as determined by the posi-
tion of the manual adjustnob. Once the manual adjust-
ment voltage is reached, amanual output changes (i.e.,
manually changing the output from 0% to 100%) will pass
through a voltage buffer tprevent sudden changes from
causing excessive duct presssiand keep the fan motor
drives from tripping the circuit breakers. The system is
returned to automatic control when the timer runs down or
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when the reset button is pushed. When this occurs, the soft
start circuit functions exactly akthe fans were just being
started. The timer or reset button shall only enable the soft
start circuit when the system is being switched from man-
ual to automatic control. This shall prevent the timer from
cycling the system after it has been placed in the automatic
mode via the reset button.

C. Supply and Mixed-Air Temperature Control

1.

The supply air temperature is controlled by PI controller
C1, located in the VAV waperature control panel.

The cooling coil chilled-water valve V1 is modulated by
controller C1 using the sesd supply air temperature from
temperature sensor T1.

The mixed-air temperature is controlled by PI controller
C2 located in the VAV temperature control panel.

The outdoor, relief, and retuair dampers are modulated
by controller C2 using the ssed mixed-air temperature
from temperature sensor T2. The output from controller C2
is connected to the compawatontroller, which will pass

the controller signal only ithe outdoor air enthalpy (or
temperature) is less than the return air enthalpy (or temper-
ature) as sensed through enthalpy sensors ESOA and
ESRA (or similar temperature sensors). The comparator
controller compares this signal with the signal from the
minimum positioning adjustment knob SW1. If the output
for this comparison is less than the output from SW1, the
minimum positioning signal will operate the return, out-
door, and relief air dampeist their minimum position
unless in the economizer mode. When using greater than
minimum outdoor air is economical (in economizer mode),
the signal from controller C2 will be higher than the signal
from SW1 and will operate ¢houtdoor, relief, and return
air dampers accordingly.

Hysteresis is required in the comparator relay controller. A
differential is required between the outdoor air enthalpy (or
temperature) and the return air enthalpy (or temperature) to
prevent cycling.

When the system is off (no power to the control panels) or
if the supply fan is off (through relay R), the return, out-
door, and relief air dampers ratuo their normally closed
position.
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D. Room Air Temperature Control

1. Room air temperature control is achieved by room thermo-
stats modulating individual VAV boxes. When heating is
required, the zone thermostat also modulates the base-
board heater valve.

2. Thermostat calibration and selection of actuator ranges
shall be coordinated to provide the control action shown in
Figures 10-7 and 10-8 (Chapter 10).

E. Hot Water Temperature Control
The temperature of hot water supplied to the baseboard heaters
is controlled by the hot-wat temperature control panel.

F. Interlocks

Smoke detectors (SD1 and SD2), the low-temperature safety

switch (FZ), and the high-pressure limit switches (HPLS1 and

HPLS?2) are wired in series with the fan motor starters and relay

R2 to stop the fans in the event of smoke, extremely low temper-

atures, or damagingly high pressures. The ladder schematic in

Figures F-3 and F-4 shows how equipment is to be interlocked.

F.4 VAV SYSTEM, FAN SPEED CONTROL, REHEAT,
RETURN FAN—SEQUENCE OF OPERATIONS

Refer to Figures F-3 and F-4.
The sequence of operations is itleal to that described in Sec-
tion F.I, with the following exceptions:
1. The last three sentences under part A.4 are replaced with the
following:
“Heat is provided through a reheat coil in the zone duct con-
trolled by the zone thermostat. On a rise in room temperature,
the contacts on the freeze protection thermostats open, return-
ing the system to therr state.”
2. In part D, line 3, the wordsaseboard heatesire replaced with
the wordseheat coil
3. InpartE, line |, the wordsaseboard heaterare replaced with
the wordseheat coils

F.5 VAV SYSTEM, FAN INLET GUIDE VANE CONTROL—
SEQUENCE OF OPERATIONS

Refer to Figures F-5 and F-6.

The sequence of operationsidentical to that described in
Sections F.I through F.4, excepéttian speed control is replaced by
control of the inlet guide vanes (see Figures F-5 and F-6). Replace
the wordscontroller FSCwith the wordsnlet valve controller ILVC
in Sections F.I through F.4.
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Figure F-5. VAV inlet guide vane (IGV) control system.

Figure F-6. Control circuit for system shown in Figure F-5.
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F.6 SMALL SINGLE-ZONE SYSTEM,
ONE CONTROLLER—SEQUENCE OF OPERATIONS

Refer to Figures F-7 and F-11.
A. Start-up

1.

The supply fan and return fan may be started and stopped
in one of two ways:

Manually. The HAND, OFF, AUTO (H-O-A) switch on the
fan motor starter can be set in D (or ON) position to
start the fan and in th@FF position to stop the fan.

Automatically. With the fan motor starter switch in the
AUTO position, the single-zone HVAC system has three
modes of operation-6FF, NORMAL, andwARM-UP.

Normal operation is initiate(usually at the beginning of
the working day) by a contact closure from local time
clock switch TC1 (or, often, a central building automation
system [BAS]). This contact closure provides power to the
fan motor starter. Power to the single-zone temperature
control panel and the hot water temperature control panel
is supplied through auxiliargontacts M1-1 and M1-2 on
the supply fan motor starter.

Figure F-7. Single-zone system with simple control.
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3.

At the end of the occupied period, time clock switch TC1
(or a BAS) deenergizes thenfstarter relay, consequently
interrupting power to all the control panels.

To guard against freezing in the building, two-position
low-limit electric freeze protection thermostats (T6) are
located as shown in the drawings. If the temperature drops
below the setpoint of any of the freeze protection thermo-
stats, relay R1 is energizethrough auxiliary contact RI-l,
power is supplied to the fan motor starter, and the single-
zone temperature control panel and the hot water tempera-
ture control panel are energized (through auxiliary contacts
M1-1 and M1-2). Auxiliary contact R1-2 (normally closed)
opens and through a relay (RLT) returns the damper actua-
tors to their normal states, preventing outdoor air from
entering the system. Heat is provided through heating coll
valve V1, which is regulated by controller T1. On a rise in
room temperature, the contacon the freeze protection
thermostats open, returning the system to the off state.

To provide a preoccupancy warm-up cycle, auxiliary con-
tacts on time clock switch TXZ(or contacts remotely con-
trolled by a BAS) are energized for a period before
occupancy. Closure of these contacts has exactly the same
effect as the closure of contacts on two position low-limit
freeze protection thermostat T3. At the end of the warm-up
period, the system begins normal operation.

B. Supply and Mixed-Air Temperature Control

1.

The heating coil hot water valve V1 and the cooling coil
chilled-water valve V2 are modulated by Pl controller C2
using the sensed air temperature from temperature sensor
T1.

The mixed-air temperature, through temperature sensor T2,
is controlled by PI controller C1, located in the single-zone
temperature control panel.

The outdoor, relief, and retuair dampers are modulated

by controller C2 using the ssed mixed-air temperature
from temperature sensor T2. The output from controller C2
is connected to the compawatontroller, which will pass

the controller signal only ithe outdoor air enthalpy (or
temperature) is less than the return air enthalpy (or temper-
ature) as sensed through enthalpy sensors ESOA and
ESRA (or similar temperature sensors). The comparator
controller compares this signal with the signal from the
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minimum positioning adjustment knob SW1. If the output
for this comparison is lessah the output from SW1, the
minimum positioning signal will operate the return, out-
door, and relief air dampers at their minimum position
unless in the economizer mode. When the use of greater
than minimum outdoor air is economical (in economizer
mode), the signal from controller C2 will be higher than
the signal from SW1 and wibperate the outdoor, relief,
and return air dampers accordingly.

Hysteresis is required in the comparator relay controller. A
differential is required between the outdoor air enthalpy (or
temperature) and the return air enthalpy (or temperature) to
prevent cycling.

When the system is off (no power to the control panels), or
if the fan is off (through relay R), the return, outdoor, and
relief air dampers return tbeir normally closed position.

C. Hot Water Temperature Control
The temperature of hot water supplied to the heating coil is con-
trolled by the hot water temperature control panel.

D. Interlocks
Smoke detectors (SD1 and SD2) and the low-temperature
safety switch (FZ) are wired in series with fan motor starter
relay M1 to stop the fan in the event of smoke or extremely low
temperatures. The ladder schematic on the drawings shows
how equipment is to be interlocked.

F.7 SINGLE-ZONE SYSTEM, SEPARATE HEATING AND
COOLING CONTROLLERS—
SEQUENCE OF OPERATIONS

Refer to Figure F-8 and F-11.

A. Start-up
The start-up procedure is identical to the one described in Sec-
tion F-6.

B. Mixed-Air Temperature Control

1.

2.

The mixed-air temperature is controlled by PI controller
C3, located in the single-zertemperature control panel.

The outdoor, relief, and return air dampers are modulated
by controller C3 using the ssed mixed-air temperature
from temperature sensor T3. The output from controller C3
is connected to the comparator controller, which will pass
the controller signal only if the outdoor air enthalpy (or
temperature) is less than the return air enthalpy (or temper-
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Figure F-8. Single-zone system with separate controllers for heating
and cooling (cascade control).

ature) as sensed through enthalpy sensors ESOA and
ESRA (or similar temperature sensors). The comparator
controller compares this sighwith the signal from the
minimum positioning adjustment knob SW1. If the output
for this comparison is less than the output from SW1, the
minimum positioning signal will operate the return, out-
door, and relief air damperat their minimum position
unless in the economizer mod&'hen the use of greater
than minimum outdoor air is economical (in economizer
mode), the signal from controller C3 will be higher than
the signal from SW1 andillvoperate the outdoor, relief,
and return air dampers accordingly. The setpoint of con-
troller C3 is determined bhe output of proportional con-
troller C4 using the sense@turn air temperature from
temperature sensor T4—the mixed-air temperature control-
ler is reset on the basis of return air temperature through
the comparator controller.

3. Hysteresis is required in the comparator relay controller. A
differential is required between the outdoor air enthalpy (or
temperature) and the return air enthalpy (or temperature) to
prevent cycling.
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When the system is off (no power to the control panels) or
if the supply fan is off (through relay R), the return, out-
door, and relief air dampers return to their normally closed
position.

C. Supply Air Temperature Control

1.

2.

4.

The supply air temperature is controlled by the single-zone
temperature control panel.

The heating coil hot-water valve V2 is modulated by PI
controller C2 using the sensed air temperature from tem-
perature sensor T2. The setpodf controller C2 is deter-
mined by the output of proportional controller C4 using
the sensed return air tempairre from temperature sensor
T4—the heating coil controller is reset on the basis of
return air temperature.

The cooling coil chilled-water valve V1 is modulated by
PI controller C1 using the ssed supply air temperature
from temperature sensor T1. The setpoint of controller C1
is determined by the output of proportional controller C4
using the sensed return éémperature from temperature
sensor T4—the cooling coil controller is reset on the basis
of return air temperature.

Both valve V1 and V2 return to their normal positions
with the fan off through the fan interlock relay.

D. Hot Water Temperature Control
The temperature of hot water supplied to the heating coil is con-
trolled by the hot water temperature control panel.

E. Interlocks
Smoke detectors (SD1 and SD2) and the low-temperature
safety switch (FZ) are wired in series with fan motor starter
relay M1 to stop the fan in the event of smoke or extremely low
temperatures. The ladder schematic in Figure F-11 shows how
equipment is to be interlocked.

F.8 SINGLE-ZONE SYSTEM WITH HUMIDITY CONTROL—
SEQUENCE OF OPERATIONS

Refer to Figures F-9 and F-11.

The sequence of control operations is the same as in Section
F.7, with the following exceptions:
1. Paragraph B-2 is replaced with the following paragraph:

The outdoor, relief, and returair dampers are modulated by
controller C1 using the sensedxed-air temperature from tem-
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Figure F-9. Single-zone system with humidity control.

perature sensor T1. The outputrfr@ontroller C1 is connected

to the comparator controller, wdh will pass the controller sig-

nal only if the outdoor air enthalggr temperature) is less than
the return air enthalpy (or temperature) as sensed through
enthalpy sensors ESOA and ESRA (or similar temperature sen-
sors). The comparator controlleompares this signal with the
signal from the minimum positiong adjustment knob SW1. If
the output for this comparison is less than the output from
SW1, the minimum positioninggmal will operate the return,
outdoor, and relief air damperat their minimum position
unless in the economizer mod&hen the use of greater than
minimum outdoor air is economical (in economizer mode), the
signal from controller C1 will be higher than the signal from
SW1 and will operate the outdoaglief, and return air dampers
accordingly.

2. Paragraph C is replaced by the following paragraphs:

C. Supply Air Temperature and Humidity Control

1. The supply air temperature and humidity are controlled by
the single-zone temperature control panel.

2. The heating coil hot water valve V2 is modulated by PI
controller C2 using the sensed return air temperature from
temperature sensor T2.
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Figure F-10. Multizone system control.

The cooling coil face and bypass dampers are modulated
by PI controller C3 using the sensed air temperature from
temperature sensor T3.

The humidifier valve V1 is modulated by proportional

controller C4 using the signal from supply air humidity

sensor H2. The setpoint of controller C4 is reset from Pl
controller C5, which uses thegsial from return air humid-

ity sensor H1.

F.9 MULTIZONE SYSTEM—
SEQUENCE OF OPERATIONS

Refer to Figures F-10 and F-11.
A. Start-up

1.

The supply fan and return fan may be started and stopped
in one of two ways:

Manually. The HAND, OFF, AUTO (H-O-A) switch on the
fan motor starter can be set in thenD (or ON) position to
start the fan and in therFr position to stop the fan.

Automatically. With the fan motor starter switch in the
AUTO position, the multizone HVAC system has three
modes of operation-6FF, NORMAL, andwARM-UP.
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Figure F-11. Control circuit for system shown in Figure F-10.

2.

Normal operation is initiated (usually at the beginning of
the working day) by a contact closure from local time
clock switch TC1 (or, commonly, a central building auto-
mation system [BAS]). This contact closure provides
power to the fan motor start&ower to the multizone tem-
perature control panel and the hot water temperature con-
trol panel is supplied through auxiliary contacts M1-1 and
M1-2 on the supply fan motor starter.

At the end of the occupied period, time clock switch TC1
(or a BAS) deenergizes thenfatarter relay, consequently
interrupting power to all the control panels.

To guard against freezing in the building, two-position low-
limit electric freeze protection thermostats (T6) are located
as shown in the drawings. If the temperature drops below
the setpoint of any of the freeze protection thermostats,
relay R1 is energized. Through auxiliary contact R1-1,
power is supplied to the fan motor starter. Auxiliary contact
R1-2 (normally closed) opens, and the multizone tempera-
ture control panel remains deenergized. Through auxiliary
contact M1-2, the hot-water temperature control panel is
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energized and, through a caitsignal (not shown), the
zone thermostats are made operable to control at the warm-
up temperature setpoint. With no power to the multizone
temperature control panel, the outdoor and relief air damp-
ers and the cooling coil valvemain closed. The heating
coil valve remains in its normally open state, and the fan
delivers warm air to the zones. On a rise in room tempera-
ture, the contacts on the freeze protection thermostats open,
returning the system to the off state.

To provide a preoccupancy warm-up cycle, auxiliary con-
tacts on time clock switch TC2 (or contacts remotely ener-
gized by a BAS) are energized for a period before
occupancy. Closure of these contacts has exactly the same
effect as the closure of contacts on one of the freeze pro-
tection thermostats. At thend of the warm-up period, the
system begins normal operation.

B. Mixed-Air Temperature Control

1.

The mixed-air temperature is controlled by PI controller
C3, located in the multi-zortemperature control panel.

The outdoor, relief, and return air dampers are modulated
by controller C3 using the ssed mixed-air temperature
from temperature sensor T3. The output from controller C3
is connected to the comparator controller, which will pass
the controller signal only if the outdoor air enthalpy (or
temperature) is less than the return air enthalpy (or temper-
ature) as sensed through enthalpy sensors ESOA and
ESRA (or similar temperature sensors). The comparator
controller compares this signalith the signal from the
minimum positioning adjustment knob SW1. If the output
for this comparison is lessah the output from SW1, the
minimum positioning signal will operate the return, out-
door, and relief air dampers at their minimum position
unless in the economizer mode. When the use of greater
than minimum outdoor air is economical (in economizer
mode), the signal from controller C3 will be higher than
the signal from SW1 and withperate the outdoor, relief,
and return air dampers accordingly.

Hysteresis is required in the comparator relay controller. A

differential is required between the outdoor air enthalpy (or

temperature) and the return air enthalpy (or temperature) to
prevent cycling.
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4. When the system is off (no power to the control panels) or

if the supply fan is off (through relay R), the return, out-
door, and relief air dampers retuto their normally closed
position.

C. Supply Air Temperature Control

1.

2.

The supply air temperature is controlled by the multizone
temperature control panel.

The heating coil hot water valve V2 is modulated by PI
controller C2 using the sensed hot deck air temperature
from temperature sensor T2. The output from controller
C2 operates through fan interlock relay R to modulate
valve V2, maintaining a constant hot deck air temperature.
The setpoint of controller C2 is determined by the output
of proportional controller Cdising the sensed outdoor air
temperature from temperatusensor T4—the heating coil
controller is reset on the basis of outdoor air temperature.
The cooling coil chilled-water valve V1 is modulated by
PI controller C1 using the sensed cold deck air temperature
from temperature sensor T1. The output from controller C1
operates through fan interlock relay R to modulate valve
V1, maintaining a constant cold deck air temperature.

D. Room Air Temperature Control
Room air temperature control is achieved by zone thermostat
T8 modulating individual mixing dampers.

Hot-Water Temperature Control

The temperature of hot water supplto the heating coil is con-
trolled by the hot-water meperature control panel.

Interlocks

Smoke detectors (SD1 and SD2) and the low-temperature
safety switch (FZ) are wired in series with fan motor starter

relay M1 to stop the fan in the event of smoke or extremely low

temperatures. The ladder schematic on the drawings shows
how equipment is to be interlocked.
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239-40, 249-50, 261-62, 264

energy efficient 38, 65, 12129-30, 132, 220, 235, 245, 253, 261

enthalpy 122-23, 130, 179, 242247, 261, 265, 267, 303, 373,
378, 382-84, 386, 389

enthalpy control 243-44, 265

envelope isolation system 135

equipment load 14, 64—-65, 68

equipment location 26, 30

equipment space requiremeri9, 26—-28, 97, 282, 284
error (control) 255

estimates 10, 15, 17, 19-20, 36, 65, 68, 225, 279
evaporative condenser 98-100

evaporative cooling 83-85

exhaust 23, 26-28, 31, 54, 68, 82, 84-85, B 90-91, 112-13,
121, 130, 137-39, 146, 157-58,116484, 204, 217-18, 220, 242,
250, 272, 276, 278, 323, 328, 332, 334

expansion tank 107, 109
external load 66-67

F

fan 17-18, 22-23, 25, 27-34, 59, 64, 68-70, 73, 79, 82, 87-89, 93,
96-97, 111-13, 115, 117-19, 123-30, 132-34, 136-41, 14549,
152-56, 158, 163, 184, 188-91, 193, 198, 202-206, 214, 220-21,
235, 238-42, 245-47, 257, 261-63, 272, 27576, 278, 282-87,
289-90, 293, 297, 299, 302-303, 306, 318-19, 321, 323, 325-28,
334-35, 337, 339, 341, 348, 350-66, 36979, 381-83, 385, 387-90
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fan capacity control 87
fan curve 133

fan efficiency 69, 318-19
fan law 123, 125-26, 198

fan speed 124-26, 133, 188, 1281-62, 335, 337, 339, 341,
369-70, 374-75, 379

fan-powered terminal 130
feedback 255

filtration 53-54, 57, 278

fire and smoke control 25, 27, 37

first cost 18, 20, 36, 39-40, 65,88, 93, 130, 145, 155, 157, 171,
184, 205-206, 24446, 250, 281-82, 286

flexible connector 110

flow-measuring station 263

four-pipe system 164—-68, 172, 178
friction loss (head loss) 27, 107, 120, 169
full storage (thermal storage) 228, 233-34
furnace 26, 91

G

gauges 29, 98, 110

global warming 82, 251

green buildings 14-15, 338, 91, 250-51, 253, 258
green design 15, 83, 250

ground-source heat pump 14, 24, 35, 91, 250

H
heat exchanger 80, 85, 91-92,-95, 107, 125, 156, 158, 163, 178,
198, 202, 210, 215, 244, 249-50, 272, 283

plate type 95
heat gain 19, 25, 63-64, 66-70,9, 129-30, 172, 180, 187, 190,
208-209, 226, 247-48, 269, 285, 2292-94, 297, 299-300, 322,
324-25, 331-32, 334, 336, 338

heat pipes 215

heat pump 14, 24, 27, 34-380-92, 94-95, 98, 180-81, 185,
206-07, 221, 247249-50, 331, 351-66
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heat reclaim 91, 96, 247, 249-50

heat recovery 23, 27, 34, 86, @, 116, 142, 150, 181, 184, 207,
250, 284, 332

heating load 63-64, 67, 73, 119, 135, 145, 168, 179, 207, 210, 238,
248-49, 280, 336, 338, 34041, 351, 355, 359, 363

heat-pump chiller 247
high velocity distribution 32, 144
hot duct 147, 272
hot-wire anemometer 264
humidifier 128, 164, 269, 272, 387
HVAC systems
air-and-water 161
all-air 115, 117
all-water 183, 185, 187, 331
central 115
dual-duct 146, 148-50, 152, 156
local 34-35, 79, 127
multizone 239, 387
packaged 23, 33-34, 76, 81, 92, 128, 155-56, 158
single-duct, single-zone 118, 298
hydronic heating 104, 107, 183
hysteresis 265, 274, 373, 378, 383-84, 389

I
independent perimeter system 129

indoor air quality (IAQ) 2, 9, 14-15, 21, 38-39, 47, 53-54, 56, 85,
115-16, 130, 136, 141, 185, 203-204, 213, 23839, 243, 278, 305, 326

induction system 166-67, 205—206
induction-type reheat 144

infiltration 22, 54-55, 64, 6773-74, 112, 127, 135, 305, 324,
331-32, 334-35, 33842, 352, 356, 360, 364

instantaneous load 65, 226

internal load 15-16, 67, 72—75%30, 147, 214, 247, 295-97, 301,
307-308, 310-12, 314, 327

internal rate of return 40
I-P (inch-pound) units 3
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L
ladder diagram 258

latent load 65, 72, 86, 11931, 133-35, 142-3} 152, 166, 214,
295-96, 307-308, 311-1220, 334-35, 337, 339-40

leakage factor 156

levelized cost 41

life-cycle cost 15, 20, 39, 47, 83, 220, 247
lighting fixture 68, 119, 147, 245, 267, 287

lighting load 15, 25, 72, 153, 21277, 297, 300, 310, 314-15, 320,
326, 328

liquid desiccant 216

load estimate 65

load pattern 23, 224

load profile 73, 75, 225-26, 228, 232

local HVAC system 34-35, 79, 127
low-temperature air distribution 233
low-velocity distribution 120

M

maintenance and repair 29, 39

mean radiant temperature (MRT) 47, 50-51, 66, 132
mechanical room 82, 155, 282

minimum air supply 140

minimum efficiency reporting value (MERV) 57
minimum outdoor air damper 153, 272
minimum outdoor air delivery 140

mixed air 117, 149, 28 259, 261, 302-303, 325
modulating control 189, 254

motor efficiency 69

motor heat 69

multizone HVAC system 239, 387

N

natural ventilation 54

net positive suction head (NPSH) 98, 101-102
net present value 40
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night air purging 245
noise 24, 26, 28, 30-35, 61, 80, 97, 101, 108, 116, 121, 133-34, 137,
144, 154-55, 204, 272, 278, 285

criteria 30, 33, 61

@)

occupant control 52
occupant load 293, 320
ON/OFF control 33, 53, 191

outdoor air 23, 26-28, 35, 53-54,®7, 73, 84-85, 91, 96-98, 104,
111-14, 116-17, 119, 127, 129-30, 132, 135, 137-41, 145-47, 149,
153-54, 156-57, 163, 166, 17P2-7175-76, 185, 188, 203205,
208, 213, 215, 217-18, 220-22, 226, 235-36, 238-39, 24144, 247,
250, 259, 261-62, 265, 267, 2224, 276, 278-79, 282-83, 291,
302, 305, 321, 325, 371, 373& 378, 382—-84, 386, 389-90

outdoor air damper 135, 137, 14®3, 267, 272, 278, 371, 376
Owner’s Project Requirements (OPR) 9, 13, 15, 47, 210, 277
ozone layer 82

P
packaged HVAC systems 23, 33-34, 81, 92, 128, 155-56, 158
parallel dehumidification 217-21, 223
parallel pumping 201
parasitic heating 236-37, 239
partial storage (thermal storage) 227-28, 233
peak load 16, 65, 74, 13879, 294, 306, 316-17, 324
perimeter heating 22, 52, 9217, 130, 132, 135, 152, 205, 285
personal computers 35
phase
construction 20
design 9, 14-16, 18, 24
conceptual design 9, 15, 258
design development 9, 15, 20
schematic design 9, 15, 17-19
piggyback system 86

piping 15, 20, 27, 29, 32, 35-38}, 79-80, 92-935, 97-98, 101102,
106-10, 112, 116, 128, 142, 1381, 168-71, 181, 183-84, 18688,
191-99, 201202, 20910, 2232, 244, 246-47, 281, 342
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plate heat exchanger 95

plenum 25, 27, 113, 117, 119-2@9] 134, 145, 149, 151, 156, 163,
240, 251, 287, 289, 291-92,£2%97, 299-300, 303, 306-14, 318,
320-23, 325-26, 328

pneumatic control 256

positive displacement 100

post-occupancy services 21

post-occupancy validation 10

predesign phase 13

preheating 119, 135, 140, 276

preliminary loads 16, 279

pressure differential 110, 19697

pressure loss (head loss) 101, 112-13, 127, 210, 336, 338
pressure-dependent 259

pressure-independent control valve 197
pressure-independent terminal VAV 259

primary air 85, 130, 142, #4161-66, 168, 172-77, 179, 240
profitability index 40

programming (control) 257-58

proportional control 255

proportional plus integral control 255

pump 14, 27, 35, 64, 70, 992, 94-95, 97-98, 100-102, 107-10,
168-71, 180-81, 187, 196-20A)6-207, 210, 230, 247-50, 332,
351-66

pump bhp 70
pump curve 100, 171
pump laws 198

R

radiant panel 60, 162-63, 183
reciprocating compressor 80
regeneration air 217-18, 220

reheat 94, 128-30, 133-34, 141-44, 148-49, 150-52, 156, 163,
166, 173-74, 177, 214-15, 221, 236-40, 259, 269, 274, 316, 321,
326-27, 329, 374, 379

reheat coil 128, 163, 269, 374, 379
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relative humidity (RH) 48-50, 6435, 141, 143, 148, 163, 185, 188,
213, 216, 219, 2223, 238, 244-45, 27792, 300, 302, 307-308,
311-12, 316-18, 321-24, 327, 342

relief fan 242
rentable area 41-42

return air 25, 27-29, 60-61, 68,3-14, 117, 119-20, 127, 129-30,
133, 135-39, 145-47, 149, 154-55, 162-63, 174, 184, 190, 223,
238-39, 242, 261, 265, 267, 269, 272, 28892, 297, 299-300,
302-303, 310, 314, 32373, 378, 382-87, 389

return fan 127, 136, 139, 145,263, 293, 302, 351, 355, 359, 363,
369, 374-75, 377, 379, 381, 387

return plenum 117, 300

reverse return 170, 195-96, 209

rooftop equipment 23

rooftop system 24, 42, 127, 156-59, 222, 332

S
self-contained system 128, 275

sensible heat ratio (SHR) 7639, 152, 158, 188, 213-14, 221, 246,
295-96, 300-301, 316-18, 3AB»2-23, 327, 334, 339-40

sensible load 25, 65, 132, 1352, 168, 214,25-96, 303, 307-309,
311-13, 320, 324-2827, 335, 337, 33940

sensor 91, 103-104, 114, 132, 1B40, 188, 235, 254, 256-59, 261,
264-65, 267, 269, 3713, 377-78, 382-87, 389-90

sequence of operation 258, 3894, 379, 381, 383, 385, 387
series dehumidification 215, 221-23

simple payback period 40

single-duct, single-zone HVAC system 118, 298
single-zone system (control) 264, 266—71
smoke control 25-27, 37, 116

smoke exhaust 26

solar heat gain 64, 6872, 190, 285, 336, 338
solid desiccant 216

source components 79

source control 54

space temperature 47-48, 52;-58-60, 172, 175, 190, 193-94,
196, 203, 235, 238-39, 242
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spatial efficiency 15, 42

split system 23, 80-81, 128, 157

strainers 97-98, 110, 198, 210

structure 9, 14, 16, 124, 30, 34, 43, 71, 186, 215-16
System International (SI) units 3—4

system selection 18, 23, 26, 30, 33, 115, 207, 210, 224, 251
system-powered 259

T
temperature control profile 264—-65, 267

terminal device 30-32, 1347, 130, 133, 155, 196, 201
terminal equipment 29, 33-34

testing 34, 70, 125

thermal comfort 9, 47-8 50, 58, 66, 115, 207, 213
thermal mass 23, 25, 225

thermal storage 15, 43, 91, 988, 224-26, 22RO, 232, 245, 284,
346

thermometer 29, 110

thermostat 52, 63, 116, 132-3310-42, 144-45, 147, 155, 187-88,
190-91, 193-94, 197, 214, 230, 2395;-253, 259, 261, 26465,
267, 272, 287, 318, 37173-74, 376, 379, 382, 388-90

three-pipe system 194

throttling range 255

throttling ratio 134, 318

time-of-use charge 44

two-pipe system 168, 17173, 177, 190

U

underfloor air distribution 27, 250-51

unit ventilator 18586, 203

unitary (system) 33-35, 11657, 181, 186, 203, 206, 235
utility tariff (rate schedule) 18, 43, 91, 234

V
valance unit 203
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valve 30, 35, 80-81, 97-98, 100-10, 135, 144, 170, 181, 185, 188,
190-91, 193-202, 209, 230-31352 237, 255-56, 259, 26465,
267, 272, 274, 334, 371, 373,68 378-79, 382, 385-87, 389-90

balancing 102, 195-96

ball 102

butterfly 102

check 102

control 35, 103-105, 110, 13670, 181, 188, 193-94, 197, 201,
230, 235, 272, 274, 373

equal-percentage 103, 272, 104

gate 102

globe 103

linear 104

pressure-reducing 103

pressure-relief 103

quick-opening 104
valve coefficient C,) 104, 272
vapor-compression refrigeration 79, 83, 91
variable-frequency dri (VFD) 129, 136, 139, 201
variable-speed drive 87, 89, 129, 320
variable-speed pump 199
variable-speed pumping 201
VAV dual duct 129, 150
VAV reheat 129

VAV system 59, 96, 115, 127-3335-37, 139-41, 145, 150-51,
153, 157, 186, 222, 234, 239, 2865305, 315319-20, 324, 326,
328, 346, 369, 374, 379

VAV system (control) 259-62, 267, 269, 272

ventilation 14, 19, 23, 35, 3B3-58, 60, 64, 67, 72-73, 82, 112,
119-21, 130, 132-35, 140, 153-54, 161-63, 165-66, 175, 185,
188-89, 202-208, 213, 215, 234, 243, 262, 272, 276, 278-79, 294,
305, 331-34, 339-40, 342, 347

ventilation load 67, 73, 132-33, 166
ventilation rate 3755-58, 67, 73, 234, 305
vibration 14, 24, 29-32, 34-35, 41, 83, 101, 110, 121, 154, 285
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W

water velocities 98, 108
water-side economizer 244
water-source heat pump 250, 331
water-to-air heat pump 180
weather data 18, 64, 71, 213
wetted-media cooler 85

wire drawing 196

wrap-around coils 215, 221

Z

zone 23, 26, 34-36, 48, 50, 52-53:60, 6466, 68, 70, 73—74, 84-85,
90-91, 115-18, 127-30, 132-389-45, 147-57, 16266, 172, 174,
176, 179, 184, 18688, 208-2@94, 229, 23541, 248-49, 259, 261,
264, 26671, 276, 287-89, 29242998, 305-306, 318, 323-24, 332,
34647, 371, 373-7478, 379, 381-86, 389-90

zone control 35, 52, 70, 91, 1230, 136, 141, 144, 156, 235, 237,
266-67, 371, 376
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